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“Quem nunca errou, nunca experimentou nada novo.”

(Albert Einstein, Físico)



RESUMO

O advento dos motores de combustão interna proveu à humanidade avanços no estilo de vida a

respeito dos aspectos de capacidade de realização de trabalho e mobilidade. Contudo, sua op-

eração desenfreada com combustíveis fósseis é insustentável, com restrições atuais no seu uso

em algumas regiões do planeta. Esta tendência mundial de substituição destes motores enfrenta

questionamentos de origem energética, ambiental, material e financeira acerca do atual pro-

cesso de electrificação veicular. Tópicos como justiça social mundial também estão na balança,

principalmente para países emergentes como Brasil, Índia, África do Sul, etc. Sendo assim,

a literatura especializada tem discutido a aplicação contextualizada de diferentes sistemas de

potência no setor de transporte baseado na disponibilidade de recursos naturais de cada país

ou região, a fim de nos movermos em direção a uma sociedade mais sustentável. Por exem-

plo, alguns sistemas de motores de ignição por centelha com injeção direta tem adotado etanol

super-hidratado como alternativa para a sustentabilidade. Artigos científicos vem reportando

benefícios na operação de motores com injeção direta com esta mistura de combustível, já que

este sistema utiliza melhor as propriedades termodinâmicas tanto do etanol quanto da água. O

uso de etanol super-hidratado também beneficia o ciclo de vida do etanol como um todo, já que

evita a necessidade de um intenso processo de desidratação, portanto reduz a quantidade de en-

ergia requisitada pelo processo de produção de etanol. Portanto, o objetivo desta tese envolve a

otimização termodinâmica de um motor de ignição por centelha com injeção direta alimentado

com etanol super-hidratado. Este conceito de motor adota algumas tecnologias modernas, assim

como propriedades do combustível para melhorar sua eficiência, como por exemplo turbocar-

regamento, redução de dimensão (downsizing), resfriamento evaporativo, fluxo adicional de

massa para o cilindro e maiores razões de compressão. Esta pesquisa cobriu o modelamento e

análise de diferentes escalas de tamanho do fenômeno de injeção direta (uma gotícula, um spray

de gotículas e a operação de um motor com injeção direta) baseados na teoria de evaporação

de gotículas multi-componente, com informações especiais obtidas pela aplicação da segunda

lei da termodinâmica em tal fenômeno. Todos os códigos computacionais estão disponíveis em

MATLAB®, onde eles simulam tanto cada gotícula como os gases em si através de abordagens

Lagrangeana e Euleriana, respectivamente. O modelo de variação do tamanho das gotículas

adota uma função de distribuição de probabilidade de Rosin-Rammler para representar o jato

de spray injetado. O simulador de motores desenvolvido acopla diversos fenômenos relaciona-

dos à operação de um motor com injeção direta, portanto destaca as principais características



do etanol super-hidratado neste tipo de máquina térmica. A validação do simulador é desen-

volvida pela comparação de seus resultados para diferentes modos de injeção de combustível

(homogêneo e estratificado) com resultados disponíveis na literatura. Esta tese sugere alguns

novos parâmetros relacionados à evaporação de gotículas (ou sprays), como por exemplo efi-

ciências de primeira e segunda leis, que enriquecem a discussão a respeito destes fenômenos

em tais motores ou outros sistemas. O cálculo da geração de entropia mostra uma conexão

com parâmetros fundamentais da evaporação de gotículas, indicando assim uma oportunidade

para otimizar este processo nos motores previamente mencionados. Por fim, os resultados do

processo de otimização mostram que eficiências teóricas energéticas e exergéticas de até 45% e

42%, respectivamente, são atingíveis com o uso de E80W20 através de uma combinação apro-

priada dos parâmetros de entrada sem prejudicar o consumo específico de etanol. Além disso, a

otimização também destacou diversas condições nas quais o motor pode operar com misturas de

etanol super-hidratado substituindo tanto etanol anidro quanto comercial (E100W0 e E95W5,

respectivamente) sem prejudicar o desempenho do motor.

Palavras–chave: Motores de combustão interna, injeção direta, etanol super-hidratado, evapo-

ração de gotículas & sprays, otimização termodinâmica, exergia.



ABSTRACT

The advent of internal combustion engines has provided humanity with advances in lifestyle

concerning aspects of work ability and mobility. However, its rampant operation with fossil

fuels is unsustainable, with current restrictions on its usage in some regions of the planet. The

current trend of replacing these engines faces energy, environmental, material, and financial

issues regarding the ongoing vehicle electrification process. Topics such as worldwide social

justice have also been discussed, especially in emerging countries like Brazil, India, South

Africa, etc. Thus, specialized literature has examined the contextualized application of different

power systems in the transport sector based on each country’s availability of natural resources

to move towards a more sustainable society. For example, some direct-injection spark-ignition

engine systems have adopted wet ethanol (i.e., super-hydrated ethanol fuel blends) as an alter-

native to sustainability. Papers have reported benefits in direct-injection engine operation with

this fuel blend, as this system makes better use of both thermodynamic properties of ethanol

and water. Wet ethanol usage also benefits the ethanol lifecycle because it avoids the need for

intense ethanol distillation; therefore, it reduces the total energy required by the ethanol produc-

tion process. So, the main objective of this thesis involves the thermodynamic optimization of a

direct-injection spark-ignition engine fueled with wet ethanol. This engine concept adopts some

modern technologies and fuel properties to improve its efficiency, such as turbocharging, down-

sizing, evaporative cooling effect, additional in-cylinder mass flow, and higher compression

ratios. This research covered the modeling and analysis of different size scales of the direct-

injection phenomenon (a single droplet, a droplet spray, and an engine operation with direct

injection) based on the theory of multi-component droplet evaporation with special information

revealed by the application of the second law of thermodynamics. All computer codes are avail-

able in MATLAB®, where they simulate each droplet and the gases by Lagrangian and Eulerian

approaches, respectively. The droplet size variation model adopts a Rosin-Rammler probability

distribution function to represent the injected spray jet. The developed engine simulator cou-

ples several phenomena related to the operation of a direct-injection engine, thus highlighting

the main characteristics of wet ethanol usage in this thermal engine. The validation of the sim-

ulator is performed by comparing its results for different fuel injection modes (homogeneous

and stratified) with results available in the literature. This thesis suggests some new parameters

related to droplet and spray evaporation, such as first and second law efficiencies, which enrich

the discussion about these phenomena in such engines or other systems. The entropy generation



calculation shows a connection with the fundamental parameters of droplet evaporation, indi-

cating an opportunity to optimize this process in the previously mentioned engines. Finally, the

optimization process results show that theoretical energetic and exergetic efficiencies up to 45%

and 42%, respectively, are achievable for E80W20 by an appropriate combination of input pa-

rameters without worsening the specific consumption of ethanol. In addition, this optimization

highlighted several cases in which the engine can operate with wet ethanol fuel blends replacing

both anhydrous and commercial ethanol (E100W0 and E95W5, respectively) without harming

the engine performance.

Keywords: Internal combustion engines, direct injection, wet ethanol, droplets & sprays evap-

oration, thermodynamic optimization, exergy.
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ṁ Mass flow rate - [kg/s]

n Spread parameter of the distribution or form factor

N Nitrogen atom

Nclasses Number of droplet classes in a PDF

NCV,droplets Number of control volumes representing all droplet classes associated with

the fuel spray

Ndroplet,i Number of droplets in the ith class

Nengine Engine speed - [RPM ]

Nlayers Number of spray layers

Nnozzle Number of fuel injector nozzles

Nspecies Number of chemical species



NEF Net energy factor

Nu Nusselt number

NO Nitric oxide

NO2 Nitric dioxide

NOx Nitric oxides

O Oxygen atom

O2 Oxygen gas

OH Hydroxyl

P Pressure - [Pa]

Pe Peclet number

Pr Prandtl number

QLHV Lower heating value - [J/kg]

Q̇ Heat transfer rate - [W ]

R Universal gas constant - [J/(kg.K)]

r Radius - [m]

Re Reynolds number

s Entropy - [J/(kg.K)]

Sc Schmidt number

Sh Sherwood number

SoI Start of injection - [°]

T Temperature [K]

t Time [s]

u Velocity [m/s]



UHC Unburned Hydrocarbons

v Volumetric fraction

We Weber number

x Molar fraction or particle size

x
′ Location parameter of the distribution

y Mass fraction

Z Compressibility factor

Greek symbols

α Thermal diffusivity - [m2/s]

β Non-dimensional evaporation parameter

D Mass diffusivity - [m2/s]

∆Hfuel Fuel enthalpy of combustion - [J]

∆hv Heat of vaporization - [J/kg]

∆sv Entropy of vaporization - [J/[kg.K]]

∆θb Combustion duration - [°]

δg Gas boundary layer thickness - [m]

δadm,i Kronecker delta for the inlet direction of the admission valve

δadm,o Kronecker delta for the outlet direction of the admission valve

δexh,i Kronecker delta for the inlet direction of the exhaust valve

δexh,o Kronecker delta for the outlet direction of the exhaust valve

η Efficiency

ϵd Droplet diameter tolerance - [m]

ϵi ith fraction vaporization rate



Γ Gamma function

λ Relative Air/fuel ratio - [kgair/kgfuel]

µ Dynamic viscosity - [Pa.s]

ω Engine angular speed - [rad/s]

σ̇ Entropy generation rate - [W/K]

σ Surface tension - [N/m]

ρ Specific mass - [kg/m3]

τ Characteristic time - [s]

θ Crank angle - [rad]

V– Volume - [m3]

χ Recirculation effects coefficient on droplet conductive heat transfer

Superscripts and subscripts

∗ Corrected

0 Minimum condition, correlation, initial condition or dead-state

1st First law of thermodynamics

2nd Second law of thermodynamics

A Species A

adm Admission conditions

air Air

av Average

B Species B

b Burned

BZ Burned zone



classes Particle size classes

comb Combustion

crit Critical

cycle Engine cycle

cyl Cylinder

CV Control volume

d Droplet

eff Effective

engine Engine

eq Equilibrium

ethanol Hydrous ethanol

EOH Hydrous ethanol

evap Evaporation

exh Exhaust conditions

f Fuel

g Gas

gasoline Gasoline

H2O Water

i ith element or inlet

inj Injection

intake Angle referred to the intake/exhaust strokes of an internal combustion en-

gine

j jth element



jet Jet

l Liquid

layers Spray layers

M Mass transfer

m Mixture between the droplet surface and the gas environment

min Minimum

neq Non-equilibrium

nozzle Fuel injector nozzle

o Outlet

part Volume equivalent partial diameter

RG Residual gases

s Surface

sens Sensible energy

system System

species Total number of species

stoichiometric Stoichiometric

T Heat transfer

UBZ Unburned zone

v Vapor

wb Wet bulb

wall Cylinder walls

wet Wet ethanol



CONTENTS

1 Introduction . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 38

1.1 Motivation . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 38

1.1.1 Current world and Brazilian contexts for energy demand . . . . . . . . 38

1.1.2 Current and future perspectives for electric and internal combustion en-

gines . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 40

1.1.3 International and national contextualization of ethanol usage for the

transport sector . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 43

1.1.4 Second law connection with fuel spray and droplet evaporation in DISI

engines . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 46

1.2 Objectives . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 47

1.3 Thesis outline . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 49

2 Literature review . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 51

2.1 Droplet evaporation . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 51

2.1.1 Droplet modeling, fundamentals and hypotheses . . . . . . . . . . . . . 51

2.1.2 Droplet evaporation sub-models . . . . . . . . . . . . . . . . . . . . . 56

2.2 Multi-component droplets . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 59

2.2.1 Fundamentals . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 59

2.2.2 Multi-component sub-models . . . . . . . . . . . . . . . . . . . . . . . 61

2.3 Fuel sprays in thermal devices . . . . . . . . . . . . . . . . . . . . . . . . . . 64

2.3.1 Fuel spray injection phenomenology and atomization . . . . . . . . . . 64

2.3.2 Probability distribution function for droplet sprays . . . . . . . . . . . 67

2.4 Direct-injection spark-ignition engines . . . . . . . . . . . . . . . . . . . . . . 68

2.4.1 Brief overview . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 68

2.4.2 Fuel injection strategies and combustion modes of DISI engine operation 71

2.4.3 Direct fuel injection modeling . . . . . . . . . . . . . . . . . . . . . . 74

2.5 Ethanol and wet ethanol . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 76

2.5.1 Overview of ethanol characteristics as a fuel . . . . . . . . . . . . . . . 76

2.5.2 Hydrous ethanol usage in internal combustion engines . . . . . . . . . 78



2.5.3 Wet ethanol as an alternative fuel for internal combustion engines and

for transport sustainability . . . . . . . . . . . . . . . . . . . . . . . . 80

2.6 Second law of thermodynamics in transport phenomena . . . . . . . . . . . . . 83

2.6.1 Second law related to droplet/spray evaporation/combustion . . . . . . 84

2.6.2 Second law related to fuel sprays in direct injection spark-ignition engines 86

3 Mathematical models and methodology . . . . . . . . . . . . . . . . . . . . . . . 88

3.1 Description of a single-component droplet evaporation in thermodynamic vari-

able environments . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 89

3.1.1 Model description and assumptions . . . . . . . . . . . . . . . . . . . 89

3.1.2 Liquid phase modeling . . . . . . . . . . . . . . . . . . . . . . . . . . 92

3.1.3 Heat and mass transfer correlations for droplet heating & evaporation . 95

3.1.4 Gas phase modeling . . . . . . . . . . . . . . . . . . . . . . . . . . . . 95

3.1.5 Droplet evaporation models . . . . . . . . . . . . . . . . . . . . . . . . 96

3.1.6 Liquid-gas interface equations . . . . . . . . . . . . . . . . . . . . . . 98

3.1.7 Algorithm procedure . . . . . . . . . . . . . . . . . . . . . . . . . . . 99

3.2 Description of a wet ethanol droplet evaporation in thermodinamically variable

environments . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 102

3.2.1 Model description and assumptions . . . . . . . . . . . . . . . . . . . 102

3.2.2 Liquid phase equations . . . . . . . . . . . . . . . . . . . . . . . . . . 102

3.2.3 Gas phase equations . . . . . . . . . . . . . . . . . . . . . . . . . . . 102

3.2.4 Droplet evaporation energetic and exergetic efficiencies . . . . . . . . . 103

3.2.5 Multicomponent liquid-gas interface equations . . . . . . . . . . . . . 104

3.2.6 Algorithm procedure . . . . . . . . . . . . . . . . . . . . . . . . . . . 104

3.3 Wet-ethanol spray direct injection and evaporation during the compression stroke

of a DISI engine . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 106

3.3.1 Model description and assumptions . . . . . . . . . . . . . . . . . . . 106

3.3.2 Control volume description . . . . . . . . . . . . . . . . . . . . . . . . 107

3.3.3 Fuel injection, spray, and droplets relationship . . . . . . . . . . . . . . 109

3.3.4 Droplet & Spray equations . . . . . . . . . . . . . . . . . . . . . . . . 110

3.3.5 Unburned zone equations . . . . . . . . . . . . . . . . . . . . . . . . . 111

3.3.6 First and second law spray evaporation efficiencies . . . . . . . . . . . 113

3.3.7 Algorithm procedure . . . . . . . . . . . . . . . . . . . . . . . . . . . 114



3.4 A multi-zone thermodynamic model for the direct injection of wet ethanol as a

fuel in a DISI engine . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 116

3.4.1 Model description and assumptions . . . . . . . . . . . . . . . . . . . 116

3.4.2 Liquid phase equations . . . . . . . . . . . . . . . . . . . . . . . . . . 117

3.4.3 Closed phase . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 119

3.4.3.1 Unburned zone equations . . . . . . . . . . . . . . . . . . . 120

3.4.3.2 Burned zone equations . . . . . . . . . . . . . . . . . . . . . 121

3.4.3.3 Combustion . . . . . . . . . . . . . . . . . . . . . . . . . . . 122

3.4.4 Open phase . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 122

3.4.4.1 Gas-phase equations . . . . . . . . . . . . . . . . . . . . . . 123

3.4.5 Algorithm procedure . . . . . . . . . . . . . . . . . . . . . . . . . . . 124

3.4.6 Validation of the model . . . . . . . . . . . . . . . . . . . . . . . . . . 124

3.5 Thermodynamic optimization of a DISI engine fueled with wet ethanol . . . . . 125

3.5.1 Exergetic analysis . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 125

4 Wet ethanol droplet evaporation process in a finite variable temperature envi-

ronment . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 127

4.1 Parametric analysis through the second law of thermodynamics of a pure ethanol

droplet injection and evaporation processes in a variable temperature environment127

4.1.1 Simulation cases for a parametric analysis of a droplet model evaporation 127

4.1.2 Base case phenomenological analysis . . . . . . . . . . . . . . . . . . 128

4.1.3 Parametric analysis . . . . . . . . . . . . . . . . . . . . . . . . . . . . 131

4.2 Comparison of four different droplet evaporation models for a pure Ethanol

droplet injection and evaporation . . . . . . . . . . . . . . . . . . . . . . . . . 135

4.2.1 Base-case analysis . . . . . . . . . . . . . . . . . . . . . . . . . . . . 135

4.2.2 Relative air-fuel ratio effects on droplet evaporation . . . . . . . . . . . 138

4.3 Second law analysis of wet ethanol droplet evaporation during a direct-injection

spark-ignition engine compression stroke . . . . . . . . . . . . . . . . . . . . . 141

4.3.1 Simulation cases . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 141

4.3.2 Base-case analysis . . . . . . . . . . . . . . . . . . . . . . . . . . . . 142

4.3.3 Parametric analysis . . . . . . . . . . . . . . . . . . . . . . . . . . . . 144

4.3.3.1 Fuel pre-heating effects . . . . . . . . . . . . . . . . . . . . 145

4.3.3.2 Droplet atomization level . . . . . . . . . . . . . . . . . . . 145



4.3.3.3 Injection timing . . . . . . . . . . . . . . . . . . . . . . . . 147

4.3.3.4 Compression ratio and Engine speed . . . . . . . . . . . . . 148

4.3.3.5 Remaining results and discussion . . . . . . . . . . . . . . . 152

5 Wet ethanol spray injection during the compression stroke of a DISI engine . . . 155

5.1 Simulation cases . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 155

5.2 Analyzing the thermodynamic behavior . . . . . . . . . . . . . . . . . . . . . 156

5.3 Investigation of the output candidates . . . . . . . . . . . . . . . . . . . . . . . 157

6 Validation of the developed DISI engine model . . . . . . . . . . . . . . . . . . . 161

6.1 Model validation versus experimental data from Lanzanova et al. (2016) . . . . 161

6.1.1 Engine specifications . . . . . . . . . . . . . . . . . . . . . . . . . . . 162

6.1.2 Look-up method description . . . . . . . . . . . . . . . . . . . . . . . 162

6.1.3 Combustion phasing . . . . . . . . . . . . . . . . . . . . . . . . . . . 163

6.1.4 Simulated cases . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 164

6.1.5 Engine in-cylinder pressure . . . . . . . . . . . . . . . . . . . . . . . . 165

6.1.6 Comparison of remaining engine outputs . . . . . . . . . . . . . . . . . 165

6.2 Model validation versus experimental data from Brewster et al. (2007) . . . . . 169

6.2.1 Engine specifications . . . . . . . . . . . . . . . . . . . . . . . . . . . 170

6.2.2 Look-up method . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 170

6.2.3 Combustion phasing data . . . . . . . . . . . . . . . . . . . . . . . . . 171

6.2.4 Simulated cases . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 171

6.2.5 Engine in-cylinder pressure . . . . . . . . . . . . . . . . . . . . . . . . 172

6.2.6 Comparison of remaining engine outputs . . . . . . . . . . . . . . . . . 172

6.2.7 Summary . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 173

7 Thermodynamic optimization towards a state-of-the-art DISI engine fueled with

wet ethanol . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 176

7.1 Optimization conditions . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 176

7.2 Machine learning for wet ethanol combustion phasing . . . . . . . . . . . . . . 178

7.3 Super/turbocharging & intercooler effects . . . . . . . . . . . . . . . . . . . . 181

7.4 Optimization results . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 183

7.4.1 Engine load . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 184

7.4.2 Engine power and NIMEP . . . . . . . . . . . . . . . . . . . . . . . . 186

7.4.3 Engine efficiencies . . . . . . . . . . . . . . . . . . . . . . . . . . . . 188



7.4.4 Engine irreversibility . . . . . . . . . . . . . . . . . . . . . . . . . . . 190

7.4.5 Pollutant emissions . . . . . . . . . . . . . . . . . . . . . . . . . . . . 191

7.4.6 Fuel consumption . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 192

7.4.7 Valve command & residual gases effects . . . . . . . . . . . . . . . . . 194

7.4.8 Discussion . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 195

8 Conclusion . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 199

8.1 Suggestions for future work . . . . . . . . . . . . . . . . . . . . . . . . . . . . 201

Bibliography . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 202

APPENDIX A Lagrangian droplet equations . . . . . . . . . . . . . . . . . . . . . 220

A.1 Mass conservation - droplet . . . . . . . . . . . . . . . . . . . . . . . . . . . . 220

A.2 Species conservation - droplet . . . . . . . . . . . . . . . . . . . . . . . . . . 221

A.3 Momentum conservation - droplet . . . . . . . . . . . . . . . . . . . . . . . . 224

A.4 Energy conservation - droplet . . . . . . . . . . . . . . . . . . . . . . . . . . . 227

A.5 Entropy balance - droplet . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 232

APPENDIX B Development of a multi-zone direct injection spark-ignition engine

model . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 234

B.1 Closed phase . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 235

B.1.1 Mass balance - unburned zone . . . . . . . . . . . . . . . . . . . . . . 235

B.1.2 Species balance - unburned zone . . . . . . . . . . . . . . . . . . . . . 236

B.1.3 Energy balance - unburned zone . . . . . . . . . . . . . . . . . . . . . 237

B.1.4 Entropy balance - unburned zone . . . . . . . . . . . . . . . . . . . . . 241

B.1.5 Exergy balance - unburned zone . . . . . . . . . . . . . . . . . . . . . 243

B.1.6 Mass balance - burned zone . . . . . . . . . . . . . . . . . . . . . . . . 244

B.1.7 Energy balance - burned zone . . . . . . . . . . . . . . . . . . . . . . 245

B.1.8 Entropy balance - burned zone . . . . . . . . . . . . . . . . . . . . . . 247

B.1.9 Exergy balance - burned zone . . . . . . . . . . . . . . . . . . . . . . . 247

B.1.10 Unburned and burned zone volume equations . . . . . . . . . . . . . . 249

B.1.11 Volume balance and pressure rate . . . . . . . . . . . . . . . . . . . . 252

B.2 Open phase . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 254

B.2.1 Mass balance - gas . . . . . . . . . . . . . . . . . . . . . . . . . . . . 254

B.2.2 Species balance - gas . . . . . . . . . . . . . . . . . . . . . . . . . . . 255



B.2.3 Energy balance - gas . . . . . . . . . . . . . . . . . . . . . . . . . . . 256

B.2.4 Entropy balance - gas . . . . . . . . . . . . . . . . . . . . . . . . . . . 259

B.2.5 Exergy balance - gas . . . . . . . . . . . . . . . . . . . . . . . . . . . 260

B.2.6 Volume balance and pressure rate . . . . . . . . . . . . . . . . . . . . 262

APPENDIX C Energetic internal combustion engine efficiencies . . . . . . . . . . 264

C.1 Efficiencies definition . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 264

APPENDIX D Remaining results from the validation of the adopted DISI engine

simulator . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 265

D.1 Engine outputs comparison . . . . . . . . . . . . . . . . . . . . . . . . . . . . 265

D.1.1 Case 3 . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 265

D.1.2 Case 4 . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 265

D.1.3 Case 5 . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 266

APPENDIX E DISI engine optimized identification and remaining results . . . . . 267

E.1 Table of cases . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 267

E.2 Remaining results . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 273

E.2.1 Optimal mean effective pressure . . . . . . . . . . . . . . . . . . . . . 273

E.2.2 Optimal engine work . . . . . . . . . . . . . . . . . . . . . . . . . . . 275



38

1 INTRODUCTION

1.1 Motivation

1.1.1 Current world and Brazilian contexts for energy demand

The current world situation on energy demand has been in highlight for many years,

ever since different energy forms (especially electrical energy) emerged for the majority of

humankind. This energy availability directly affected the lifestyle humans have achieved until

current days. World energy demand is increasing continuously in every region of the planet

especially due to the combination of humankind population growth and advents of individual

high energy-demanding novel technologies (e.g., smartphones). For example, more than half of

the human population consumed near 100 GJ/head in 2019 (Fig.1.1); a fact that can be justified

by the economical growth of many emerging countries from 40 years ago until nowadays, such

as Brazil, China, India, etc. More affordable energy sources have allowed many underdeveloped

countries to increase their standard of living during most recent decades by using fossil and/or

bio-originated fuels as their main energy sources.

Figure 1.1 – Energy consumption per capita from 1979 to 2019. Adapted from Looney (2020).
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In terms of renewable energy perspective, a recent annual British Petroleum (BP)

world energy report (Looney, 2020) indicated a relative growth in the primary renewable energy

sector during the last decades (Fig. 1.2), although oil production and consumption continue to

grow in absolute quantities. Also, liquid fuel consumption reached its peak in 2019 and its ten-

dency is to continue growing, despite the existence of several stimuli for the use of electrified

vehicles in some regions of the world (e.g., Europe and North America) to deal with this prob-

lem in the transport sector. Therefore, it is expected that liquid energy sources will continue to

be part of our society for several decades in this century.

Figure 1.2 – World primary energy consumption from 1994 to 2019. Adapted from Looney
(2020).

The current Brazilian energy context is similar, although clear differences in the pri-

mary energy sector compared to other countries can be highlighted. A recent Brazilian Energy

Balance (Brasil, 2020) presented the national primary energy production. As Fig. 1.3 indicates,

Brazil has some ”renewable” energy sources available such as hydro, wind, solar, and biomass

(e.g., sugarcane), though current actions have been collaborating to the deforestation of its main

forests to the application of unsustainable agriculture techniques in these lands. Thus, these

modifications strongly diminish this potential over time towards a more sustainable country in

terms of natural resources, such as energy, water, and fertile land.
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Figure 1.3 – Actual Brazilian primary energy production. Adapted from Brasil (2020).

Ghoniem (2011) contextualized the current worldwide energetic and environmental

situation according to the way humankind has been living during the last centuries. For instance,

in order to mitigate the CO2 emissions, four major approaches have been proposed to achieve

CO2 reduction while continuing dependent of fossil fuels for the next decades: improving

conversion efficiency on the supply side (conversion from raw sources to the useful form and

product); improving conversion efficiency on the demand side (on energy utilization in our

society); reducing dependency on high carbon fuels with the application of lower C/H fuels

(possible use of nuclear energy) and promoting more reliance on renewable sources; and carbon

dioxide capture and sequestration (CCS) directly from power plants by injection in reservoirs,

reacting it into stable disposable compounds, or indirectly from biological processes (growing

trees, algae, etc).

1.1.2 Current and future perspectives for electric and internal combustion engines

As a current essential part of the world transport sector, internal combustion engines

(ICEs) are also included in discussions involving energy usage. Their worldwide adoption with

fossil fuels has been releasing both greenhouse and pollutant gases (e.g., NOx, CO, UHC, etc.)

for several decades. Their contribution to global warming is not acceptable anymore in the
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progress to humankind sustainability. Within this context, the automobile electrification pro-

cess has been stimulated in order to reduce both the demand of non-renewable fuels and the

emission of combustion products on most cities, thus they are presented as environmentally

friendly (Costa et al., 2021). This process is usually described as totally capable of overcoming

the issues associated with ICEs, although some questions arise about the worldwide economic

viability of this substitution (Ahmadi et al., 2014; Jha et al., 2022), the benefits viewed par-

tially only for specific regions in the world (Xu et al., 2021), and its real capacity to mitigate

greenhouse gases (GHG) emission without the general adoption of renewable energy sources

(Poullikkas, 2015). Another aspect that acts as a barrier to this change of perspective is the con-

sumers attitudes and perceptions to the adoption of electrical vehicles (EV) all over the world

(Egbue; Long, 2012).

Underdeveloped countries face additional problems in implementing the replace-

ment of traditional engines to electric ones. Besides the traditional environmental and energetic

issues, social-economic and infrastructure problems affect the immediate adoption of electric

vehicles on these countries. Some works and reports contextualize how this change of perspec-

tive affect South Africa (Dane et al., 2019) and Bolivia (Narins, 2017), for example, emphasiz-

ing the challenges they must face, especially for insufficiency of charging station infrastructure

(Eltoumi et al., 2021).

Other issues such as current and future rare elements availability are involved in this

situation. The stimuli for renewable energy sources (wind, solar, photovoltaic, etc.) electrical

devices (vehicles, smartphones, etc.) production stimulates the mining process, which is less

publicly discussed, but are as important for humankind sustainability as GHG and fossil fuels

usage. For instance, the renovation of the energy sector requires huge amounts of raw materials,

with problems associated to those with high supply risks (i.e., material bottlenecks for future

demand and geological availability) (Capilla; Delgado, 2014; Valero et al., 2018). There are

researchers analyzing the economic and environmental aspects related to the amounts of metal

required to this current sustainable energy transition (Tokimatsu et al., 2017). Also, the de-

mand of energy required by the mining process to overcome the demand of specific minerals

(e.g., Copper, gold, silver, lead, zinc, etc.) has been thoroughly studied (Calvo et al., 2016).

Finally, some additional issues need to be addressed, such as reported by Davidsson e Höök

(2017), which evaluated the material requirements and availability required to sustain a multi-

terawatt photovoltaic (PV) industry and indicated that a major expansion of solar grade silicon
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production and significant quantities of silver are necessary to operate as a long-term industry.

While all these new perspectives are evaluated on literature, there are some re-

searches focused on evaluating the effects that hybridization/electrification may cause in the

current transportation sector energy consumption and emissions state. For example, Onat et al.

(2015) presented a comparative analysis of carbon and energy footprint on conventional, hybrid

(HEV), plug-in hybrid (PHEV) (i.e.„ hybrids with capacity of recharging their batteries by a

plug-in electric source), and electric vehicles (EV) for each state in the US for three different

energetic scenarios. PHEV and HEV were presented to be interesting choices regarding the

most energy-efficient options, being competitive in the market context with EVs. In terms of

emissions, Johnson e Joshi (2017) commented that some projections towards tight CO2 regu-

lations will require some kind of hybridization and/or high-performance Diesel engines. Also,

future gasoline light-duty engine approaches (e.g., Atkinson cycle, stop/start operation, active

cylinder deactivation, and variable compression ratio (VCR)) are challenging electric vehicle

well-to-wheel (i.e., from the beginning of the primary fuel production to the burning of the

vehicle fuel) CO2 emissions.

Recently, Reitz et al. (2020) emphasized the importance of ICEs in many sectors

of humankind and how this device will probably continue to exist in many countries for a

foreseeable future. A discussion about the capability of several proposed new vehicle propulsion

alternatives (e.g., electric vehicles with batteries) to replace traditional vehicles technology in

a near future. A realistic possibility presented by the editorial would be the application of

highly efficient fully flexible hybrid powertrains in the seek for efficiency improvement in the

automotive sector. In addition, (Malaquias et al., 2019) developed a review about the Brazilian

ICE-electric vehicle replacement context and presented some questions related to the benefits

of such immediate change on the vehicle fleet, as well as on alleged sustainability benefits of

EV adoption in exchange of ethanol adoption as a biofuel.

Furthermore, Kalghatgi (2018) indicated that a change of perspective is required

thorough an analysis of the energy involved in the transport sector, in order to better compre-

hend how the future transport sector will operate. Direct-injection spark-ignition (DISI) engines

are also included in this change of perspective through the hybridization and electrification pro-

cesses of the automotive sector in future years. Thus, realistic perspectives about the continuity

of ICEs indicate that the humanity still needs their capacities for some decades ahead as better

combustion and after-treatment processes are achieved by the evolution of control systems as
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well as alternatives for petroleum-based fuels get more diffused throughout the world. Kalghatgi

(2018) also indicated that more than 90% of the transport energy will still come from combus-

tion engines until 2040, especially powered by petroleum. The main issues that will happen

if the actual transport system is dismantled abruptly in several areas (e.g., economic, social,

environmental, and political, Fig. 1.4) were also addressed. For example, the available battery

capacity must increase by a thousand-fold to cover all light duty vehicles (LDVs) in 2040, and

this will only cover half of the global transport demand. Kalghatgi et al. (2018) discussed the

current search for alternative fuels (ethanol included) to replace humankind dependency on liq-

uid petroleum fuels (which feeds more than 11 billion liters per day). There is an agreement

between researchers that future hybrid/electric powertrains will depend on new/better combus-

tion systems with sustainable fuels, which reinforces the application of renewable ethanol fuel

depending on the conditions of each specific country.

Figure 1.4 – Evolution of the current energy context in the transport sector. Adapted from
Kalghatgi (2018).

1.1.3 International and national contextualization of ethanol usage for the transport sector

Bio-ethanol (or ethanol) has always been described as an interesting alternative fuel

to replace or complement gasoline in ICEs. It has been tested since the beginning of engines

invention and its commercial production was initially stimulated in countries which have proper

agricultural conditions for the harvest of crops, such as sugarcane and corn (in Brazil and US,

respectively). Baeyens et al. (2015) addressed the issues and possible benefits of improving the

production of bio-ethanol for all three production generations (sugarcane and corn - first gener-
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ation, cellulose biomass - second generation, and algal biomass - third generation). Worldwide

speaking, Renewable Fuels Association (2020) indicates that the planet ethanol production in-

creased until 2020, when the current pandemic situation caused by COVID-19 strongly affected

all economic sectors in the world and caused a reduction in ethanol production. Figure 1.5

indicates that the two main first generation producers of ethanol (US and Brazil) were very

affected by the pandemic in 2020. Still, these countries still take advantage of their agricul-

tural resources to yield a renewable fuel which assists on their energy sectors, especially to the

automotive transport sector.

Figure 1.5 – World ethanol production from 2015 to 2020. Adapted from Renewable Fuels
Association (2020).

In terms of Brazil, Nigro e Szwarc (2011) presented the historic background of

ethanol usage as a fuel in our country as well as the development of its sector in association to

the flex-fuel vehicle technology. Moreover, future possibilities suggested to spread ethanol us-

age in the country involved economic considerations regarding the vehicle price, cold start and

operation, higher knock resistance, and EGR. Távora (2011) followed a similar trend as Nigro

e Szwarc (2011), but expanded the analysis to other biofuels (e.g., biodiesel) in Brazil. More

recently, the Automotive Vehicle Air Pollutant Control Program (PROCONVE in Portuguese)

L7 and L8 phases presented by the Brazilian Government in 2018 (Brazil, 2018) established the

new acceptable maximum emission limits for the light-duty vehicles in the country, which will

be more restrict from 2022 on. Thus, the requirements for ethanol usage as a fuel will make it

harder to be implemented, with special limitation for flex-fuel engines since their efficiency is

limited due to its flexible characteristics between gasoline and ethanol.
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The 2020 Brazilian sugarcane harvest report (CONAB, 2021) indicated that the

yearly ethanol production (derived from sugarcane and corn) reduced 7.9% in season 20/21,

due to higher exportation demands for sugar caused by climatic issues that occurred in Thai-

land (second greatest sugar exporter) and in Brazil during last year, and a worldwide oil price

reduction. Additionally, the most recent Brazilian Energy Balance (Brasil, 2020) indicated that

ethanol has reached its peak production value (33.800x103m3/year) destined for the transport

sector consumption. However, its production usually competes with the worldwide sugar de-

mand which directs part of current sugarcane harvest to this other product. Therefore, current

ethanol production in Brazil for vehicles is limited.

Figure 1.6 – Brazilian ethanol production originated from sugarcane between 2006 to 2021.
Adapted from CONAB (2021).

The usage of pure ethanol (i.e., anhydrous ethanol, with at least 99.5% v/v in a

ethanol/water solution) as a fuel for spark-ignition (SI) engines has been studied in details,

since it gained special support during the 1970s. Brinkman (1981) was one of the first to proper

evaluate the main fuel characteristics of ethanol. Results indicated a potential to promote higher

engine efficiencies than gasoline (at the same compression ratio), lower NOx emission, despite

the sharp increase of aldehydes emission. Moreover, ethanol higher knock resistance (higher

octane number than gasoline) was highlighted by allowing the application of higher compres-
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sion ratios than it was possible with gasoline in the same engine.

Wet ethanol has been studied by researchers as an alternative for hydrous ethanol

due to either cost reduction or to improvements on ethanol life cycle energetic efficiency. The-

oretically, in terms of engine operation, higher contents of water in ethanol-water blends absorb

more energy when evaporating due to water high heat of vaporization, which reduces the en-

ergy transferred to the cooling system as well as the unburned gas zone temperature. This also

opens the possibility to improvements in the energy recovered from the exhaust heat recovery

system. Moreover, the additional water increases the ratio of specific heats (k = cp/cv), which

is directly proportional to thermal efficiency, thus water may increase the engine efficiency. The

water in the fuel also increases the cylinder boundary work, as it occurs in water-injection en-

gines (Bernal, 2019). Lastly, the lower unburned zone temperature suggests the application of

higher compression ratios (Zhao, 2010) without damaging the engine structure with the occur-

rence of knock.

1.1.4 Second law connection with fuel spray and droplet evaporation in DISI engines

Droplet evaporation is a process that occurs right after liquid spray atomization,

whose connection with direct fuel injection in ICEs is evident. It involves mass and heat transfer

between liquid and gas phases, and it is usually associated with combustion of fuel sprays.

The sequence between spray injection towards droplet evaporation has its fundamental aspects

clearly understood since the 1980s (Elkotb, 1982; Law, 1982; Sirignano, 1983). Several details

of these phenomena were captured by both experimental findings and comprehensive numerical

models. Complementary, droplet evaporation always occurs in thermal devices and affects the

ignition delay and air-fuel mixture, variables directly related to thermal efficiency in spark-

ignition engines, for instance.

Droplet evaporation has been intensely studied throughout the years, although anal-

yses focusing on the second law of thermodynamics view are quite scarce (Som; Datta, 2008).

The droplet evaporation modeling is capable of predicting important evaporation characteris-

tics, such as droplet lifetime and evaporation rate (Sazhin, 2017). Thus, works combining

these parameters with second law aspects (Dash et al., 1991; Dash; Som, 1991; Hiwase et al.,

1998) showed that the main source of irreversibility for droplet evaporation is due to conduc-

tion heat transfer and the combined effect of heat and fuel vapor mass transfer in the carrier

phase. Moreover, the usage of real fuel blends (i.e., mixture of components) in engines requires
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the application of multicomponent droplet evaporation effects, which change considerably the

evaporation behavior (Law, 1976). These multicomponent effects are important to predict co-

herently their evaporation on thermal devices (Brenn et al., 2003; Sazhin et al., 2011) and takes

into account some differences in comparison to single-component cases, such as differences in

volatility between the droplet compounds (Jin; Borman, 1985) and its effect on droplet lifetime

and evaporation ratio profiles (Megaridis; Sirignano, 1991). However, independently of the ap-

proach, none of these works presented a view on second law analysis of multicomponent effects

from droplet vaporization for engines.

Therefore, the application of the second law of thermodynamics in droplet and spray

evaporation processes (Som et al., 1990; Dash et al., 1991) is extensive and not new (Som;

Datta, 2008), although not quite explored for ICEs. Additionally, even though there is a re-

view paper about exergetic analyses in engines (Rakopoulos; Giakoumis, 2006), works which

directly address second law consequences of the spray evaporation process in DI engines (Is-

mail; Mehta, 2012; Ismail; Mehta, 2014) are very unusual. Moreover, the available information

regarding the second law perspective of hydrous ethanol in SI engines (Rufino et al., 2019) does

not cover the gap of wet ethanol injection effects on DISI engines.

1.2 Objectives

The main objective of this thesis is to develop a thermodynamic optimization of

a DISI engine operating with wet ethanol in a way that both ethanol life cycle and engine

efficiency are at optimal conditions. Figure 1.7 illustrates the brainstorming process related to

the main ideas of this thesis.

Therefore, the specific objectives associated with this research are the following:

• To understand the behavior of a wet ethanol (multicomponent) droplet injected and evap-

orating in a thermodinamically finite variable gas phase (engine cylinder during com-

pression) in terms of evaporation and entropy generation by using a zero-dimensional

mathematical model;

• To expand the previous model in order to encompass a fuel spray evaporation based on a

probability distribution function (PDF) in a similar environment;

• To develop a direct-injection spark-ignition engine simulator and validate it with experi-

mental results from the literature;
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Figure 1.7 – Flowchart contextualizing the main ideas of the thesis.

• To optimize the operation of a DISI engine fueled with wet ethanol in terms of second law

of thermodynamics based on its combination with several recent technologies adopted to

ICEs.

These objectives lead in the end to an engine simulator capable of optimizing a

near state-of-the-art DISI engine operation with a renewable fuel focused on the application

in specific regions of the world where enough wet ethanol production is available for usage

throughout the year. This simulator also takes into account recent technologies associated with

most modern SI engines, such as engine turbocharging and downsizing, and higher compression

ratios without knock occurrence; all of which combined with an optimized engine completely

adapted to wet ethanol usage and allow the utilization of this engine as the main source of power

for a vehicle or coupled with an electric engine as in the case of a hybrid vehicle.

Figure 1.8 compiles the flow sequence related to the mathematical modeling in-

volved in this thesis. Focus is given on direct fuel injection. To further detail the phenomena

that occur in our object of study, we focus on specifying the model, trying to deal with the fuel

droplets in a Lagrangian way. Therefore, we move from DISI engines, to jet atomization, to

droplet spray and finally to individual droplets, until we reach the evaporation of the droplet

before the ignition and combustion in the engine cycle. Then it is applied the second law of

thermodynamics to the object of study to get a different view on the phenomenon. After this in-

dividualized study, the model comes back into the macro scale to assess the macroscopic effects
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of direct injection of wet ethanol in a DISI engine.
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Figure 1.8 – Flowchart describing the modeling flow of the thesis.

1.3 Thesis outline

The outline of this thesis involves chapters detailing all stages of this research. The

first chapter presents the introduction of this thesis, where the context related to this work is pre-

sented. The second chapter of this thesis involves a literature review about the main fundamen-

tals related to this thesis. Some details required to model the evaporation of a multicomponent

droplet are presented, as well as fundamentals of fuel sprays modeling, atomization correlations,

probability distribution function (PDF) to represent droplet sprays, and DISI engines with wet

ethanol. Also, some aspects related to second law of thermodynamics and these phenomena are

also discussed. The third chapter involves the mathematical models and methodology associ-

ated to this research. All models are detailed with their description, assumptions, liquid and gas

phase modeling, flowchart of the computational model, besides the simulated conditions.

The fourth chapter describes the results involving studies of a wet ethanol droplet

in a thermodinamically variable environment. These results are related to two research papers

presented in congresses (CERES 2020 and ENCIT 2020) and with one manuscript in final phase

to be submitted to a journal of the area. The fifth chapter presents results for a wet ethanol spray

injection and evaporation during the compression stroke of a DISI engine. These results covered

only the conditions of a conference paper submitted to ECOS 2021.
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The sixth chapter encompasses all previously presented models in the DISI engine

simulator developed by LMB (Laboratory of Bio-fueled Engines) and compares the simulated

results with experimental cases presented by published papers involving direct injection of wet

ethanol in an engine operation. The seventh chapter presents the final results of this thesis

by detailing the thermodynamic optimization process applied to the developed simulator un-

der several different conditions. Finally, the eighth chapter encompasses all content presented

throughout the text by developing the conclusions related to this research. Additionally, the

future steps related to this work as well as some suggested ones are also commented in this

chapter.
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2 LITERATURE REVIEW

2.1 Droplet evaporation

Droplet evaporation is a very common phenomenon in nature: from sprays used for

watering plants and harvests, as well as to direct fuel injection in thermal devices, all of them

have in common the conversion of higher amounts of liquid jets into small portions of near

spherical mass. The break up of liquid jets into these particles enhances significantly the surface

area and therefore the interface between liquid and gas phases. It is in this interface where it

occurs the exchange of mass, chemical species, momentum, and energy between the two phases.

Usually, these exchanges are modeled by the conservation of mass, chemical species, second

law of Newton and first law of thermodynamics. The phenomenon of droplet evaporation is

associated with all these conservation laws due to the difference between the liquid and gas

partial pressures of each component in either phases. Moreover, there is also entropy transfers

between the droplet and the surrounding gases, since there is energy transfer associated to this

phenomenon.

Figure 2.1 presents a basic schematic diagram of a droplet evaporating in a hot en-

vironment. This droplet is moving with a velocity ud through the gases. The control surface

around the droplet is adjacent to the liquid-gas interface, where evaporative mass and heat trans-

fers occur. The surrounding gases heat up the liquid droplet (Q̇conv), whereas some energy flows

from the droplet to the environment due to mass transfer (Q̇evap) associated with evaporation.

Basically, the difference between these two energy rates is related to the sensible energy of the

droplet, heating up or cooling down the remaining liquid.

2.1.1 Droplet modeling, fundamentals and hypotheses

The fundamentals of droplet evaporation theory are very diffused and usually pre-

sented in classical combustion books such as Kuo (2005), Law (2006), Glassman (2008), Turns

(2012). The main hypotheses are thoroughly detailed and sub-sequentially a simplified ana-

lytical model is provided, based on the model provided by Spalding (1953). Sirignano (2010)

presents an expanded view on the area of droplets and sprays, with direct connection with

several papers available on literature about this area. Usually, the droplet heating/evaporation

models are sorted in terms of ascending complexity levels (Sazhin, 2006), as presented next:
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Surrounding gas

Q̇conv

Q̇evap
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Figure 2.1 – Basic schematic diagram of a droplet evaporating in a hot environment.

1. The droplet surface temperature is uniform and constant over time (i.e., wet-bulb temper-

ature);

2. There is no thermal gradient inside the droplet (infinite liquid thermal conductivity);

3. There is a thermal gradient, but without re-circulation inside the droplets (finite liquid

thermal conductivity);

4. The model takes into account both finite liquid thermal conductivity and re-circulation

inside the droplets by the usage of a correction factor (effective thermal conductivity -

ETC);

5. Vortex dynamics is used to describe the re-circulation inside the droplets (vortex models);

6. The model is based on the full solution of the Navier-Stokes (N-S) equation in the liquid

phase;
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The first model is usually presented by textbooks as an introduction to droplet va-

porization (evaporation/combustion) and it gives an analytical solution to the problem. The

second model level requires the solution of a system of ordinary differential equations (ODEs)

for the mass, momentum and energy conservation laws. The third and fourth levels require the

solution of a system of partial differential equations (PDEs) to solve mainly the equation of

energy for the liquid phase, thus it involves an extra complexity (i.e., solution via finite differ-

ence or volume methods) to its application in a spray simulation. The last two model levels

are not usually solved in most cases, unless it is of interest studying the minimal details about

the internal dynamics of liquid phase. Also, their complexity is computationally exhaustive and

therefore they are not even applied in combination with CFD codes for the gas phase. After

an analysis of computer calculations and phenomenon representation, model 2 was chosen to

be used in this research, since its level of complexity offers an acceptable representation of the

phenomenon, with enough precision and fast computational calculations to study fuel droplets,

especially for great amounts of droplets in sprays.

Based on the previous description of the droplet models, this thesis develops com-

pletely the droplet mathematical modeling in Appendix A, in order to avoid presenting an ex-

tensive amount of mathematical demonstrations in the main text. All hypotheses are described

in the Appendix and in Section 3.1.1 in Chapter 3.

Initially, most theoretical models for droplet evaporation/combustion assumed this

particle has a spherical form concentrically surrounded by a spherical surface of a gas (usually

air) at a higher temperature than the droplet (Godsave, 1953). It was also postulated that the

droplet vapor flows symmetrically radial to the outer surface. In terms of experimental proce-

dures, Nishiwaki (1955) added an study on the evaporation and ignition lag of fuel droplets in

several environment conditions (i.e., air temperature) in a furnace combustion chamber. The

analysis was composed by photographical methods. Later, Kumagai e Isoda (1957) published

some results for ethanol and n-heptane droplets falling in a combustion chamber. The results

presented an analysis for the flame boundary layer thickness and its profile around the droplet.

During the 1970s, Law e Williams (1972) specified their study for alkane droplet

combustion and analyzed the effects of the chemical kinetics and convection on the phenomenon.

Kent (1973) published a well-detailed theoretical study of a mono-component droplet evapora-

tion/condensation model in diffusion-controlled quasi-steady conditions. Next, Hubbard et al.

(1975) highlighted the initial moment during the process of droplet evaporation when a droplet
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is usually heated-up (heat-up process) by taking into consideration variable properties for their

numerical analysis. The initial transient period represents only the sensible droplet heating, i.e,

most of the energy is used to elevate the droplet temperature, instead of evaporating the liquid.

Meanwhile, the one-third rule (Eqs. 2.1-2.2) for the property proportion between the droplet

saturated vapor and the gas medium was used in the simulations. This rule presents a compro-

mise between numerical analyses and experimental results for droplet evaporation, adjusting

thermodynamic and transport properties to values which represent adequately the reality of this

phenomenon.

Tm = Td,s +
1

3
(Tg − Td,s) (2.1)

yf,m = yf,s +
1

3
(yf,g − yf,s), (2.2)

where Tm is the mixture temperature between the droplet surface temperature and the gas envi-

ronment, Td,s is the droplet surface temperature, Tg is the gas temperature. Eq. 2.2 represents

the same terms, but for mass fraction instead of temperature.

Law e Law (1976) took into account the variation of properties such as constant-

pressure specific heat (cp), thermal and mass diffusivities (α and DA,B, respectively) with tem-

perature and species concentration profile in a diffusive flame around a droplet burning. Later,

Law e Law (1977) extended the analysis of their previous paper and presented the domain of

heat transfer effects on the inner flame region while the mass transfer effects dominated outside

the diffusive flame. Faeth (1977) presented a review paper providing novel contents related to

spray vaporization (evaporation and/or combustion) in several areas, with a comprehensive pre-

sentation of all modeling assumptions on droplet evaporation/combustion and the characteristic

times associated with droplet evaporation (Eqs. 2.3-2.5):

τl = D2
d/αl (2.3)

τd = (D2
d∆hv)/[cl(Twb − Tg)] (2.4)

τg = δ2g/αg (2.5)
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where τl represents the liquid characteristic time, which is the basic time scale involved in

this phenomenon, τd is the droplet lifetime scale, which involves the amount heat required to

evaporate the fuel and the thermal energy to bring the droplet to a condition where mass transfer

occurs significantly, and τg is the gas characteristic time. At high Reynolds numbers or at low

pressures (with αg ≫ αl), the gas time scale is much smaller than the liquid phase transient

time, therefore allowing the assumption of gas phase quasi-steadiness on the boundary layer

around the droplet. This boundary layer has the same properties as a steady boundary layer and

the radial effects of velocity in the interface can be neglected (Faeth, 1977).

Law e Sirignano (1977) exapanded the assumption analysis by focusing on the ther-

mal conduction phenomenon within the droplet during combustion. One important hypothesis

on droplet evaporation modeling is that the ratio of liquid/gas density usually indicates high

mass and thermal inertia, which justifies the quasi-steady approximation usage on many cases

(Sirignano; Law, 1978). Another strong hypothesis is the miscibility of ethanol and water,

which indicates a near unitary activity coefficient ai, therefore it allows the usage of the Raoult

law. Tong e Sirignano (1982) presented through a short communication the importance of the

thermal boundary layer in the liquid phase of a droplet during its transient heating with internal

circulation and some assumptions usually related to its modeling.

Chiang et al. (1992) developed a parametric analysis of a cold fuel droplet evapo-

ration process when the droplet is injected in a hot gas flow. The results indicate that higher

transfer numbers (BM and BT ) reduce the droplet drag, whereas at lower values the drag coeffi-

cient is dominated by the Reynolds number. Snegirev (2013) analyzed the importance of inter-

nal temperature non-uniformity in the evaporation of a mono-component droplet by comparing

the performance of simplified methods (power law approximation, higher order polynomial ap-

proximation and integral heat balance method) to approximate the temperature gradient within

the droplet.

Newer review papers and books on droplet evaporation/combustion are also avail-

able in literature. Sazhin (2006) developed a review paper about advanced models of fuel

droplet heating and evaporation processes. Sirignano (2014) reviewed works related to a col-

lective number of interactive droplets, classifying these studies in droplet arrays, droplet group,

and droplet spray. Sazhin (2017) published the most recent review found in this area of subject.

This new review paper presented the context of current unsolved problems in the area of droplet

evaporation modeling, such as non-spherical droplets, complex multi-component droplets, etc.
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Additionally, Sazhin (2014) presented a text-book about droplets and sprays.

Usually the droplet models take into account the validity of the ideal gas law, al-

though there are studies which used different equations of state to represent the gas phase.

Curtis et al. (1995) presented a new droplet evaporation model at high pressures for Diesel en-

gine applications. This model adopted the Peng-Robinson equation of state (PR-EOS). Kim e

Sung (2003) studied the effects of ambient pressure on the evaporation of a single droplet and

a spray, by using the fugacity concept. Later, Qiu et al. (2014) developed a thermodynamically

consistent phase equilibrium solver with the application of a PR-EOS. Abudour et al. (2014)

estimated the binary interaction parameters (BIPs) by regression of vapor-liquid equilibrium

(VLE) data.

Near state-of-the-art droplet modeling is still researched, despite its complexity and

thus application in other codes. For example, Réveillon e Vervisch (2000) presented a sub-

model for the behavior of individual droplets to be coupled with a non-premixed turbulent

combustion model. This model was projected to be used in conjunction with Direct Numer-

ical Simulation (DNS), Large Eddy Simulation (LES) or Reynolds-Averaged Navier-Stokes

(RANS). The Lagrangian approach was adopted to each one of the spray droplets. Yin (2016)

presented a complete description of a model for transient heating and evaporation of moving

mono-component droplets, where the droplet modeling is coupled with a 3-D solution of the

gas phase by a finite volume method (FVM).

2.1.2 Droplet evaporation sub-models

Droplet vaporization modeling was properly initiated near 1950s, although Lord

Rayleigh had made an attempt in modeling droplets in XIX century (Strutt; Rayleigh, 1878).

Since then, several numerical and analytical solutions for this problem have been presented in

literature. These calculations of the droplet vaporization usually take into account sub-models

to represent specific parts of the phenomenon, e.g., correlations for non-dimensional numbers

as Nusselt and Sherwood.

The first papers related to droplets presented their analyses and results based on

combustion conditions. The empirical analyses on this phenomenon indicated that the mass

burning rate of droplets is directly proportional to the droplet diameter (Kumagai; Isoda, 1957),

therefore it seemed reasonable to better understand the droplet lifetime in order to predict the

combustion process (ignition delay, duration, etc.).
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Ranz e Marshall Jr. (1952) provided one of the most applied Nusselt and Sherwood

(heat and mass transfer, respectively) correlations for a spherical droplet evaporation with dif-

ferent Reynolds numbers. Godsave (1953) published a paper with a initial mathematical model

for droplet evaporation or combustion in a stagnant environment (for a sphere, Nu = Sh = 2).

Another classical paper in droplet modeling is Spalding (1953), that also presented an analyt-

ical solution for the problem of a diffusive laminar flow of a component burning in a gaseous

medium in steady state. Later, Faeth e Lazar (1971) showed the droplet swelling effect dur-

ing the early stages of evaporation (i.e, liquid density decreases due to droplet heat-up, which

initially increases the droplet volume while the mass evaporates).

Figure 2.2 – Droplet swelling effect.

Yuen e Chen (1976) approached the droplet evaporation problem by obtaining drag

coefficient correlations for their dynamics. The one-third rule was used to average the vapor and

gas properties. The drag coefficient are function of the Reynolds number and its comparison

with standard drag curves available in literature was successful. Renksizbulut e Yuen (1983)

presented a correlation to the drag coefficient over the droplet by introducing the Spalding

number in the formula. The emphasis is clear in highlight the droplet evaporation effects on the

droplet dynamics and its contribution to the particle deceleration.

Aggarwal et al. (1984) compared the effects of different gaseous and liquid phase

models on the behavior of an isolated droplet evaporating in a high-temperature environment.

The assumption of internal phenomena within the droplet requires a great amount of computa-

tional time, which makes the situation unfeasible for sprays, for instance. The spray modeling

takes into account the Lagrange-Euler approach. Abramzon e Sirignano (1989) presented a

novel model on droplet evaporation which is known by its simplicity without losing significant
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information of the phenomenon. The paper adopts the film theory on droplet evaporation, i.e.

the effects of both thermal and mass boundary layers involving the droplet are considered in the

calculations. Also, this paper provides a step-by-step algorithm to a quasi-dimensional droplet

evaporation model.

Dombrovsky e Sazhin (2003b) approached the thermal gradient which exists dur-

ing a droplet heating process with an analytical parabolic solution for the droplet temperature,

therefore taking into consideration its thermal conductivity. A comparison of this approach with

a finite difference solution is presented and indicates an applicability to predict the droplet heat-

ing process in Diesel engines and also for CFD codes. Then, Dombrovsky e Sazhin (2003a)

presented an extension of this simplified model, but taking into account evaporation effects.

Results were compared to a rigorous solution of this problem based on finite differences and

an isothermal model (D2
d law). Sazhin e Krutitskii (2003) suggested a new analytical solution

to the transient heat conduction problem of a spherical droplet in a infinite medium. Results

indicate that the droplet surface reaches its equilibrium temperature faster for a finite thermal

conductivity condition in comparison with a infinite condition (i.e. homogeneous temperature).

Then, Sazhin et al. (2004) presented new solutions to the transient heating of diesel droplets

with possibilities to take into account either a constant or variable convective heat transfer con-

ditions. Later, Sazhin et al. (2005) suggested new approaches to the modeling of droplet heating

and evaporation processes with thermal convection and radiation from a hot surrounding gas.

Moreover, Sazhin et al. (2007) applied its analytical solution to evaluate the behavior of the

transient heating of a semitransparent spherical body, where radiation effects have considerable

importance.

Pinheiro (2018) presented a Lagrangian modeling of droplet evaporation for spray

calculations. The effects of natural and forced convection on the droplet evaporation rate are

studied by the application of the Grashof and Sherwood numbers, respectively. Later, Pinheiro e

Vedovoto (2018) indicate that the Abramzon-Sirignano model was the only tested model which

does not overestimate the droplet evaporation rate when compared to experimental data.

This review about droplet evaporation and its modeling was intended to clarify the

main concepts about them as well as how to computationally simulate this phenomenon. Impor-

tant attributes related to droplet simulation (e.g., hypothesis, diagram, equations, computational

effort, etc.) contextualize the developed model complexity and how it fits on the universe of

droplet modeling in specific literature. In short, the combination of the Abramzon-Sirignano
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model with the one-third rule, the ideal gases assumption, and a Lagrange-Euler approach for

spherical droplets offered the conditions to the model developed on Appendix A, which is the

base for all subsequent developments presented later in this thesis.

2.2 Multi-component droplets

2.2.1 Fundamentals

Most of the works commented in previous sections of this thesis take into account

a single-component droplet, instead of a liquid mixture/solution. Specifically for combustion-

related problems, fuels used in thermal devices are not pure substances; actually, they are mix-

tures of different components, such as gasoline, hydrous ethanol and diesel oil. Therefore, there

is a need to consider the multi-component effect in order to predict more closely to reality the

evaporation rate of such kind of fuel droplet.

Figure 2.3 describes how the addition of a new component in a droplet affects its

evaporation process over time. In this case, ethanol is the less volatile species, so it evaporates

slowly than methanol and therefore increase the droplet lifetime as seen in the left sub-figure.

Additionally, it also increases the final droplet surface temperature, as shown by the right sub-

figure.

Figure 2.3 – Differences between compositions of a bi-component (methanol and ethanol)
droplet evaporating: (a) mass history; (b) surface temperature. Adapted from
(Gavhane et al., 2016).

Some references are presented here to highlight the importance of multi-component

evaporation. For example, Newbold e Amundson (1973) provided an accurate model which

describe the evaporation of a multi-component droplet (two or three components), especially
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near its boiling point. Landis e Mills (1974) approached the multi-component droplet problem

with the finite difference method for a binary mixture of hydrocarbons. The internal diffusion

resistance of the components in the droplet is from the difference between the composition of

the liquid phase surface and the average through the droplet, with the highest concentration of

the least volatile species in deeper layers of the particle. Law (1976) used two different models

to describe the gaseous phase of a multi-component droplet transient combustion in an infinite

medium. Sirignano e Law (1978) presented a review paper which emphasized the intrinsically

transient nature of the multi-component evaporation. Also, the paper highlights the connection

between multi-component evaporation with thermodynamics, fluid mechanics, heat and mass

transfer, chemical kinetics and phase equilibrium.

Jin e Borman (1985) highlighted the importance of multi-component droplet vapor-

ization at high pressures. Lower differences between the evaporation rates of different droplet

components were found at higher pressures. Megaridis e Sirignano (1991) developed a finite-

difference numerical analysis of the fundamental processes governing mass, momentum and

energy exchange between liquid and gaseous phases of a multi-component droplet. Hsieh et

al. (1991) presented a comprehensive analysis of multi-component droplet vaporization near

critical conditions. The model considers the gas solubility in the liquid phase, and applies a real

gas equation of state.

More recently, Wilms (2005) developed a ph.D thesis with focus on clarifying the

understanding of multi-component droplet evaporation models. The necessity was connected

to the fuel droplet evaporation process in combustors and automotive engines. Sazhin et al.

(2005) investigated the effect of thermal gradient inside fuel droplets on the phenomena of

evaporation, breakup and vapor/air mixture ignition with a zero-dimensional code. Depredu-

rand (2009) developed a thesis about experimental approaches to multi-component fuel spray

evaporation using Laser Induced Fluorescence (LIF) and Phase Doppler Anemometry (PDA)

and compared the measurements with models for monocomponent, bicomponent individual

droplets and sprays for turbulent conditions.

Different conditions to liquid mixtures evaporation are also dealt by multi-component

modeling. For example, Daif et al. (1998) developed some experiments related to fuel droplet

multi-component vaporization under forced convection conditions and compares the results

with the Abramzon and Sirignano droplet model (Abramzon; Sirignano, 1989). Satisfactory

results were obtained both for natural convection and forced convection. Kazakov et al. (2003)
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modeled the combustion of an isolated ethanol-water droplet under microgravity conditions and

took into account chemical kinetics effects, gas-phase transport, and non-luminous thermal radi-

ation. Gavhane et al. (2016) studied the effects of component composition in multi-component

droplets and vapor concentration on droplet evaporation for free convection conditions. For

distant volatility blends, both droplet evaporation rate and surface temperature histories are

controlled by the heavier component, whereas for close volatility conditions the evaporation

rate is controlled by the lighter component while the surface temperature is controlled by the

heavier component.

Sazhin et al. (2014) modeled the heating and evaporation of a biodiesel fuel droplet

and compared the results obtained for taking into account the the contribution of all components

of biodiesel (e.g., near 16 components) and a simplified approach assuming one component with

averaged transport and thermodynamic coefficients. Oliveira et al. (2019) adopted a similar

approach to estimate the heat transfer coefficient during the nucleate boiling process by adopting

some gasoline surrogates to replace some more complex multicomponent mixtures.

2.2.2 Multi-component sub-models

The specific literature indicates a great variety of multi-component droplet evapora-

tion models which have different levels of mathematical complexity. Depending on the selected

approach, these models vary from zero-dimensional equations to partial-differential equation

system solutions. For example, Brenn et al. (2001) presented an dimensionless equation for the

concentration field inside a droplet. This equation represents mass transfer during droplet dry-

ing process and takes into consideration the mass transfer through droplet surface. Later, Brenn

et al. (2003) applied a simplified multi-component droplet evaporation model with a modifi-

cation of Abramzon and Sirignano model (Abramzon; Sirignano, 1989). This model uses the

concept of volume-equivalent partial radius/diameter for each droplet component to represent

its droplet ”size” in the component evaporation rate. This partial diameter is obtained by Eq.

2.6:

Dpart,i,d = Dd

(
V– i,d

V– d

)1/3

(2.6)

where V– i,d = vi,d V– d is the volume parcel related to the ith component. Hence, the total evapo-

ration rate is calculated by Eq. 2.7:
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ṁd =

Nspecies∑
i=1

ṁi =
n∑

i=1

2πDpart,i,d(ρD)i,vShi ln(1 +BM,i) (2.7)

where (ρD)i,v and BM,i = (yi,s − yi,g)/(1 − yi,g) refer to each vapor component. This model

was the one adopted on this thesis, due to its simplicity in implementation and to avoid exten-

sive calculations involving more complex models, as some of them are briefly presented in the

following text.

Sazhin et al. (2010) presented an extension for the analytical solution of spherically

symmetric species diffusion equation for droplet heating and evaporation modeling. The work

considered both ideal and non-ideal mixtures, with the application of the activity factor. Later,

Sazhin et al. (2011) take into account the effect of recirculation within the droplet based on

the effective thermal conductivity (ETC) model, in which the liquid thermal conductivity is

enhanced to represent the additional heat transfer that occurs due to liquid dynamics in the

particle:

kl,eff = χkl, (2.8)

where χ = 1.86 + 0.86tanh[2.225log10(Ped,(l)/30)] and Ped,(l) = Red(l)Prl. χ is a coefficient

which represents the effects of recirculation on the conductive heat transfer (Abramzon; Sirig-

nano, 1989). A similar expression for recirculation effects on the diffusion species equation for

the droplet exists for the binary diffusion coefficient:

Dl,eff = χyDl, (2.9)

where χy = 1.86 + 0.86tanh[2.225log10(Scl/30)]. Its simulation continues until the radius is

less than a small number (i.e., 10−6 m) in their simulations.

Zeng e Lee (2002) presented a multi-component droplet vaporization model which

takes into account the droplet temperature and species concentration non-uniformity inside it.

The model presents the advantages of low computational cost and equivalent accuracy as vortex

models in droplets. Elwardany et al. (2011) made a comparative analysis of the predictions

of various models for both mono-component and multi-component droplet heating and evapo-

ration models in ambient air. Yi et al. (2016) suggested a novel quasi-dimensional model for

multi-component droplets considering finite thermal conductivity and mass diffusivity within

the droplet. This model takes into account a parabolic temperature and species profile within

the droplet.
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Different approaches to solve the multi-component droplet problem are also avail-

able in literature. Tamim e Hallett (1995) developed a novel multi-component droplet evapo-

ration model that describes the mixture composition, properties and vapor-liquid equilibrium

through the methods of continuous thermodynamics. Some distribution functions are used to

calculate these variables based on their compositions. These equations are solved numerically

by a finite difference method. Its application is especially focused for fuels with a great amount

of components, such as Diesel oil and Gasoline. Later, Tamim (1996) presented a thesis with

more details about this novel methodology.

Another approach for complex-composition fuels is based on the distillation curves

of each component. Burger et al. (2003) presented this new approach to predict multi-component

fraction boiling of droplets with special attention given to kerosene. The distillation curve

model considers real gas effects and applies the ASTM distillation data of real fuels during

their droplet evaporation. Ra e Reitz (2009) described a spray vaporization model for multi-

component fuels called discrete multi-component (DMC) fuel approach, which is applied to

predict the properties and composition of complex fuels, such as gasoline and diesel. Abianeh

e Chen (2012) applied this model to compare the evaporation characteristics of four differ-

ent ethanol/gasoline blended fuels (E5, E15, E40, E60, and E85) with pure gasoline. Results

showed that pure gasoline is more volatile than the blended fuels. Yi et al. (2014) developed an

improved hybrid multi-component (HMC) vaporization model for realistic fuel droplets. This

hybrid approach combines characteristics from the discrete multi-component (DMC) and con-

tinuous multi-component (CMC) models by the usage of a PDF to model the properties of each

component separately. Al Qubeissi et al. (2018) modeled the droplet heating and evaporation

processes of ethanol/gasoline fuel blends in conditions representative to ICEs. The discrete

component model (DCM) is used to account effects like component transient diffusion, temper-

ature gradient and recirculation inside the droplets. Results indicated that droplets with higher

contents of gasoline reached higher surface temperature than pure ethanol. Additionally, the

surface temperature is never asymptotic, since the complex multi-component composition of

gasoline causes constant change in the droplet surface composition due to different volatilities.

After a brief review about some different multi-component droplet evaporation

models, it was clear that the model proposed by Brenn et al. (2003) was the right one to this

thesis modeling intentions. It is computationally fast (compared to the other approaches) and

its equations fit pretty well with the Abramzon-Sirignano model. Despite it does not cover the
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same features as most of the other models commented previously, it still provides reasonable

results for a simple spray evaporation model, as it is the intention in this research, and therefore

it is the one adopted for the remaining sections.

2.3 Fuel sprays in thermal devices

2.3.1 Fuel spray injection phenomenology and atomization

A spray is considered as a system of liquid droplets in a fluid continuous phase

(Mugele; Evans, 1951). Later, Sirignano (1993) generalized this concept by describing a spray

as a type of two-phase flow. It involves a liquid as the dispersed or discrete phase in the form

of droplets or ligaments and a gas as the continuous phase. The fundamentals of sprays are

usually presented in classical textbook references inside the subject of liquid atomization, such

as Lefebvre (2017). Earlier, Kuo (1996) compiled several papers related to the liquid and spray

combustion field area in a book with details for both experimental and modeling approaches.

Sprays connect directly with droplets by a sequence of sub-processes involving the

disintegration of a liquid jet in an environment. These sub-processes encompass basically how

some small disturbances occurring on the jet surface lead to its disintegration into ligaments,

and finally into drops (Lefebvre, 2017). Later, these drops goes through the processes of de-

formation and coalescence, mainly caused by a non-equilibrium situation between surface and

shear tensions on the liquid-gas interface. At the end, these instabilities cause a secondary break

up, which therefore forms several groups of liquid droplets that compose the spray. Figure 2.4

presents a generic spray atomization process with its different phases:

Borisov et al. (1981) focused on clarifying the possible jet break up regimes into

droplet sprays/clouds. The criteria to the existence of each one of these regimes are presented in

terms of critical Weber Number (Wecrit). A jet usually breaks up into several droplets because

of the aerodynamic forces that act on the liquid surface and causes deformations. Numerical

simulations about jet/droplet break-up using a CFD approach are also available in the literature.

Reitz e Diwakar (1986) modified the KIVA code to take into account droplet breakup in a hol-

low cone fuel spray. Their results indicated that this phenomenon alters the spray penetration,

vaporization and mixing. Later, Reitz e Diwakar (1987) extended their analysis by evaluating

the interactions between spray droplets and gas near to the fuel nozzle in dense high-pressure

sprays. Figure 2.5 represents a schematic diagram of a fuel spray in a Diesel engine:
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Figure 2.4 – Representation of a spray breakup atomization regimes. Adapted from (Group,
2022).

There are plenty of review papers about experimental and numerical procedures in-

volving fuel spray in the literature: Elkotb (1982) published a review paper presenting the main

concepts of fuel atomization for spray modeling and recommended that the fuel injection and its

mixture with air must be developed quickly in order to obtain an efficient engine. Faeth (1983)

reviewed evaporation and combustion models for sprays, with special attention given to flow

structure modeling. Later, Aggarwal (1998) developed a review of theoretical and experimental

studies related to spray ignition phenomena. Recently, Aggarwal (2014) indicated that there are

three distinctive ignition modes involving droplets, such as droplet ignition (flame surrounding

the droplet or on its wake), droplet cluster ignition (ignition around or inside a droplet cloud),

and spray ignition (global flame). Before ignition occurs, it is preceded by the fuel droplet

evaporation, fuel-air mixing and initiation of the chemical reactions.

The fuel spray dynamics is directly associated with a multiphase flow between the

spray droplets (liquid phase) and the environment involving them (gas phase) (Crowe, 1975).

Crowe (1976) demonstrates thoroughly the transport equations related to droplets based on the

Reynolds Transport Theorem. Young (1995) described the derivation of a set of equations for
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Figure 2.5 – Schematic diagram of a full cone spray in a Diesel engine. Adapted from (Baum-
garten, 2006)

a multiphase flow of droplets in a gas phase. Moreover, this equation set has a branch in an

entropy analysis. The energy and entropy expressions take into account terms referent to the

droplet surface (i.e. energy/entropy related to the droplet surface tension). The Lagrange-Euler

modeling is an interesting method to model multi-phase flows. The dispersed phase is usually

represented by particles, such as droplets or bubbles, while the continuous phase is composed by

some gases or a liquid (Crowe et al., 2012). Dukowicz (1980) developed a numerical technique

to represent the combination of Eulerian fluid and Lagrangian particle interactions. Continillo

e Sirignano (1991) presented a mathematical model of flame propagation through an air-fuel

mixture in a spherical geometry around a spray.

Lapple et al. (1967) developed a technical report and conducted a critical review

compiling many references in literature in the field of atomization. The usage of correlations

to represent this phenomenon for various mechanical atomizing techniques was very common

during this period (1960’s) and still continues until current days, and therefore it was properly

analyzed. More recently, Santos e Moyne (2011) compiled several zero-dimensional correla-

tions for different fuel spray parameters (e.g., spray angle, tip penetration, liquid length, and

global SMD) for engine applications. The context of application of these correlations and 1-D

dimensional models (i.e. RANS, LES, DNS) is also explored.

Some works involving directly ethanol are also available in literature. For example,

Fajgenbaum e Santos (2016) performed some experiments about the fuel temperature effect

on the atomization process of ethanol and gasoline in a pressure-swirl atomizer in a port-fuel

injector and obtained PDFs for the droplet distribution as function of their diameters and ax-



67

ial positions. Additionally, (Nigra Júnior et al., 2016) developed a similar experiment with a

port-fuel single-hole injector and obtained PDFs for the droplet distribution and speed for n-

heptane. Olguin e Gutheil (2014) detailed the impact of spray evaporation on the structure of

laminar spray flames by combining a theoretical and numerical study for ethanol/air combus-

tion. Earlier, Gu et al. (2012) pre-heated different fuels in order to improve their vaporization

performance in a crossflow pre-mixer and results pointed out that ethanol SMD changed from

52.8% of initial to 48.2% due to pre-heating near its wet-bulb temperature.

2.3.2 Probability distribution function for droplet sprays

The complexity of representing a spray in numerical calculations is mainly associ-

ated to the property variation within the spray. For example, different sizes of droplets are found

within a spray, due to their own droplet break up history and interactions with the gas phase.

Thus, a stochastic approach represents in a simpler way the behavior of a fuel spray than an

deterministic approach, especially in periods before the availability of computers. Therefore,

researchers realized that an interesting way of representing this variation on the droplets size

is by a probability density function (PDF). For example, Mugele e Evans (1951) presents the

fundamentals related with droplet spray variables, such as mean diameters and different rep-

resentations of droplet distribution. This paper also provides some PDFs for different spray

applications, such as Rosin-Rammler, Nukiyama-Tanasawa, log-probability and upper-limit.

Later, Simmons (1977a) presented correlations of droplet-size distributions based on PDFs for

fuel nozzle sprays both for volume-fraction and number distribution forms (Simmons, 1977b).

A different approach involves the concept of entropy to represent the sprays. Xian-

guo e Tankin (1987) dealt with this problem by using the information entropy approach to obtain

a modified Nukiyama-Tanasawa distribution for droplets. The obtained distribution is said to

be independent of the physical terms of the problem. Following a similar path, Li et al. (2005)

developed a novel model to the initial droplet size distribution based on the maximization of

entropy generated during the liquid atomization process. Results were properly compared with

experimental data.

Due to the importance of droplet/particle distribution in several scientific fields,

some authors presented some subsequent fundamental reviews about this subject. Alderliesten

(1990) provides a proper review for concepts of statistics related to particle/droplet mean diame-

ters. Since then, this author focused on present thorough reviews about this theme (Alderliesten,
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1991; Alderliesten, 2002; Alderliesten, 2004; Alderliesten, 2006; Alderliesten, 2010). More

recently, Alderliesten (2013) presented a detailed analysis about the Rosin-Rammler (R-R) dis-

tribution, how it relates to Weibull distribution, and its mathematical and physical properties.

The normalized R-R number density function f0(x) is presented as:

f0(x) =
nxn−4

x′n−3Γ(1− 3/n)
exp

(
−
[ x
x′

]n)
(2.10)

where the gamma function Γ(n) has acceptable solutions only if n > 3. This con-

dition goes in contrast to measured size distributions in literature, where n ≤ 3 are reported

frequently.

2.4 Direct-injection spark-ignition engines

2.4.1 Brief overview

Direct fuel injection occurs differently in Diesel and spark-ignition engines; while

the direct fuel injection is a very common process to the former, it was quite uncommon to

find the latter in passenger vehicles until late 1970’s. The fact that Diesel engines often require

higher fuel injection pressures, as well as more complicated and expensive aftertreatment sys-

tems to respect the emission regulations created a need to develop more efficient DI gasoline

engines with high power output, lower cost fuel injection systems and simpler aftertreatment

devices (Zhao, 2010). Direct-injection spark-ignition engines have theoretically the potential of

high power outputs and improved fuel economy due to its ability in suppressing the knock phe-

nomenon at full load (FL) conditions and reducing pump losses in partial load (PL) conditions.

Direct injection in gasoline engines has existed since the 1930s; the high cost and

inflexibility of the fuel injection system limited the application of this device until the 1990’s

(Zhao et al., 1997; Zhao et al., 1999; Zhao, 2010) when commercial vehicles obtained reliable

electronic control systems capable of operating fuel injection systems with enough precision.

Thus, this type of vehicles became popular in the market for certain regions (e.g., Europe).

These new engines were developed to operate in the stratified mode (i.e., high air-fuel ratio

gradients inside the cylinder before combustion) at part load and low to medium engine speed

modes, while at high engine speed and full load it operated in homogeneous mode (i.e., air-fuel

completely mixed, similar to port-fuel injection (PFI) engines). Figure 2.6 presents a typical
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DISI engine fueled with gasoline, with its auxiliary systems (fuel injector, electronic computer

unit (ECU), lambda sensor, catalytic converter, etc.).

Figure 2.6 – DI gasoline engine. Adapted from (Zhao, 2010).

Heywood (2018) indicates that several advantages are obtained when a liquid fuel

is directly injected into the cylinder of a SI engine: the fuel goes directly into the combustion

chamber; its distribution can be managed and, if desired, stratified by mixing it with only part

of available air in the cylinder. These different procedures cause secondary benefits, such as the

evaporative cooling charge caused by fuel vaporization within the air, more air inducted into

the cylinder, tighter control of mixing preparation and reduction of specific fuel consumption.

This first benefit suppresses the occurrence of auto-ignition/knock and allows the application

of higher compression ratios, while the second increases the wide-open-throttle (WOT) torque.

Zhao (2010) published a book with a thorough review about advanced techniques related to

DISI engines fueled with gasoline and alternative fuels (e.g., ethanol). This book gave special

attention to this fuel with a chapter dedicated to it, with a description of its life-cycle, bene-

fits, and questions, besides its potential to fuel engines and CO2 mitigation under a Brazilian

context.

Alternatives towards established fuels and ICE technologies have been constantly

investigated throughout the latest decades. Bae e Kim (2017) published a review paper about the

seek for alternative fuels for ICEs. Some representative fuels covered in the work were alcohol

fuels (methanol and ethanol) and hydrogen (H2) for SI engines. This paper also commented
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Figure 2.7 – Representation of a fuel direct-injection process in a spark-ignition engine.
Adapted from (Ford, 2009).

about other types of combustion engines (GDI, GCI, HCCI, etc.), their technologies, benefits

and obstacles they need to overcome.

Furthermore, alternative processes to the classical SI and CI combustion in ICEs

are emerging in literature, such as low temperature combustion (LTC) (Agarwal et al., 2017).

Its advantages are simultaneous reduction in NOx, particulate matter (PM), and reduction of

specific fuel consumption (SFC), although challenges like controlling ignition timing and com-

bustion rate are still a problem to commercial implementation. The main difference between

LTC and classical combustion modes in engines is the occurrence of simultaneous spontaneous

ignition of the entire cylinder charge at multiple locations in an auto-ignition temperature with a

faster pressure rise, while the cylinder peak temperature remains relatively lower than the other

combustion processes.

A new combustion mode called Thermally Stratified Compression Ignition (TSCI)

has been recently applied to control both the average temperature and the temperature distri-

bution prior to ignition in HCCI engines (Lawler et al., 2017). This technique amplifies the

controllability and the range of operability of LTC by injecting water directly into the cylinders

and controlling the start and rate of heat release associated with LTC. The results showed sig-

nificant thermal stratification in the cylinder caused by local water injection, thereby controlling

the rate of heat release, which consequently extended the engine high load limit from 3.6 bar to

8.4 bar gross IMEP.

Some comprehensive reviews and books (Stan et al., 2000; Zhao, 2010) described

in details the potential of direct injection engines with gasoline and ethanol. Boretti (2010) ana-

lyzed the conditions for pure ethanol engines application in the transport sector and emphasized

that direct fuel injection and turbocharging are key features to these engines to reach the max-
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imum potential for ethanol high research octane number (RON) and high heat of evaporation.

El-Faroug et al. (2016) reviewed experimental results from hydrous ethanol application as a

fuel in SI engines (PFI and DI) with blends of gasoline and/or water. Moreover, Wang et al.

(2017) reviewed knocking combustion in SI engines. Special details about the phenomenology,

super-knock occurrence and methods of how to suppress knock (EGR, injection strategy, high

EGR-Atkinson/Miller cycle) were presented.

2.4.2 Fuel injection strategies and combustion modes of DISI engine operation

Direct fuels injection in SI engines are intrinsically connected to its operation regime.

In an engine cycle, the injection timing has the capacity of completely altering how the combus-

tion process will be in the next cycles, since it basically defines the amount of time the injected

fuel has to break into several droplets, evaporate, mixture with air, and then be ignited. Basi-

cally, the injection timing is divided into early direct injection (EDI) and late direct injection

(LDI), where these instants refer to the intake/admission stroke. Figure 2.8 presents these two

modes of operation for DISI engines:

Figure 2.8 – Representations of direct injection modes in DISI engines: Left - nearly homoge-
neous charge (early injection); right - stratified charge (late injection). Obtained
from (Baumgarten, 2006).

An early injection is executed during admission to cause some evaporative charge

cooling effect into the gases, therefore reducing their specific volume and enhancing the volu-

metric efficiency of the engine cycle. Moreover, an early injection also gives enough time to

all the fuel completely evaporate and mix with the air and residual gases (depending on the

engine speed). The final mixture is nearly homogeneous (Heywood, 2018), which affects the

combustion behavior.
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On the other hand, a late injection is developed after the admission valve closure.

Thus, the fuel has less time to break up, evaporate, and mix before combustion. Therefore, a

stratified charge is formed, with several degrees of air-fuel ratios inside the cylinder before the

ignition timing. During the first moments of combustion, a near-rich mixture is present near the

spark plug, whereas stoichiometric and lean mixtures are encountered around this region; this

air-fuel ratio gradient results in an overall lean combustion (up to λ = 1.8, depending on the

fuel and the engine). This reduces peak combustion temperatures and may slow down chemical

reactions. Therefore, it affects the formation of gaseous pollutants like NOx, CO, and UHC,

as well as it may reduce both brake specific fuel consumption (BSFC) and knocking tendency.

More details are found in review references about mixture preparation and combustion control

strategies, such as (Zhao et al., 1997; Zhao et al., 1999).

The newer generations of DISI engines are basically classified into three categories

of systems: spray-guided, wall-guided, and air-guided. The former involves using the direction

of the fuel spray jet to obtain the desired level of air-fuel mixing before combustion starts. The

second normally uses the existence of piston-cups on its crown to facilitate the mixing process.

The latter system utilizes different types of air/gas movement inside the cylinder, such as swirl

and/or tumble, to amplify the air-fuel mixing quality (Heywood, 2018). Even though most

DISI engines currently adopt a hybrid approach of these three categories, the dominant one

is the spray-guided system, especially due to the lack of feasibility in realizing the theoretical

potential of DISI engines with wall-guided systems, the volumetric efficiency reduction caused

by swirl and/or tumble flow on air-guided systems, to avoid the fuel wetting on the pistons

or combustion chamber walls (from wall-guided and air-guided systems), besides the benefits

provided by this system (Zhao, 2010).

Some reference works are presented here to overview the capacity of the aforemen-

tioned fuel injection strategies. Spiegel e Spicher (1992), Yang e Anderson (1998) developed

experimental analyses of fuel injection strategies for DISI engines. The former’s results indi-

cated only mild differences on the air-fuel mixture homogeneity for early DI fuel injection and

port-fuel injection indicated tendencies about early and late injections, while the latter’s sug-

gested the application of split injection to compromise between the benefits of early and late

injections in DISI engines. Drake e Haworth (2007) published a paper which discuss about

optical diagnostics and CFD for five gasoline-engine combustion systems and provides details

about different techniques of direct fuel injection in engines (e.g., wall-guided, spray-guided,
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and air-guided systems), besides homogeneous-charge compression-ignition engines (HCCI).

In terms of ethanol, Fournier et al. (2016) obtained experimental results for the behavior of fuel

blends of ethanol, butanol and acetone both in homogeneous and stratified charge operations

for a DISI engine.

Combinations of port-fuel injection for gasoline (GPI) and ethanol direct-injection

(EDI) were also explored in order to make the best use of ethanol in DISI engines. The idea

of dual-fuel injection was to compromise between the effects of evaporative cooling charge

and knock suppression of ethanol with the higher specific energy density of gasoline. For

example, Zhuang e Hong (2013a) highlighted the potential of ethanol in improving the engine

thermal efficiency and reducing pollutant emissions by exploring this potential in a dual-fuel

EDI + GPI strategy. Their results indicated gains in IMEP, knock suppression, CO and UHC

reduction, and allowed more advanced spark timings. In a similar study, Zhuang e Hong (2013b)

developed a experimental investigation towards the analysis of ethanol injection timing and

pressure in a EDI + GPI engine for three different fuel injection pressures (40, 60 and 90 bar).

Higher IMEP is obtained for EEDI due to improved volumetric efficiency and combustion.

Ethanol fuel injection pressure did not affect the IMEP in EEDI conditions, whereas it increased

IMEP at injection timing of 50° BTDC and decreased it at 110° BTDC. Later, Zhuang et al.

(2017) studied the influence of EDI in suppressing knock in a GPI engine by the means of

advancing spark timing and increasing inlet air pressure. Results indicated that increasing the

ethanol energy ratio (EER) in gasoline-ethanol fuel blend allowed the advance of knock-limited

spark advance (KLSA), which allowed higher cylinder peak pressures and reduced combustion

duration (CA5− 90%).

Multi-injection strategies are also an interesting alternative for DISI engines. For

example, Turkcan et al. (2013), Turkcan et al. (2014) studied the effects of gasoline-ethanol

fuel blends direct-injection strategies on HCCI combustion regime. Results showed that the

maximum pressure rise rate occurred with early start of the first injection (SoI1) timings with

fuel blends, instead of gasoline, whereas the start of the second injection (SoI2) affected the

combustion performance. Following a similar trend, Zhuang e Hong (2014) investigated the

effect of ethanol SoI timing on knock suppression and lean burn. Following a similar trend,

Imaoka et al. (2015) studied the application of multistage injection strategies in DI gasoline

engines. Multistage benefits the engine cycle by lowering the fuel impingement through re-

ducing the fuel injection momentum, therefore reducing tip penetration and improving the fuel
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mixing by the fuel spray dispersion. Moreover, the paper showed that retarded injection causes

larger cooling effect due to evaporation heat and lower heat transfer from the cylinder walls

to the gases. More recently, Duan et al. (2020) investigated how injection timing under single

and double injection strategies affects performance, combustion and emission of a DISI engine

fueled with gasoline/ethanol blend (E10).

2.4.3 Direct fuel injection modeling

Direct fuel injection modeling is directly connected to Diesel engine development,

instead of gasoline, due to the aforementioned reasons presented earlier in this chapter. Borman

e Johnson (1962)’s work was pioneer in applying the droplet evaporation theory to an open-

chamber Diesel engine in order to predict the behavior of the fuel sprays.

Since then, several approaches to modeling the processes of direct fuel injection,

break-up, evaporation, mixing and combustion were developed. For example, Hiroyasu e

Kadota (1976) proposed a mathematical model capable of predicting the NOx and soot forma-

tion on Diesel engines. Later, Hiroyasu et al. (1983) expanded its spray combustion model to

predict Diesel engine efficiency and pollutant formation based on a division of the spray in small

packages. The spray combustion was broken in terms of some overlapping events (e.g., fuel

injection, fuel evaporation and mixing, ignition and combustion, remaining fuel evaporation,

mixing and combustion, and final mixing and combustion. Mohammadzadeh (1984) published

a thesis presenting a stochastic approach to solve the combustion issue for a direct-injection

Diesel engine. More recently, Payri et al. (2011) developed a zero-dimensional single-zone

thermodynamic predictive model for DI Diesel engines with proper considerations regarding

blow-by, fuel injection, engine deformations. Ismail e Mehta (2012) developed a second law

analysis of the processes of fuel-air mixing and combustion in a heterogeneous charge compres-

sion ignition engine for n-tridecane. The model takes into account several sub-models related to

engine operation, such as fuel injection, air swirl, air entrainment, fuel evaporation and mixing,

ignition and combustion, etc.

Multi-zone models are an alternative for cases where higher precision is required

for pollutant formation prediction, for example. Hountalas e Papagiannakis (2000) developed

a two-zone mathematical model for direct injection of dual fuels (Diesel-natural gas) in Diesel

engines, with details about the combustion modeling, nitric oxide (NO) prediction, ignition de-

lay model, mass entrainment in the combustion chamber, etc. The combustion model adopted
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the semi-empirical model of Whitehouse-Way for the liquid Diesel in combination with an

Arrhenius type equation, while another Arrhenius type equation modeled the reaction rate of

natural gas. Rakopoulos et al. (2006) presented a model for the fuel spray development inside

a Diesel engine cylinder for bio-diesel, vegetable oil and Diesel fuels. Combinations of multi-

component droplet and DI modeling are also available in specific literature. For example, Ra e

Reitz (2003) applied a multi-component droplet vaporization model to gasoline direct-injection

engines with the application of continuous thermodynamics theory on the droplet’s properties.

Later, Rakopoulos et al. (2008) provided a multi-zone model for the closed cycle of a direct-

injection Diesel engine with blends of ethanol/diesel fuel. Krisman et al. (2012) explored the

potential of ethanol fuel stratification in stratified-charge compression-ignition engines through

the application of a multi-zone model validated against experimental data. Ethanol with differ-

ent quantities of water was studied and results indicated significant reduction of NO production

and pressure-rise rate in the engine cycle.

Computational Fluid Dynamics (CFD) is a very strong resource to simulate direct

injection engines, despite its requirement for an enormous amount of computational resources,

as well as its complexity to be proper developed and analyzed. Puri lng et al. (2017) studied the

effects of variation of fuel injection timing and pressure in a DI Diesel engine at full load by

using the CFD software CONVERGE. Results showed that advancing the ignition timing to 19°

BTDC provided the highest pressure peak and the lowest CO formation, although it increased

NOx formation. Gonçalves (2016) studied numerically the effects of internal phenomena in

Diesel fuel injectors/nozzles in the process of cavitation in a Diesel engine. Meanwhile, Jadhav

e Mallikarjuna (2018) applied a CFD analysis to understand the effect of fuel injector-hole

diameter and fuel injection timing on the mixture formation of a gasoline direct injection (GDI)

engine. Results indicated that higher diameters cause richer mixtures near the spark plug, while

lower diameters and retarded fuel injection timings provide higher indicated mean effective

pressures (IMEPs).

After this brief review, this thesis focused on applying the concepts of evaporative

cooling effect of fuel early direct injection to amplify the volumetric efficiency of the engine

cycle. The advantages mentioned by most references up to this paragraph indicate opportunities

for optimal operation of DISI engines. This optimal operation in a hybrid powertrain (with a

DISI + Miller cycle) (Zhao, 2017) may allow a sufficient autonomy for many vehicles to drive

throughout several regions of a country which do not necessarily have enough infrastructure to
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electrically charge pure electric vehicles. Thus, the adoption of some DI technologies previously

mentioned here in a multi-zone model can emphasize the potential of this engine, especially

when fueled with the subject of the next section, ethanol.

2.5 Ethanol and wet ethanol

2.5.1 Overview of ethanol characteristics as a fuel

As commented in Chapter 1, ethanol has been evaluated as a fuel for internal com-

bustion engines since the advent of these machines. References point out that ethanol was

present in many important events involving these thermal machines, such as the fuel used on

the first American ICE prototype, in an early version of the Otto ICE as well as in the early

versions of the Ford model T (Wikipedia, 2022; Hall, 2015). Since then, its properties have

been thoroughly studied and analyzed in order to use it as a renewable/sustainable biofuel, thus

replacing fossil fuels in some places of the world. An overview of ethanol properties and char-

acteristics (mainly based on Zhao (2010), chapter 9) to be used as a fuel in Brazil is presented

in this section.

In terms of production, ethanol can be considered almost 100% renewable (”liquid

solar energy”) and therefore almost CO2 neutral emission. Exceptions involve methane and

N2O for sugar cane production, and Diesel fuel for heavy-duty vehicles in the transport sector.

It does not require any energy input to its production, due to the bagasse burn. In addition,

its life cycle assessment (LCA) is already available in literature (Macedo et al., 2004; Macedo

et al., 2008) and its production is profitable. Besides, its economic impact to food prices is

mitigated, when compared to fossil fuel prices impact in this same sector. And lastly, ethanol is

biodegradable.

In terms of fuel properties (Zhao, 2010; Moran et al., 2011; Baeyens et al., 2015;

Heywood, 2018), despite its lower lower heat value (LHV) (26.8 27.0 versus 42.7 43.0 MJ/kg of

”gasoline”), ethanol possess a lower stoichiometric air-fuel ratio (9.0 versus 14.7 kgfuel/kgair),

which enhances the specific energy (2.98 versus 2.90 MJ/kgair, (Zhao, 2010)) obtainable from

combustion. Also, it has a higher H/C ratio (3 versus approximately 2.25) and presents similar

stoichiometric CO2 emissions (71.2 versus 71.9 gCO2/MJfuel). In spite of ethanol higher spe-

cific fuel and volumetric consumption in light-duty vehicles, its dependency can be avoided by

adding gasoline in its blend. When burning in an engine, ethanol usually causes lower adia-

batic flame temperatures, therefore less heat is lost by convection and radiation to the cooling
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system. Furthermore, ethanol has a much higher latent heat of vaporization (different literature

references indicate 930 (Zhao, 2010), 900 (Heywood, 2018), 910 (Bromberg; Cohn, 2008), 919

(NIST, 2021; Bank, 2022) versus 180 (Zhao, 2010), 300 (Bromberg; Cohn, 2008), 350 kJ/kg

(Heywood, 2018)), which enhances the evaporative charge cooling effect (in direct-injection

systems) and therefore the volumetric efficiency. Moreover, lowering the initial charge temper-

ature enhances the knock limit. Additionally, it has a higher octane number (MON 98 (Zhao,

2010) or 90 (Heywood, 2018), and RON 109 (Zhao, 2010; Heywood, 2018)), thus enabling

higher compression ratios with optimal ignition timing and higher boost pressures (via tur-

bocharging or supercharging). These higher anti-knock properties require less enrichment at

full load to avoid knock and to lower exhaust temperatures. This evaporative cooling effect

also allows a more intense turbocharging, which enables a more aggressive downsizing, reduc-

ing volume and surface area, which reduce the vehicle weight and engine friction, respectively.

Moreover, ethanol turbocharging usually provides lower exhaust temperatures, thus extending

the turbine life expectancy and increasing the efficiency by avoiding/reducing the enrichment at

FL to cool down the turbine. Ethanol also has a higher laminar flame speed than gasoline over

the usual relative air-fuel ratio (λ) range (Heywood, 2018), which allows possibilities to a more

efficient power development due to reduction of negative work (less spark ignition advance for

the same angle of peak pressure) (Zhao, 2010; Brusstar; Bakenhus, 2008). Its higher mole ratio

of products to reactants (1.061 versus 0.937) enhances the cylinder pressure and power output

for the same amount of intake air flow (slightly molar expansion, instead of a contraction). The

fact that alcohols combustion tolerate significantly high levels of EGR is a key feature to adopt

high compression ratios. This fact also leads to higher specific heat ratios (k = cp/cv), which

therefore also increases the engine cycle efficiency (Caton, 2014).

Despite the existence of a considerable number of advantages between its afore-

mentioned characteristics, there are some issues related to ethanol which need to be considered

in order to use it as a main fuel in ICEs. For example, material compatibility (corrosive) and en-

gine wear problem require special attention on long-term engine usage (Zhao, 2010). Another

question involves the aldehyde emissions due to ethanol combustion (Brinkman, 1981); issue

that does not practically happen with gasoline. Also, ethanol has azeotropes (Stein et al., 2013;

Baeyens et al., 2015), thus it changes the Reid vapor pressure, therefore enhancing possible

evaporative emissions. The ethanol cold start issue is very mentioned throughout the literature,

although several approaches such as the combination of variable cam timing and DI with proper
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strategies (Zhao, 2010; Kapus et al., 2007), heated fuel injectors and split injection have been

used to overcome it (Daniel et al., 2012). Finally, lower exhaust temperatures can reduce the

catalyst efficiency, especially during start-up operation. In short, all these issues exist and must

be taken into account, still they are mostly solved depending on the adopted engine system.

2.5.2 Hydrous ethanol usage in internal combustion engines

Brinkman (1981) was one of the pioneers that highlighted the ethanol main char-

acteristics and potential as a fuel in SI engines (e.g., higher thermal efficiencies, lower NOx

emission, higher knock resistance) when compared to gasoline. However, since 1980s this fuel

has faced some limitations on its applications as a main fuel in ICEs in Brazil, especially when

the Proálcool program was abandoned by the Brazilian government. Other issues involved its

cold-start problem in colder regions during the mornings and the sharp increase of aldehydes

emission by the engine. Still, ethanol remains until current days as a good alternative renewable

fuel in Brazil and has been used in fuel blends with gasoline (27% v/v ethanol) or as hydrous

ethanol (approximately 5% v/v water).

Some scientific works have been developed to expand the knowledge of ethanol-

gasoline fuel blends to overcome ethanol limitations and especially to highlight its properties.

For example, Agarwal (2007) presented a review paper about the application of biofuels (e.g.

alcohols and biodiesel) in internal combustion engines. The problems of engine modification,

material compatibility, engine performance, pollutant regulation, and environmental effects are

addressed, besides economical changes caused by these fuels application. Others (Boretti, 2010;

El-Faroug et al., 2016) updated the available information regarding ethanol usage. Later, Melo

et al. (2012) developed some experimental tests in a flex-fuel engine fueled with gasoline-

ethanol blends and calculated several combustion characteristics, such as mass fraction burned,

heat release rate (HRR) and combustion duration at maximum brake torque (MBT) conditions

for several engine speeds. Results indicated lower CO and THC for higher ethanol contents,

in spite of increased CO2, aldehydes and unburned ethanol emissions. On the other hand, NOx

emissions presented complex tendencies, which cannot be only justified with fuel modification.

Stein et al. (2013) overviewed the effects of gasoline-ethanol fuel blends in SI en-

gines for vehicles specifically designed to operate with such blends. Increased ethanol contents

are reported to increase knock resistance due to ethanol RON, heat of vaporization (HoV) and

sensitivity. These benefits also allow improving fuel efficiency and CO2 emissions through the
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application of complementary modifications in the engine, such as downsizing, downspeeding

and increased compression ratio. At last, the paper recommends the application of a fuel blend

between 20 and 40% v/v for a long-term fuel for the US for vehicles optimized to it. Corsetti

et al. (2015) studied the evaporation dynamics of ethanol/gasoline blend droplets with single

particle manipulation techniques. Different droplet compositions were studied and results in-

dicated that droplets with higher contents of ethanol required longer times to evaporate. Jin et

al. (2017) compared hazardous air pollutants (HAP) emissions obtained from various ethanol-

gasoline fuel blends (from E0 to E85) in a wall-guided (WG) DISI engine. Higher ethanol

contents in gasoline reduced dramatically the amount of particulate emission, therefore rare

nano-particles were detected during the experimental procedure. On the other hand, ethanol

collaborates to increase carbonyl compound emissions, which originate from its incomplete

combustion, while volatile organic compounds (VOC) reduced sharply.

Stan et al. (2000) investigated the full potentialities of direct-injection systems for

spark-ignition engines fueled with ethanol or gasoline. Some years later, Bromberg et al. (2006)

evaluated the effects of knock suppression caused by direct injection of ethanol as a fuel in a

highly turbocharged spark-ignition engine. Results show that the high octane rating of ethanol

and its enhanced evaporative cooling effect (due to its high evaporative latent heat) inhibited

knock for different conditions, therefore allowing the engine to operate in more intense con-

ditions with higher thermal efficiency. Moreover, these conditions also allow for downsizing

with higher compression ratios, obtaining a part-load efficiency increase of more than 30% in

comparison to conventional PFI engine operations. Later, Bromberg e Cohn (2008) extended

their analysis to present the effective octane rating increase and efficiency advantages of direct-

injection alcohol engines.

Some Brazilian researches involving the application of hydrous ethanol and/or DISI

engines were published recently. For example, Baêta et al. (2015) proposed a new layout for

an ethanol direct injection (EDI) engine with turbocharging in order to discover the limits of

downsizing for this type of engine. The main objective was to replace high-displacement gaso-

line engines (2400 − 3000cm3). The prototype engine (1400cm3) was capable to reach brake

mean effective pressure (BMEP) of 3250kPa at 44% of thermal efficiency. Moreover, a com-

parison between this prototype and a naturally aspirated (NA) 2.4-l engine showed that the pro-

totype reduced overall fuel consumption on all tested engine cycles in about 18%. Costa et al.

(2018) investigated the effects of stratified lean burn combustion of Brazilian hydrous ethanol
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(E100) in a wall-guided optical DISI engine. Results indicated that specific fuel consumption

and fuel conversion efficiency increased 8.1% and 2.6% for λ = 1.4, while NOx, THC and

CO emissions decreased 66%, 20%, and 20%, respectively. Near state-of-the-art conditions for

these fuels could potentially provide an efficiency gain of near 47% for a full-load turbocharged

Miller cycle DISI engine (Martins; Lanzanova, 2015).

2.5.3 Wet ethanol as an alternative fuel for internal combustion engines and for transport sus-

tainability

The idea of wet ethanol involves the usage of a biofuel which is capable of reduc-

ing the carbon footprint associated with ethanol while it assists to a better transition to a free

GHG world economy (Koupaie et al., 2019). The ethanol production of first generation involves

sugar-based raw materials like sugarcane crops (in Brazil), which are provided to certain species

of yeast or bacteria that metabolize the available sugar into ethanol and CO2 (Baeyens et al.,

2015). After the processes of saccharification, fermentation, distillation, and ethanol dehydra-

tion, the final mixture contains 99% of ethanol while the remaining content is water. However,

both distillation and dehydration processes require great amounts of energy, especially to over-

come the final 20% v/v of water. Mack et al. (2009) indicated that E65 (i.e., an ethanol-water

mixture with 65% v/v ethanol) decreases water separation cost to only 3% of the total energy

of ethanol, and also increases the net energy gain from 21% to 55% of the ethanol energy and

coproducts (for corn-based ethanol). Complementary, (López-Plaza et al., 2014) evaluated the

cost of wet ethanol production using a conventional distillation column so that it can be used

as a fuel in homogeneous charge compression ignition (HCCI) engines and emphasized that

wet E80W20 improves the energy balance by a factor of 2.3, CO2 balance by 1.9, and reduces

the cost by 25%. In addition, Fagundez et al. (2017) commented that the distillation process

accounts for near 13.7% of the total energy cost required to yield ethanol from sugarcane-based

production.

Several works are available discussing on how to improve the resources efficiency

(i.e., water, energy, CO2 emission, etc.) on the first-generation ethanol production process

(Vane, 2008; Madson; Monceaux, 1995; Lopes et al., 2016). In addition, other aspects to

sustainability, such as land use (i.e., food versus fuel battle) and the alleged lack of sustainability

of ethanol production has already been discussed on the literature (Caspeta et al., 2013), with

a proper sustainability assessment already available for Brazil in the last decade (Walter et al.,
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2011).

Any energy savings obtainable from both distillation and dehydration processes is

beneficial to ethanol lifecycle/well-to-wheel energy efficiency (Martinez-Frias et al., 2007).

Thus, the compromise between net energy savings from a specific ethanol production process

and water-in-ethanol content provides interesting benefits to the ethanol production chain, and

therefore would be even more effective if advantages to the ICE operation were obtained as well.

Within this context, in order to reach optimal conditions for ethanol lifecycle, it is required that

wet ethanol application in ICEs must be thoroughly studied, especially for DISI engines.

The characteristics of wet ethanol as a fuel for engines is quite clear: its higher

content of water absorbs more energy (than regular E95) during the fuel atomization and evap-

oration processes (on direct fuel injection), thus reduces the energy transferred to the cooling

system from the gases. Also, it reduces the unburned gases temperature, increases the ratio of

specific heats and boundary work, and especially assists on knock control for the engine oper-

ation at lower speeds (up to 2000 RPM) (Brewster, 2007; Brewster et al., 2007). For example,

Martinez-Frias et al. (2007) developed a work where the ethanol life cycle energetic efficiency

is improved by promoting the utilization of wet ethanol for HCCI engines. (Munsin et al.,

2013) indicated that the amount of energy required to distillate ethanol grows linearly up to

80% v/v and then starts growing exponentially, as shown by Fig. 2.9. Therefore, this significant

energy cost growth reduces the lifecycle ethanol energy efficiency and increases its produc-

tion cost. Results show that the model predicts appropriate engine operation up to 35% v/v of

ethanol/water with high efficiency (38.7%), low pollutant emission, besides a net energy gain

in the ethanol cycle (up to 55%). Mack et al. (2009) studied the HCCI engine operation with

ethanol-water mixtures from anhydrous ethanol to 60% v/v water and found proper stability for

fuels containing up to 40% v/v water. Also, limiting conditions for wet ethanol combustion

were found, which were beyond the capabilities of the experimental apparatus.

More recently, Breaux (2012) published a thesis about the effects of elevated water

content in ethanol combustion. Compositions from E100 to E60 were analyzed in a swirl-

stabilized combustor and results showed stable combustion for water contents up to 35% v/v

water. Lanzanova et al. (2013) developed an experimental performance analysis in a PFI SI

engine fueled with different ethanol-water mixtures up to 40% and compared their results with

simulations developed on GT-Power. Martins et al. (2015) presented an investigation about wa-

ter influence on combustion of water-ethanol fuel blends in a SI engine. Results from this work
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Figure 2.9 – Ethanol distillation energy/lower heating value ratio versus fraction of ethanol in
volume. Adapted from (Martinez-Frias et al., 2007).

showed higher thermal efficiency, lower maximum rate of pressure rise (i.e., an indirect knock

suppression), NOx production reduction, and an increase in ignition delay for higher water

contents of injected fuel. Lanzanova (2017) developed a Ph.D. thesis on experimental investi-

gations of wet ethanol combustion in DISI engines with a deep analysis on positive and negative

valve overlaps (PVO and NVO, respectively). Later, Bureshaid et al. (2019) applied a turbulent

jet ignition to evaluate the combustion and emission characteristics of gasoline, ethanol and

wet ethanol in order to extend the lean-burn limits of these fuels. Wet ethanol obtained a higher

lean-burn limit than gasoline (λwet = 1.77, while λgasoline = 1.71 and λethanol = 1.77), whereas

NOx emissions were almost negligible due to lower combustion temperatures of these cases.

After conceiving the TSCI combustion mode (Lawler et al., 2017), Rahimi Boldaji

et al. (2019) expanded the TSCI application to fuels. However, instead of using direct water

injection, the authors decided to inject wet ethanol in different ethanol-water mixtures to dis-

cover the effects of applying this combustion mode with this renewable fuel. Wet ethanol fits

exceptionally well with the main ideas of TSCI, since it has a high latent heat of evaporation

and low equivalence ratio/relative air-fuel ratio sensitivity, both of which collaborate to cause

proper thermal stratification without affecting the autoignition timing of various regions (i.e.,

ethanol has no sensitivity to local relative air-fuel ratio). The results showed that this biofuel

provided control over the peak pressure and rate of heat release (i.e., it elongates the combus-
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tion process), as well as over the start and rate of combustion in the LTC mode. More recent

works applied experimental computational model approaches (e.g., CFD converge or MATLAB

subroutines) to relate the pair TSCI and wet ethanol with optimal upstream intake temperature,

external cooled exhaust gas recirculation (EGR), multiple split fuel injection strategies, intake

boost, injector angle and piston geometry, (Gohn et al., 2020; Gainey et al., 2020; Gainey et

al., 2020; Gainey et al., 2020; Gainey et al., 2019; O’Donnell et al., 2020; Gainey et al., 2019).

In terms of direct-injection engines fueled with wet ethanol, Sari et al. (2018) seeked

to optimal conditions for wet ethanol use as a fuel in DISI engines. Both spark advance and

cylinder compression ratio were studied through ignition timing sweep. Fuel blends of 4%,

10%, 20%, and 30% v/v of water in ethanol were tested. Results indicated that all blends

offered gains in indicated efficiency, even for E80W20.

Optical techniques have been used to improve the understanding of wet ethanol

burning process in ICEs. For example, Koupaie et al. (2019) used an optical central DISI en-

gine to study the combustion of wet ethanol in order to improve the understanding of flame

propagation using this fuel. Mixtures of 5%, 12% and 20% v/v water in ethanol were studied

and compared to baseline results from iso-octane. Higher water contents in ethanol reduced

the flame speed (10.92m/s of pure ethanol to 8.2m/s). Results indicate that the flame unequal

propagation caused by higher water contents could be compensated with the spark-plug ideally

positioned towards the intake side, which would be of crucial assist to operate the engine un-

der high load knocking conditions. Therefore, higher water contents act as diluents and requires

more advanced spark timing to reach MBT (Maximum spark for Best Torque) conditions. Com-

plementary, Augoye e Aleiferis (2014) studied the flame development of anhydrous (E100) and

hydrous ethanol (E94W6 and E90W10) mixtures in a optical research engine both for PFI and

DI conditions. These results were compared to iso-octane and gasoline and showed that the fuel

alcohol blends burned baster (i.e., 11.0 m/s for E100 and approximately 10.0 m/s for E90W10)

than the other fuels.

2.6 Second law of thermodynamics in transport phenomena

The second law of thermodynamics is usually associated with thermodynamic pro-

cesses in order to provide information about the entropy generation or the degree of irreversibil-

ity of these processes. For example, Moran et al. (2011) presents the fundamentals related to an

analysis based on the second law of thermodynamics to macroscopic thermodynamic cycles and
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thermal devices. Still, no information is provided to the application of such subject in transport

phenomena. On the other hand, Bejan (2006) presents advanced concepts related to thermo-

dynamics in engineering, such as the entropy generation minimization (EGM) methodology.

It is commented that a transport phenomenon can be analyzed based on a second law view,

with some practical examples (e.g., laminar flow in a tube and heat transfer in heat exchangers)

didactically presented. In terms of exergetic analyses, Lior et al. (2006) published a short re-

view about the application of the exergy concept in transport processes, and some examples of

application of this methodology are presented.

The connection between second law of thermodynamics with transport phenomena

began during the end of 1970’s. Bejan (1979) was a pioneer in being one of the first researchers

in connecting the areas of convective heat transfer and the second law of thermodynamics by

presenting some aspects related to the latter for different fundamental flow configurations (e.g.,

pipe flow, boundary layer over flat plate, etc.). The concept of entropy generation number

is presented and make a connection between dimensionless numbers used in fluid mechanics

and heat transfer (e.g., Peclet, Prandtl, Reynolds, etc.) with the amount of entropy generation

obtained for specific cases of these flow configurations. Arpaci e Selamet (1992) reviewed

the concepts of entropy efficiency for energy systems and highlighted issues about turbulent

dissipation and its connection with local entropy production.

2.6.1 Second law related to droplet/spray evaporation/combustion

This thesis intends to present a second law view about droplet and spray evaporation

in DISI engines, therefore a deep review in literature was necessary to understand the main

principles and references about this subject. Most references involve analyses about droplet or

spray combustion processes in diverse thermal devices and only very few studied directly the

evaporation effects on entropy production/exergy destruction.

The first references connecting second law of thermodynamics with droplet and

spray evaporation processes were published by the end of 1980’s. The technical report written

by Sengupta (1987) focused in theoretical studies of droplet and spray evaporation processes,

with a connection between these processes and their associated irreversibilities. Som et al.

(1990) developed probably the first study involving a second law analysis of spray evaporation

available in literature. The spray evaporates in a parallel uniform hot gas flow. A thermody-

namic advantageous condition is obtained at higher temperature differences between the initial



85

spray and the gas. Next, Dash et al. (1991) focused in the temporal rate of entropy generated

by a droplet evaporation in a convective high temperature environment. Dash e Som (1991)

developed a similar analysis, but focusing in a droplet combustion process, instead of evapora-

tion. The main irreversibilities associated to this phenomenon are attributed to the conduction

of heat, the mass and heat convection of fuel vapor, and the combustion process in the gaseous

phase. Later, Som e Dash (1993) developed an exergetic balance of a spray evaporation process

in a hot gaseous environment. A two-phase flow model was adopted to represent the spray and

applied to calculate the entropy generation. Puri (1992) studied the droplet burning issue by

presenting an exergetic analysis of a fuel droplet burning in a gaseous flow. The optimal point

of this process indicates a low Reynolds number which is connected with an optimal transfer

number. An expression based on the Entropy Generation Minimization (EGM) method (Be-

jan, 2016) is presented. More recently, Som e Sharma (2002) extended their analysis for the

application in a gas turbine combustor, focusing on several operation conditions in terms of

irreversibility and second law efficiency.

There is a deficiency of research papers involving droplet/spray evaporation or com-

bustion processes, even in terms of other transport phenomena subjects. Som e Datta (2008)

published a review paper grouping papers about thermodynamic irreversibilities in combustion

processes. It is noted the scarce number of works relating this area with the focused subjects of

this thesis.

Papers focusing directly on droplet or spray combustion detail partially the entropy

flows and their respective irreversibilities that can also be present in the evaporation process.

Hiwase et al. (1998) developed an exergetic analysis to determine the exergetic efficiency of a

fuel droplet combustion process at a high temperature environment. The optimal condition for

the available energy involves a low Damköhler number as well as a high gas temperature. Then,

Datta e Som (1999) developed an theoretical exergetic analysis of the spray combustion process

with the objectives of evaluate the thermodynamic irreversibilities and the second law efficiency

of this process. More recently, Pope et al. (2010) presented an analysis about entropy generation

in the gas-phase during combustion of a methanol droplet, with special attention given to the

effect of surface tension on entropy generation. Results indicate that entropy generation due

to heat and mass transfer decreases as higher initial Reynolds numbers are considered. Also,

the parcels of heat transfer and chemical reaction on the global entropy generation are more

important than the parcel related to mass transfer.
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Some works have been published recently connecting second law analyses with

droplet evaporation process under different gas-phase conditions. de Lima et al. (2020) de-

veloped a parametric analysis through the view of second law of thermodynamics of a single-

component droplet (anhydrous ethanol) evaporation in a variable temperature environment. The

parameters evaporative cooling effect, entropy generation, droplet penetration and evaporation

time were used to analyze the evaporation behavior. Later, Lima et al. (2020) compared four

droplet evaporation models for a pure ethanol droplet in the same ambient as the previously

mentioned work. The Abramzon-Sirignano model Abramzon e Sirignano (1989) neither under-

estimate nor overestimate (i.e. an intermediate behavior) the evaporation time and in-cylinder

gases entropy generation during the process, since it is the only one selected which takes into

account the gas film effects. The lowest specific entropy generation is found for the leanest con-

dition, which opens a possibility to a thermodynamic optimization of the droplet evaporation

process on lean conditions (PL) with interesting conditions of droplet lifetime, penetration, and

evaporative cooling effect during the fuel direct-injection process

2.6.2 Second law related to fuel sprays in direct injection spark-ignition engines

Exergetic analyses of ICEs have been quite studied for some time. For example,

Gallo (1990) compared the engine performance of SI engines with a carburetor and fueled

with gasoline or ethanol through the application of an exergetic analysis. Calculations involved

the exergetic efficiency of each engine stroke. Rakopoulos e Giakoumis (2006) reviewed sev-

eral papers which focused on the application of the second law of thermodynamics in internal

combustion engines. Practically all types of ICEs were covered with details about the type of

modeling, heat transfer correlations used, parameters studied, experimental validation, etc.

Some researches applied exergetic analyses to pursue extra benefits of ethanol ap-

plication on ICEs. Khaliq et al. (2011) proposed the use of wet ethanol in a conceptual HCCI

engine in order to highlight the energy balance towards ethanol. The exergy destruction was

presented for all components where the vaporizer (where the fuel evaporates and mixes with

air) accounted for 4.39% of total exergy destroyed for the engine operation. Recently, Rufino et

al. (2019) presented an exergetic analysis of experimental data obtained from a PFI SI engine

fueled with ethanol on both partial and full load conditions. Also, the paper presents the exergy

components related to an engine cycle (fuel exergy, mechanical losses, exergy flows (admis-

sion, exhaust, and cooling water), in-cylinder irreversibilities, and others), as well as the first
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and second-law efficiencies. Results indicate that ethanol presented lower in-cylinder exergy

losses and higher efficiencies than gasohol, although due to its higher pressure peaks caused an

increase at the mechanical losses as well.

In terms of DISI engines, the number of studies is quite reduced, especially in-

volving sub-processes inside the engine cycle, such as spray evaporation and mixing before

combustion. Ismail e Mehta (2012), Ismail e Mehta (2014) presented second law analyses in-

volving the vaporization process of droplets from engine fuel sprays. Ismail e Mehta (2012)

evaluated the availability destruction associated with several sub-processes before combustion,

as well as the proper combustion in a heterogeneous mixture (late injection) in a DI Diesel en-

gine. Fuel vaporization was indicated as the main cause of availability destruction before fuel

ignition and that fuel injection rate was the controlling factor of this sub-process. Later, Ismail e

Mehta (2014) focused specifically in predicting entropy generation due to a droplet evaporating

in engine fuel sprays. Recently, Lima e Gallo (2021) developed a thermodynamic analysis of a

wet ethanol spray evaporation process in a DISI engine, where a degree of knock suppression

(e.g., 10x reduction) was clear when comparing DI with PFI conditions.
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3 MATHEMATICAL MODELS AND METHODOLOGY

The methodology section compiles all different methodologies adopted in the de-

velopment of different work topics associated with this thesis theme. All algorithms/computer

codes presented in this chapter for this research were developed in MATLAB®.

The first and second sections deals with the main ideas related to the development

and application of a droplet evaporation model. The purpose was to evaluate the behavior and

effects of individual droplets through a Lagrangian approach and how it can impact at bigger

scales, such as in spray injection and evaporation processes in a engine cylinder. This model

takes into account a single-component (ethanol - Section 3.1) as well as a multi-component

(wet ethanol - Section 3.2) droplet in a thermodinamically variable environment (i.e, tempera-

ture, pressure and/or volume can change during the transient process) similar to thermodynamic

states of in-cylinder gases during the compression stroke of a DISI engine. Some aspects of

this model were addressed through the application of the second law of thermodynamics by a

differential equation for entropy balance for the gases control volume. Some equations were

suggested to describe the first and second law efficiencies of a droplet evaporation process in

terms of energy and exergy transfers involving the droplet.

The third section expands the study to multiple droplets by considering them as

part of a fuel spray in a similar ambient as previously described in the last paragraph (Section

3.3). The phenomena of injection and evaporation of this fuel spray were accounted for the

analysis and how they affected the direct fuel injection process during the compression stroke.

A mathematical description of the spray is presented, as well as its division into multiple droplet

classes by the application of a probability distribution function (PDF) of droplet diameters in

sprays. Not only the equations applied to the droplet control volumes (Lagrangian), but also

those associated with the surrounding gases (Eulerian) are presented. A second law view of this

expanded model is also described. Finally, the efficiencies (first and second laws) of the droplet

evaporation process are expanded to cover the spray evaporation.

The fourth section involves all aforementioned processes in a wet ethanol DISI en-

gine simulator, where multiple aspects of the engine operation are emphasized in terms of fuel

jet injection, droplet break-up, evaporation, mixing and combustion. The main effects of direct

injection (benefits and possible drawbacks) possibly detected by the simulation (e.g., charge
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cooling and knock suppression), as well as multiple injection strategy, were explored. More-

over, some engine parameters (IMEP, thermal efficiency, engine power, knock occurrence, pol-

lutant emission, etc.) are associated with evaporation characteristics (i.e, droplet lifetime, pen-

etration, evaporative cooling effect) in terms of energy and entropy/exergy transfers balances.

The mathematical modeling for all described sub-processes is presented and properly described.

The last section accomplish all knowledge obtained in these studies to perform a

thermodynamic optimization of a direct injection of wet ethanol in a turbocharged downsized

SI engine. The objective was to gather all benefits associated with direct fuel injection (evap-

orative cooling, knock suppression, compression ratio increase) and wet ethanol (renewable

fuel, ethanol potential, increased cylinder mass, improvement of ethanol lifecycle energy) in a

downsized turbocharged SI engine and apply an optimization process in terms of second law of

thermodynamics. Some function objectives such as knock index number (KIn) are compared to

multiple conditions in order to find a near state-of-the-art engine configuration with approaches

the maximum potential of wet ethanol as an alternative renewable fuel. The equations involv-

ing the exergetic analysis are presented for both closed and open phases. The details about the

optimization process are available in Chapter 7.

3.1 Description of a single-component droplet evaporation in thermodynamic variable

environments

3.1.1 Model description and assumptions

This initial theoretical model involves a quasi-dimensional thermodynamic analysis

of the injection and evaporation processes of a pure ethanol droplet in an environment with

thermodynamic conditions similar to in-cylinder gases in the compression stroke of a DISI

engine. This particle begins to evaporate at the moment it is injected into this system, as there

are both temperature and ethanol concentration gradients in the interface between the droplet

surface and the gases. Initially, the gas is at a higher temperature than the droplet as well as

it does not contain any traces of the fuel in its composition. Also, there is a relative velocity

between the droplet and the gases (which are at rest), thus this relative velocity stimulates further

the convective heat and mass transfers that happen between the droplet and the air.

There are two control volumes in this system: one involving the droplet and fol-

lowing the droplet surface variation over time and a second one encompassing the gases, whose

volume is also variable. The union of both control volumes represents the cylinder volume (Vt),
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which is constant during the simulations. Figure 3.1 presents the schematic diagram of this

model:

Surrounding gas

Fuel injector

Droplet

Q̇conv

Q̇evap

ud

Figure 3.1 – Schematic diagram of a droplet injection and evaporation model in a DISI engine
cylinder.

All hypotheses associated with the droplet vaporization theory are available in some

review papers of the subject (Faeth, 1977), yet they are also presented here for the sake of

completeness. The description of all adopted assumptions to this model follows next:

• The evaporation process occurs in a quasi-steady way. The main reasons are based on the

following arguments: the ratio of liquid/gas density is much greater than 1 (ρl/ρg ≫ 1),

which collaborates to the quasi-steady approximation usage in the liquid phase. Also,

it is taken into account that δg ≪ Dd and αg ≫ αl, which directs to an hypothesis of

the boundary layer involving the droplet has the same properties as a steady layer for

the same droplet diameter, temperature, velocity, as well as the gas temperature, thus the

radial flow within the liquid phase may be neglected (Faeth, 1977);

• The droplet is the only condensed phase, attains its spherical shape during all evaporation

process and does not interact with other droplets. Moreover, it is only composed by fuel

and its temperature and specific mass are uniform. The thermodynamic and thermophys-

ical properties, as well as the mass diffusivity are constant at each time step;

• The control volume (CV) which involves the liquid phase follows the droplet diameter

reduction, i.e., the control surface is always adjacent and outside the droplet surface.
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During evaporation, this control volume keeps adjacent and outside the droplet interface

with the surrounding gases. In addition, the CV is adiabatic and rigid on all its control

surfaces, with exception on its interface with the particle, where it follows the droplet size

variation;

• The initial surrounding gas composition is dry air (N2 : 78.084% O2 : 20.946%, Ar :

0.937% and CO2 : 0.033%) (Way, 1976);

• Due to the evaporation process occurrence in a low oxygen concentration, the oxidation

of fuel components in the surrounding gas flow field was considered relatively small so

that evaporation process was considered to happen without combustion (Faeth, 1977);

• Secondary droplet break-up modes (e.g., bag, stripping, etc.) are initially neglected;

• The convection effects on the evaporation are taken into account by correcting the results

obtained from regular droplet evaporation theory with empirical correlations for Nusselt

and Sherwood numbers (heat and mass transfer, respectively);

• The droplet vapor flows symmetrically radial (i.e. unidimensional) from the droplet to

the outer surface;

• Film theory considers a spherical symmetric boundary layer between Dd and Dd + 2δ,

where δ accounts for the thickness of this boundary layer. Its value is chosen to correct

the radial motion for heat and/or mass transfer;

• The vapor pressure of the droplet components (i.e., ethanol and water) do not get near

each of their critical conditions (i.e., the gas pressure does not increase to a level which

causes these conditions), which allows the application of ideal gas law. Therefore, the

model treats both air and ethanol vapor as ideal gases.

• Interface: The surrounding air is insoluble in liquid anhydrous ethanol at cylinder gas

conditions; The presence of other gases at the droplet surface does not interfere with the

equilibrium vapor pressure of each fuel component vaporizing. Also, the mass transfer

rates do not interfere the vapor pressure for a liquid temperature. Surface tension is

negligible in this model, since this effect is found to be small for conditions like Dd >

1µm and P > 1atm;
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• Fick’s law is assumed valid for droplet evaporation, due to the insolubility assumption

in which the fuel vapor is the only species with a non-zero velocity. Soret and Dufour

effects are ignored;

• Raoult’s law is assumed valid;

• The continuum approximation is valid for droplets with diameters larger than 1 µm;

• Radial pressure gradient: The pressure is assumed constant at each time step for droplets

larger than 1 µm;

• The one-third rule (Abramzon; Sirignano, 1989) is used to ponder average mixture prop-

erties between the saturated vapor coming from the droplet and the gases involving it;

• The thermodynamic properties used in the model (enthalpy, entropy, free Gibbs energy)

are obtained based on NIST thermodynamic tables (Chase Jr., 1998). The droplet prop-

erties as well as the fuel vapor specific mass (ethanol and water) are calculated based

on correlations from (Green; Perry, 2008), while the gas transport properties (thermal

conductivity, dynamic viscosity, mass diffusivity) are obtained utilizing the open source

software Cantera. The gas thermodynamic state is determined based on the one-third rule

described in Eqs. 2.1-2.2 at the environment pressure to obtain Tm and yi,m, respectively.

Then the object defined in Cantera software provided the transport properties based on

this mixture between the vapor composition over the droplet surface and the environment

one.;

• Additional assumptions regarding the energy equation are: there is no shaft or viscous

work on control surfaces. There is also no droplet rotation, non-inertial effects on this

model. Thermal radiation, chemical reactions and potential energy are considered negli-

gible;

3.1.2 Liquid phase modeling

The conservation laws on their integral forms were applied in order to develop the

mathematical model to simulate the aforementioned model of section 3.1.1. The Lagrangian

approach was used for the droplet equations, while the Eulerian approach was used for the

gases. First, it is presented the final form of the equations for the droplet control volume. Their

deduction from Reynolds Transport Theorem and the application of all associated assumptions
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for the properties (e.g., mass, species, velocity, energy and entropy) are provided in Appendix

A to avoid great mathematical developments in the methodology sections. Therefore, Eq. 3.1

presents the Reynolds Transport Theorem (RTT) for the droplet mass conservation:

dmd

dt
= −ṁd (3.1)

This equation indicates that the droplet mass loss is equal to the mass flow rate that is evaporated

from the droplet surface to the surrounding gas. The droplet diameter rate is obtained by Eq.

3.2:

dDd

dt
= − 2ṁd

πρdD2
d

− πDd

3ρd

dρd
dt

, (3.2)

where the first term on the right hand side (RHS) represents the mass variation due to evapo-

ration, whereas the second one refers to the liquid specific mass variation due to temperature

variation (i.e., droplet swelling effect).

The mass flow rate associated with the evaporation process is calculated by Eq. 3.3:

ṁd =

Nspecies∑
i=1

ṁi =
n∑

i=1

πDpart,i(ρD)i,vShi ln(1 +BM,i) (3.3)

Equation 3.3 was deduced in Appendix A for multi-component droplet evaporation

cases, but for this section it is simplified for a single-component droplet. The term Dpart,i

represents the concept of volume-equivalent partial diameter for each droplet component to

represent its droplet ”size” in the component evaporation rate (Brenn et al., 2003), as previously

presented in Eq. 2.6.

The term (ρD)i,v in Eq. 3.3 is evaluated at average mixture conditions based on

the aforementioned one-third rule, while BM,i is the Spalding mass transfer number for each

droplet component (Tong; Sirignano, 1986):

BM,i = (yi,fs − yi,fg)/(1− yi,fg) (3.4)

where yi,fs is the mass fraction of the ith droplet component on the vapor droplet surface and

yi,fg is the mass fraction of the ith droplet component on surrounding gases. Eqs. 2.6-3.4 reduce

to Dpart,i = Dd and BM,i = BM = (yfs − yfg)/(1− yfg) for this model.
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The droplet momentum conservation equation is also obtained from the RTT. The

deduction to its final form is based on (Abramzon; Sirignano, 1989; Crowe et al., 2012) and on

the aforementioned assumptions. Finally it is obtained Eq. 3.5:

dud

dt
=

3

4

Cd

Dd

ρs
ρd

|ug − ud|(ug − ud) (3.5)

The drag coefficient correlation takes into account the evaporation effects and it is

calculated by Eq. 3.6 (Abramzon; Sirignano, 1989):

Cd =
12.69

Re
2/3
m (1 +BM)

(3.6)

The conservation of energy for the droplet is obtained by applying the assumptions

and isolating the temperature differential, as presented in Appendix A. The final form is pre-

sented by Eq. 3.7:

dTd

dt
=

Q̇d,conv − Q̇d,evap

mdcd
, (3.7)

where Q̇d,evap = ṁd∆hv and Q̇d,conv = Adhconv(T∞−Td). hconv is the convection heat transfer

coefficient, which is obtained through the correlations presented later in Sec. 3.1.3. The droplet

entropy balance is also obtained based on RTT (Bejan, 2006). The Ts term represents the

surface temperature where the heat transfer happens, which in this case is at the surface droplet

temperature Td. Therefore, based on all presented assumptions, the final form is shown by Eq.

3.8:

σ̇d = md
ds

dt

∣∣∣∣
d

+ ṁd∆sv −
Q̇d,conv

Td

, (3.8)

where ∆sv = ∆hv/Td, since the vapor entropy change is in the saturation phase change. The

control volume entropy variation, as the droplet is liquid and incompressible, is calculated by

Eq. 3.9:

ds

dt

∣∣∣∣
droplet

=
cd
Td

dTd

dt
(3.9)

Comparing Eqs. 3.7 and 3.8, it is noticed that σ̇d = 0 for this control volume. This

means that the evaporation process is considered reversible for this model.
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3.1.3 Heat and mass transfer correlations for droplet heating & evaporation

The presented droplet evaporation model needs the inputs for experimental correla-

tions associated with the phenomena in order to work properly (Faeth, 1977). Some correlations

usually presented in specific literature are presented here for the sake of completeness of the

model. The classical Ranz-Marshall correlation is used to calculate both Nusselt and Sherwood

numbers for the droplet evaporation process (Ranz; Marshall Jr., 1952):

Nu = 2 + 0.6(Re1/2m Pr1/3m ) (3.10)

Sh = 2 + 0.6(Re1/2m Sc1/3m ), (3.11)

where Reynolds, Prandtl and Schmidt numbers are Rem = (ρm|ud − ug|Dd)/(µm), Prm =

(cp,mµm)/(km), and Scm = (µm)/(ρmDm), respectively. The Frossling correlation (Abramzon;

Sirignano, 1989) is another one applied to represent droplet evaporation:

Nu = 2 + 0.552(Re1/2m Pr1/3m ) (3.12)

Sh = 2 + 0.552(Re1/2m Sc1/3m ) (3.13)

These two different correlations tend to overestimate the heat and mass transfers

at low Reynolds numbers, with a special issue of enhancing significantly the mass and heat

exchange at Rem ≊ 0. The Clift correlation (Abramzon; Sirignano, 1989) considers the evapo-

ration effects directly in Nusselt and Sherwood evaluations and also avoids the infinity-result:

Nu = 1 + (1 +RemPrm)
1/3f(Rem) (3.14)

Sh = 1 + (1 +RemScm)
1/3f(Rem), (3.15)

where fRem = 1(Rem ≤ 1) and fRem = Re0.077m (Rem ≤ 400).

3.1.4 Gas phase modeling

The conservation laws on their integral forms were also applied to the surrounding

gases, just as in the case of the droplet control volume. Only mass, energy and entropy equations
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are used for the gases, since the model consider that the gas is quiescent (Turns, 2012; Kuo,

2005). Therefore, based on aforementioned assumptions and on a similar deduction available

in Appendix B, the gas mass conservation provides Eq. 3.16:

dmg

dt
= ṁd (3.16)

Following the Appendix B, the energy conservation provides Eq. 3.17, which rep-

resents the gas temperature temporal rate:

dTg

dt
=

ṁd(hv − ug)− πD2
dhconv(Tg − Td) + Pg

dV– d

dt

mgcv,g
(3.17)

The pressure rate is obtained by the ideal gas equation of state:

dPg

dt
=

1

V– system−Rg V– g

cp,g
− V– d

{
RgTg

dmg

dt
+

Rg

cp,g

[
ṁd(hv − hg)− πD2

dhconv(Tg − Td)

+Pg
dV– d

dt

]
− Pg

(
dV– system

dt
− dV– d

dt

)}
(3.18)

The entropy balance provides Eq. 3.19, which provides the entropy generation rate

on the gas control volume:

σ̇g = ṁd(sg − sv) +mg
dsg
dt

+ πD2
dhconv

Tg − Td

Td

, (3.19)

where sg is the gas entropy, sv is the vapor entropy that is crossing the control surface.

3.1.5 Droplet evaporation models

The droplet evaporation models used in this thesis are standard ones, which al-

lows their application with the hypotheses previously presented in this chapter. Within this

context, it was selected four evaporation models for this research: the classical evaporation

model (CEM), the modified classical evaporation model, the non-equilibrium model, and the

Abramzon-Sirignano model. Pinheiro (2018) described these models in terms of their historic

importance, assumptions and extensions, therefore only the main equations are presented here

for the sake of completeness. The CEM model applies the aforementioned Eqs. 3.1-3.4 and

3.5-3.7. Also, a pair of the Nusselt and Sherwood correlations (e.g., 3.10-3.15) are required for

this model to work properly.
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The modified classical evaporation model applies the same equations cited in CEM

model as well as an expression for a correction factor G required on the classical model, in

order to take into account the existence of a gas-liquid film around the droplet (Pinheiro, 2018).

Equations (3.20-3.21) describe this correction factor and how it modifies the droplet energy

balance:

G =
β

eβ − 1
, (3.20)

Q∗
d,conv = GQd,conv = GπD2

dhconv(Tg − Td), (3.21)

where β = − ṁcp,m
2πkmDd

is a non-dimensional evaporation parameter. The corrected convective

heat transfer Q∗
d,conv substitutes its similar term Qd,conv on Eq. 3.7.

The droplet evaporation non-equilibrium model assumes some non-equilibrium ef-

fects on the vapor molar fraction of each fuel component evaporating, thus a deviation term was

suggested to employ these effects on these molar fractions (Pinheiro, 2018). Equation 3.22 rep-

resents this deviation term based on the calculation of the molar vapor fraction from the partial

pressure-total pressure ratio:

xfs,neq = xfs,eq −
2Lkβ

Dd

, (3.22)

where xfs,eq = Pfs/Pg. Lk is the Knudsen layer thickness and it is obtained by Eq. 3.23:

Lk =
µm

√
2πTdRf

αeScmPrm
, (3.23)

where αe is the molecular accommodation coefficient and it is usually approximated to 1.

As presented by Abramzon e Sirignano (1989), the film theory considers that the

diffusive effects associated with heat and/or mass transfer resistances are present in only a thin

shell film around a droplet with thicknesses δT and/or δM . These thicknesses are calculated by

Eqs. 3.24-3.25:

δT,0 =
Dd

Nu0 − 2
(3.24)

δM,0 =
Dd

Sh0 − 2
, (3.25)
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where Nu0 and Sh0 are the Sherwood and Nusselt numbers obtained from correlations, such

as the presented ones in the last sub-section. These thicknesses are valid for non-evaporating

droplets, although they can be corrected to take into account the Stefan flow present in droplet

evaporation processes. The correction factors FM and FT are defined by Eqs. 3.26-3.27, re-

spectively:

FT =
δT
δT,0

(3.26)

FM =
δM
δM,0

(3.27)

These correction factors are used to obtain corrected Sherwood and Nusselt param-

eters Sh∗ and Nu∗:

Nu∗ = 2 +
Nu0 − 2

FT

(3.28)

Sh∗ = 2 +
Sh0 − 2

FM

(3.29)

The correction parameters are FT = (1+BT )
ln (1+BT )

BT
and FM = (1+BM) ln (1+BM )

BM
,

which are correlations obtained from experimental measurements of a laminar boundary flow

over an evaporating wedge (Abramzon; Sirignano, 1989). The Spalding heat transfer number

is BT = (cp,f (Tg − Td))/(∆hv + Q̇d/ṁd) and the heat transfer penetrating into the droplet

is Q̇d,sens = Q̇d,conv − Q̇d,evap. The complete algorithm to apply the film theory on droplet

evaporation models is didactically presented in Abramzon e Sirignano (1989).

3.1.6 Liquid-gas interface equations

The phase-equilibrium between liquid and gas phases on the droplet surface is as-

sumed in the presented model. The molar fraction of component i on the droplet surface xi,fs is

given by the Raoult law:

xi,fs =
Pi,f

Pg

, (3.30)

where Pi,f is the partial pressure of the ith component on the droplet surface and Pg is the gas

pressure. Both ethanol and water vapor pressure correlations are obtained from Green e Perry
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(2008), whose constants are available in Table 3.1. The general vapor pressure correlation has

the following form (Eq. 3.31):

Pi,f = exp

(
C1 +

C2

Td

+ C3 ln(Td) + C4T
C5
d

)
(3.31)

Table 3.1 – Vapor pressure constants for Eq. 3.31 (Green; Perry, 2008).

Ethanol Water

C1 73.649 273.304
C2 −7258.2 −7122.3
C3 −7.3037 −7.1424
C4 4.1653x10−6 2.8853x10−6

C5 2 2

The conversion between mass and molar fractions on the droplet surface is given by

Eq. 3.32:

yi,fs = xi,fs
Mi

Mav,s

, (3.32)

where Mi is the molar mass of the ith droplet component and Mav,s is the average molar mass

of the gases on the droplet surface.

3.1.7 Algorithm procedure

In order to solve the presented set of equations and investigate the droplet evapo-

ration phenomenon, a 4th order Runge-Kutta (RK) ordinary differential equation (ODE) solver

was implemented. The solution procedure to develop the simulations is direct and briefly com-

mented. First, the droplet evaporation function is presented (Fig. 3.2):

Basically, this function encompasses the following steps:

1. Initially, some simulation parameters are required as inputs, like the ones involved with

the droplet (md,i, Dd,i, ud,i, Td,i, yH2O), with the environment (Tg,i, Pg,i and mg,i, besides

the constants for the correlations for liquid component properties;

2. Next, the function calculates the liquid component properties (Pf , ρl, cl, kl, µl and ∆hv),

besides the molar and mass fractions on droplet surface (Appendix C and Eqs. 3.30-3.32);

3. Then the Spalding mass transfer number and the evaporation rate of the fuel component

are evaluated (Eqs. 3.3 - 3.4);
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Solve liquid
phase ODEs

Output

Stop droplet evaporation function

Figure 3.2 – Flowchart of the droplet evaporation function.

4. Later, there is the application of the one-third rule to obtain the physical properties of the

gas mixture (ρm, µm, km, cp,m, and Dj,v) to calculate the dimensionless numbers of the

mixture (Rem, Lem, Prm, Scm, Nu, and Sh). Also, it is required to evaluate ∆hv and

hconv,d to obtain the droplet heat fluxes (Q̇conv, Q̇evap) (Eqs. 3.20 - 3.29, 3.10 -3.15);

5. Finally, the function applies a 4th order RK solver to solve the droplet differential equa-

tions (mass, diameter, velocity, and temperature) (Eqs. 3.1,3.2, 3.5 - 3.7);

6. The desired outputs are selected and there is the end of the function;

The droplet evaporation function is associated with the algorithm which describes

the pure ethanol droplet evaporation modeling, as presented by Fig. 3.3:

Next some brief comments about this algorithm are presented:
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Figure 3.3 – Flowchart of the single-component droplet evaporation algorithm in a thermody-
namically variable environment based on section 4.1.1.

1. Step A involves the input of initial parameters, droplet and gas compositions, cylinder

geometry, and constants for the property correlations of the fuel components (Appendix

C) (md,i, Dd,i, ud,i, Td,i, Tg,i, Pg,i);

2. B is the droplet evaporation function;

3. Step C applies the same numerical method to solve the gas-phase differential equations

(mass, temperature, pressure, entropy generation) (Eqs. 3.16-3.19);

4. Step D checks if the droplet criterion is respected, i.e., if the new droplet diameter is

higher than 1µm, which is the value adopted to respect the continuum limit;
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5. Step F updates the droplet and gas variables for the next time step and returns to step B;

6. Step E saves the final values for the variables of interest;

7. End of the simulation.

3.2 Description of a wet ethanol droplet evaporation in thermodinamically variable en-

vironments

3.2.1 Model description and assumptions

The second model presented in this chapter is an extension of the one presented in

details in Section 3.1.1. The modifications are related to the droplet initial composition, which

now takes into account wet ethanol (i.e., a liquid mixture of ethanol-water in different con-

ditions). A multi-component droplet evaporation modifies significantly the behavior of mass,

energy and entropy exchanges between the two control volumes in question, therefore it requires

some analysis about the evaporation behavior for direct fuel injection in engines.

Besides the aforementioned assumptions presented in Section 3.1.1, some addi-

tional ones are necessary due to the fact of a multi-component droplet is taken into account:

• The droplet composition is considered homogeneous within the droplet, i.e., there are no

concentration spatial gradients (infinite diffusivity coefficient).

• Eqs. 3.3-3.4 (Brenn et al., 2003) are also valid under simulated conditions;

• Raoult’s law for ideal liquid mixtures is assumed valid;

3.2.2 Liquid phase equations

Based on all aforementioned assumptions, the liquid phase droplet transport equa-

tions were developed. These are the same as presented before 3.1-3.9. The Clift correlations

3.14-3.15 The Abramzon-Sirignano model was selected to represent the droplet evaporation

modeling (Eqs. 3.24-3.29).

3.2.3 Gas phase equations

A finite amount of gases involving the droplet is assumed in this model, in order to

evaluate both evaporative cooling effect and entropy generation on in-cylinder gases caused by
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droplet evaporation. The mass of the gas is established as a function of the air-fuel ratio. The gas

mass conservation is the same as Eq. 3.16, however the energy, pressure and entropy differential

equations have some additions on their appearance. Some additional terms are added in the

gas phase conservation equations to turn the model more complete. For instance, the cylinder

volume variation is now taken into account during the compression stroke. The cylinder wall-

gas heat transfer is also considered. The mass fraction variation from the enthalpy chain rule

in Appendix B is also present in the energy balance. Finally, the enthalpy form of the energy

balance is used as well. Following the same procedure as presented in Appendix B, the gas

temperature differential equation is represented by Eq. 3.33:

dTg

dt
=

1

mgcp,g

ṁd(hv − hg)−mg

Nspecies∑
j=1

(
hj,g

dyj,g
dt

)
− πD2

dhconv(Tg − Td)

+V– g
dPg

dt
+ Pg

dV– d

dt
+ Q̇g,wall

]
, (3.33)

while the pressure rate is obtained through the ideal gas equation of state differential form (Eq.

3.34):

dPg

dt
=

1

V– −Rg V– g

cp,g
− V– d

RgTg
dmg

dt
+

Rg

cp,g

ṁd(hv − hg)−mg

Nspecies∑
j=1

(
hj,g

dyj,g
dt

)

−πD2
dhconv(Tg − Td) + Pg

dV– d

dt
+ Q̇g,wall

]
− Pg

(
dV– system

dt
− dV– d

dt

)}
(3.34)

The second law of thermodynamics provides the entropy generation rate (Eq. 3.35):

σ̇g = ṁd(sg − sv) +mg
dsg
dt

+ πD2
dhconv

Tg − Td

Td

− Q̇g,wall

Twall

(3.35)

3.2.4 Droplet evaporation energetic and exergetic efficiencies

In order to evaluate how well the evaporation process of a fuel droplet occurs during

its injection in a compression stroke of an engine, the author suggests a definition for this

process in terms of the first and second laws of thermodynamics. The suggested energetic

efficiency equation for the droplet evaporation process in this model is presented by Eq. 3.36,

where the desired effect is the total amount of energy-related to the heat of vaporization from the

droplet components during the evaporation process and the main source of energy is cumulative

energy associated with the convective heat transfer from surrounding gases to the droplet:
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η1st,d =

∫ tevap
0

ṁd∆hvdt∫ tevap
0

Q̇convdt
(3.36)

The exergetic efficiency to droplet evaporation is presented by Eq. 3.37:

η2nd,d =

∫ tevap
0

ṁd(∆hv − T0∆sv)dt∫ tevap
0

Q̇conv

(
1− T0

Td

)
dt

=

∫ tevap
0

ṁd∆hv

(
1− T0

Td

)
dt∫ tevap

0
Q̇conv

(
1− T0

Td

)
dt

, (3.37)

where T0 = 293K is the dead-state temperature and ∆sv is the vaporization entropy of droplet

components.

3.2.5 Multicomponent liquid-gas interface equations

In order to take into account the multicomponent composition of the droplet, Eq.

3.3 provides the total droplet evaporation rate obtained from the sum of each component. The

Spalding mass transfer number for each component (BM,i) is given by Eq. 3.4 as presented in

Section 3.1.2 (Tong; Sirignano, 1986). Moreover, a modified Raoult law is required to deal with

liquid mixtures such as the case of wet ethanol droplets. Thus, the molar fraction of component

i on the droplet surface xi,fs is given by this Raoult law for ideal liquid mixtures:

xi,fs = xi,ls
Pi,f

Pg

, (3.38)

where xi,ls is the liquid molar fraction of component i on the droplet. Equations 3.31 and 3.32

are also applicable under described conditions.

3.2.6 Algorithm procedure

In order to solve the presented set of equations and investigate the droplet evap-

oration phenomenon, an implicit trapezoidal ordinary differential equation (ODE) solver was

implemented. The idea of using an implicit method was to cover possible multi-component

evaporation complexities that could lead to some stiffness in the ODE system. The solution

procedure to develop the simulations is direct and briefly commented, since it follows a very

similar sequence as the one presented in Section 3.1.7. Some modifications are required in

order to consider the multicomponent effects on the droplet evaporation. The gas-phase so-

lution is very similar to the latest one presented, with differences associated to the cylinder

volume geometry, the molar fraction rate necessary for the energy balance and the evaluation of
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Figure 3.4 – Flowchart of the wet ethanol droplet evaporation algorithm in a thermodynamically
variable environment based on section 4.3.1.

the droplet evaporation efficiencies. Thus, the algorithm which describes the multi-component

droplet evaporation modeling is presented by Fig. 3.4:

Next some brief comments about this algorithm are presented:

1. Step A here requires the same procedure as presented in Section 3.1.7, besides engine

cylinder kinematics (Appendix C);
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2. The difference on the droplet evaporation function (Step B) to a multi-component case

is the weighting between the liquid properties based on the current liquid composition

(Appendix C and Eqs. 3.3 - 3.4, 3.31, 3.32, 3.38);

3. Step C evaluates all energy transfers associated with the gas control volume, such as

Q̇conv,cyl, hv, dyg/ dt, etc;

4. Step D applies the same numerical method to solve the gas-phase differential equations

(mass, species, temperature, pressure, entropy generation) (Eqs. 3.16, 3.33 - 3.35);

5. Step E calculates the energetic and exergetic droplet evaporation efficiencies for this time

step (η1st,d, η2nd,d) (Eqs. 3.36 - 3.37);

6. Step F checks if the droplet criterion is respected, i.e., if the new droplet diameter is

higher than 1µm;

7. Step G updates the droplet and gas variables for the next time step and returns to step B;

8. Step H saves the final values for the variables of interest;

9. End of the simulation;

3.3 Wet-ethanol spray direct injection and evaporation during the compression stroke of

a DISI engine

3.3.1 Model description and assumptions

The third step to the final model of this thesis involves the direct injection of wet

ethanol as a fuel during the compression stroke of a DISI engine. The phenomena of fuel

injection, droplet spray evaporation and mixing and consequently combustion are evaluated

based on all modeling presented in this chapter so far.

The fuel spray represents a key role in this model: it is formed from the liquid jet

from the fuel injector which atomizes after the sequence of processes of droplet break-up and

coalescence inside the cylinder gas.

This model is quasi-dimensional and at the beginning of the simulation the com-

pression stroke initiates until the initial fuel injection moment. With the fuel spray injection,

evaporation and convective heat transfer initiate between the droplet classes and the gases. The

procedure continues until the end of the compression stroke or the spray evaporates completely.
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Thus, the main idea of this model is to evaluate the wet ethanol droplet/spray evaporation pro-

cess on in-cylinder gases in terms of the second law of thermodynamics. Focus is given to the

evaporative cooling effect caused by the liquid injection, variation of water content in the com-

pression stroke and also to suggested spray evaporation efficiencies (energetic and exergetic)

during the simulation. The in-cylinder gas entropy generation is used to evaluate the degree of

irreversibility caused by direct fuel injection during the compression stroke.

All assumptions presented on Sections 3.1.7 and 3.2.6 are valid for this model. Also,

some additional hypotheses are necessary to turn the model feasible and are presented next:

• Each representative fuel spray layer is composed by a number of droplet classes whose

sizes/diameters are obtained from a probability density function (PDF) developed for

sprays;

• Phenomena such as droplet break-up and coalescence, as well as droplet interactions are

not taken into account in this model;

• The liquid phase (i.e, droplet spray) only interacts with the unburned zone;

The schematic diagram for this model is presented by Fig. 3.5:

3.3.2 Control volume description

In order to predict the thermodynamic behavior of a direct injection spark-ignition

engine during the processes of fuel injection and evaporation, this model takes into account a

variable number of control volumes inside the cylinder engine, to represent the different zones

and/or phases currently in the engine cylinder. The quantity of control volumes for this model

is divided as:

• One control volume for the unburned gases;

• One control volume for the burned gases;

• NCV,droplets control volumes representing all droplet classes associated with the fuel spray.

The concept of unburned and burned gases zones is derived from the two-zone

thermodynamic model for SI engines, such as detailed in Rufino (2020). In addition to this

approach, a liquid fuel spray is present in the engine cylinder, representing the liquid phase
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Spray

Surrounding gas

Figure 3.5 – Schematic diagram of a spray injection and evaporation model in a DISI engine
cylinder.

from the direct fuel injection. These liquid control volumes involve each droplet available in

the spray, such as the discussed models of Sections 3.1 and 3.2. During each time-step at the

injection moment, a spray layer arises inside the cylinder from the jet breakup. Each layer is

composed by Nclasses droplet classes, which basically is a representation of a set of droplets

with the same droplet diameter.

The mean diameter is applied as a parameter of the selected PDF, which then pro-

vides the number of droplets for each droplet size and the droplet diameter range for this specific

spray layer. As the simulation goes on, an additional spray layer is created for each time-step

until the fuel injection ends. Therefore, a number of spray layers Nlayers are created during the

injection duration, where each of these layers contain Nclasses different droplet diameters. At the

end of fuel injection, the major system contains NCV,droplets different droplet control volumes,

such as presented by Eq. 3.39:

NCV,droplets = NlayersNclasses (3.39)
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Hence, the simulation takes into account NCV,droplets + 2 control volumes. As the

simulation continues, each droplet class which evaporated completely is removed from the cal-

culations, causing a reduction on the total number of control volumes for the next time-step.

3.3.3 Fuel injection, spray, and droplets relationship

The liquid fuel injection process is detailed in this section, since it has much im-

portance for a DISI engine cycle. Based on previously established injection parameters (e.g.,

Dnozzle, NNozzle, Pinj, θinj,mf,inj, Nclasses, etc.), a certain amount of fuel volume is injected into

the engine cylinder, where interactions start happening between the liquid jet and the gases. This

spray layer volume is the same as the amount of fuel volume injected during each time-step. In

order to simulate the droplet formation process by converting the fuel jet into a fuel spray, this

spray layer bulk volume is divided into Nclasses different droplet diameters with Ndroplet,class

droplets for each size. A Sauter Mean Diameter (SMD) correlation is used to represent the

mean diameter of this layer volume and therefore makes the connection between the liquid jet

and the spray.

The number of droplets on each class is therefore obtained from the relationship

between the amount of fuel volume injected by the fuel nozzle during the ith time-step and this

mean droplet diameter. The mass rate of fuel injected during this time step is (Eq. 3.40):

ṁnozzle = ρfVjetAnozzle, (3.40)

where Anozzle = NnozzleπD
2
nozzle/4, Vjet = Cd,nozzle

√
Pinj−Pg

ρf
is the mean jet velocity obtained

from Bernoulli equation. The volume rate is therefore V̇– nozzle = ṁnozzle/ρf and it is connected

with the initial mean droplet diameter, which is assumed as the Sauter Mean Diameter (DSMD)

obtained from the Hiroyasu and Arai SMD correlation for Diesel engines (Santos; Moyne,

2011):

DSMD =

DSMD,LS = 4.12DnozzleRe0.12l We−0.75
l

µf

µg

0.54
(

ρf
ρg

)0.18
DSMD,HS = 0.38DnozzleRe0.25l We−0.32

l
µf

µg

0.37
(

ρf
ρg

)−0.47
(3.41)

where DSMD = DSMD,LS if DSMD,LS ≥ DSMD,HS , otherwise DSMD = DSMD,HS . Rel =

(ρfVjetDinj)(µf ) is the liquid Reynolds number, Wel = (ρfV
2
jetDinj)/(σf ) is the liquid Weber

number, and Weg = (ρgV
2
jetDinj)/(σf ) is the gas Weber number related to the injection and

atomization processes. Hence, the total number of droplets for the ith spray layer is:
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Ndroplet,i =
6

π

NnozzleV̇– nozzle dtstep
D3

SMD

(3.42)

This number of droplets is divided for each droplet class based on the Rosin-Rammler

probability distribution function (PDF) commonly used to droplet sprays and particle phenom-

ena (Alderliesten, 2013). Since droplet coalescence and breakup are not considered in our

model, then the number of droplets for each class in each spray layer remains the same during

their lifetime. The Rosin-Rammler PDF was selected to represent the fuel spray (Eq. 3.43)

(Alderliesten, 2013):

f0(D) =
nDn−4

D′(n−3)Γ
(
1− 3

n

) exp [−(D

D′

)n]
, (3.43)

where n represents the PDF shape/spread parameter, D is the droplet diameter class, D′ ≊

1.1935DSMD is the location parameter for the function (i.e, droplet size at a volume fraction of

0.368), and Γ(x) is the statistical function Gamma. Based on the relative values of f0(D) for

the whole droplet class range (Nclasses) and the total number of droplets Ndroplet,i, the proper

amount of droplets Ndroplet,class is discovered for each droplet class:

Ndroplet,class = Ndroplet,if0(Dclass) (3.44)

These values are truncated to provide an integer number of droplet which respects

the correct amount of injected volume on this class. To sum up the aforementioned steps, a

flowchart of the fuel injection function is presented here by Fig 3.6:

3.3.4 Droplet & Spray equations

As mentioned earlier, this model takes into account several zones, in which only

the unburned zone interacts directly with the liquid phase. This section focuses on the direct

fuel injection, evaporation and mixing processes, which happen before the combustion process,

therefore the burned zone will only be taken into account on the next section of this chapter.

The Reynolds Transport Theorem is used to develop the Lagrangian conservation

equations for the droplets. The modeling for each droplet is equal to the one developed in

Section 3.2, with Eqs. 3.2, 3.3, 3.7 used to predict the droplet behavior over time. Also, the

Ranz-Marshall correlations 3.10-3.11 are used, as well as the Abramzon-Sirignano model (Eqs.

3.24-3.29).
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Figure 3.6 – Flowchart of the fuel injection function.

3.3.5 Unburned zone equations

The initial mass of gas is established as a function of the desired air-fuel ratio (A/F )

and initial conditions for the inlet valve closing (IVC) moment (Vg,IV C , Tg,IV C , Pg,IV C). The

amount of air at IVC, as well as the amounts of hydrous ethanol and water that will be injected

at the fuel injection period are evaluated by Eqs. 3.45-3.47:
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mair,IV C =
PIV CVIV C

Rg,IV CTg,IV C

(3.45)

mEOH =
mair,IV C

A/F
(3.46)

mH2O =
yH2O

1− yH2O

mEOH (3.47)

Usually the known variable for wet ethanol mixtures is the water volumetric fraction

(vH2O), hence the mass-volumetric fraction conversion for liquid mixtures can be obtained by

Eq. 3.48:

yH2O =
1

1−
(

ρEOH

ρH2O

)(
vH2O

−1

vH2O

) (3.48)

In order to Eq. 3.48 to be valid, the assumption of liquid volume conservation on

liquid mixtures/solutions is required.

Then, the mass conservation for the gases during the compression phase is repre-

sented by (3.49):

dmg

dt
=

Nclasses∑
i=1

Ndroplet,iṁd,i (3.49)

The energy conservation is applied to these gases and provides (3.50):

dTg

dt
=

1

mgcp,g


Nclasses∑

i=1

Ndroplet,iṁd,i(hv,i − hg)−mg

Nclasses∑
i=1

Nspecies∑
j=1

hg,i,j
dyg,i,j
dt

−
Nclasses∑

i=1

Ndroplet,iQ̇conv,i − Q̇wall +

Nclasses∑
i=1

Pg
π

2
Ndroplet,iD

2
d,i

dDd,i

dt
+ V– g

dPg

dt

}
(3.50)

The first term represents the enthalpy fluxes from saturated vapor and gas enthalpies

of the droplet components, the second is the gas enthalpy due to composition variation, the third

indicates the sum of convective heat transfer from the surrounding gases to all droplet classes,

the fourth is the heat transfer from/to the cylinder walls (Hohenberg correlation (Rufino et al.,

2019)), the fifth represents the energy due to all droplets classes volume change, and the sixth

indicates the energy related to the gas pressure. Based on the ideal gas law, the pressure rate is

calculated by (3.51):
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dPg

dt
=

1
Rg V– g

cp,g
− V– g −V– spray

{
−Rg

cp,g

[
Nclasses∑

i=1

Pg
π

2
Ndroplet,iD

2
d,i

dDd,i

dt
−

Nclasses∑
i=1

Ndroplet,iQ̇conv,i

−Q̇wall +

Nclasses∑
i=1

Ndroplet,iṁd,i(hv,i − hg)−mg

Nclasses∑
i=1

Nspecies∑
j=1

hg,i,j
dyg,i,j
dt

−RgTg
dmg

dt


(3.51)

By following the same procedure of the last section, the entropy balance for the

surrounding gases is presented by (3.52):

σ̇g =

Nclasses∑
i=1

Ndroplet,iṁd,i(sv,i − sg) +mg
dsg
dt

+

Nclasses∑
i=1

Ndroplet,i
Q̇conv,i

Td,i

+
Q̇wall

Twall

(3.52)

Equation (3.52) takes into account the entropy flows between the droplets and the

gases (first term), the gas entropy variation (second term), and the heat transfers between the

gases with the droplets (third term) and with the cylinder walls (fourth term), respectively.

3.3.6 First and second law spray evaporation efficiencies

A first law efficiency for the spray evaporation process is suggested by this work

by Eq. (3.53), where the desired effect is the total amount of energy related to the heat of

vaporization from droplet components during the evaporation process while the main source of

energy is cumulative energy associated with the convective heat transfer from the surrounding

gases to the droplets:

η1st,spray =

∫ t

0

∑Nclasses

i=1 Ndroplet,iṁd,i∆hv,idt∫ t

0

∑Nclasses

i=1 Ndroplet,iQ̇conv,idt
(3.53)

The second law efficiency to the spray evaporation process is presented by Eq.

(3.54):

η2nd,spray =

∫ t

0
ṁ(∆hv − T0∆sv)dt∫ t

0
Q̇conv

(
1− T0

Td

)
dt

=

∫ t

0

∑Nclasses

i=1 Ndroplet,iṁd,i∆hv,i

(
1− T0

Td,i

)
dt∫ t

0

∑Nclasses

i=1 Ndroplet,iQ̇conv,i

(
1− T0

Td,i

)
dt

, (3.54)

where T0 = 293K is the dead-state temperature.
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3.3.7 Algorithm procedure

The set of differential equations is solved by the application of an implicit trape-

zoidal method, in order to avoid stiffness in these equations, as well as to guarantee a fast and

reliable ODE solver procedure. Numerical derivatives were used to obtain the Jacobian matrix

required by this method. The reliability of this numerical procedure was tested by comparisons

with a fourth order Runge-Kutta solver and the final results for both solvers were equivalent

within a tolerance value of TOL = 1x10−3. Also, reductions on the time-step were applied

to the implicit method until the same results were obtained for successive time-step reductions.

The time-step limit value found for this type of simulation ∆t = 1x10−6s and thus, this value

was the one adopted in the simulations.

The algorithm presented in Section 3.2.6 was updated to include the models of fuel

spray injection and evaporation presented in Section 3.3.3. Thus, the algorithm for this model

is presented by Fig. 3.7:

Next some brief comments about this algorithm are presented:

1. Step A requires the inputs of initial parameters for the fuel and the gases, such as com-

position, thermodynamic variables, air-fuel ratio, engine parameters and constants for the

property correlations of the fuel components (Appendix C);

2. Step B calculates the initial mass of in-cylinder gases, besides the mass of ethanol and

water that will be injected during the injection period (Eqs. 3.45 - 3.48);

3. Step C checks if the injection occurs during this time step;

4. Step D activates the injection function;

5. Step E is a for-loop for all droplet classes existent at i to actuate the droplet evaporation

function. This function will only be active after the beginning of the injection period and

it will be active for a specific class until its droplet size becomes lower than the continuum

tolerance (ϵd);

6. Step F solves the droplet evaporation for the kth class;

7. Step G evaluates all energy transfers associated with the gas control volume;

8. Step H applies the same numerical method to solve the gas-phase differential equations

(Eqs. 3.49, 3.50 - 3.52);
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Figure 3.7 – Flowchart of the wet ethanol spray injection and evaporation algorithm during a
compression stroke of a DISI engine.
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9. Step I calculates the energetic and exergetic droplet evaporation efficiencies for this time

step (Eqs. 3.53 - 3.54);

10. Step J checks if the new droplet diameters for all droplet classes are higher than 1µm,

which is the value adopted to allow reasonable computational work;

11. Step J updates the droplet and gas variables for the next time step and returns to step C;

12. Step K actuates when all droplet classes evaporated and saves the final values for the

variables of interest;

13. End of the simulation;

3.4 A multi-zone thermodynamic model for the direct injection of wet ethanol as a fuel

in a DISI engine

3.4.1 Model description and assumptions

This mathematical model focus on simulating the operation of a DISI engine fu-

eled with wet ethanol. It accomplishes all aforementioned sub-models presented earlier in this

chapter (i.e, droplet evaporation, mixing, spray injection, liquid and gas-phase conservation

equations) with the combustion process initially indicated by a Wiebe function (Rufino, 2020).

The objective is to evaluate how wet ethanol evaporation characteristics (i.e, droplet lifetime,

penetration, evaporative cooling effect) impacts the engine operation in terms of fuel injection

timing, water content, knock suppression, which generates possibilities to optimal engine opera-

tions as a function of some engine parameters like IMEP, thermal efficiency, higher compression

ratio, engine power, knock occurrence, pollutant emission, etc. This analysis is developed based

on energy and entropy/exergy transfer balances. The mathematical modeling for all described

sub-processes is presented and properly described.

This model has the same description as the one presented in Section. 3.3, although

there is the addition of the combustion process and the open-phase simulation to fulfill a com-

plete engine simulation. Now there is the formation of a burned zone with the products of the

fuel combustion. This new zone grows as combustion evolves over time until it consumes al-

most all air-fuel mixture available in the unburned zone, thus replacing it in the engine cylinder.

This engine model takes into account here 14 chemical species (Ar, CO, CO2, H ,

H2, H2O, OH , O, O2, N , N2, NO, NO2, C2H5OH). All their thermodynamic properties are
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calculated by NIST specific heat coefficients and constants (i.e., enthalpy of formation, absolute

entropy, free Gibbs energy, etc.) (Chase Jr., 1998), whereas the gas transport properties are

obtained by the software Cantera coupled with MATLAB®, just as previously presented in Sec.

3.1.1.

All assumptions presented on Sections 3.1.1, 3.2.1 and 3.3.1 are valid for this model.

Also, some additional hypotheses are necessary to turn the model feasible and are presented

next:

• The combustion process is simulated by the application of the Wiebe function to the

fraction mass burned;

• The ideal gas equation is assumed valid for both zones;

• The initial temperature obtained for the burned zone is the adiabatic flame temperature

evaluated for the gas mixture air-fuel-residual gases present in the unburned zone at the

first time step of the combustion process;

• The cylinder pressure is assumed homogeneous throughout the process, i.e., the unburned

and burned zone are always at the same pressure;

• The unburned and burned zones only exchange mass and energy through the process of

combustion;

• There aren’t any heat transfer terms between these two zones;

• The liquid phase (i.e, droplet spray) only interacts with the unburned zone, therefore their

energy/entropy terms only participate the unburned zone equations;

The schematic diagram for this model is presented by Fig. 3.8:

3.4.2 Liquid phase equations

The conservation equations for the liquid phase (i.e., droplets and spray) follows the

same equations as previously presented earlier in this chapter. The main properties associated

with a droplet in this model are described by Eqs. 3.1, 3.2, 3.5 and 3.7, which are valid for mass,

droplet size, velocity and droplet temperature, respectively. The fractional evaporation rate is

defined by 3.3. The Abramzon-Sirignano model as well as the Ranz-Marshall correlations were

used to represent the droplet evaporation model and the heat/mass transfer correlations for each
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Figure 3.8 – Schematic diagram of a spray injection and evaporation model in a DISI engine
cylinder.

droplet, respectively. The spray description is the same as presented in Section 3.3.3. Finally,

the initial amount of ethanol-water fuel blend to be injected in the engine cycle is defined by

the lambda = AFactual/AFstoichiometric factor. The mass air-fuel ratio (AF ) only involves the

proportion between fresh air and pure ethanol, although both water and residual gases make

part of the global combustion equation.
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3.4.3 Closed phase

The four-stroke ICE operation (i.e., admission, compression, combustion, expan-

sion, and exhaust) are usually divided between closed and open phases. The modeling of each

phase has some differences due to its own characteristics, thus each one has its own section

describing it. Figure 3.9 describes the sequence of engine processes which represents both

phases, as well as the combustion period between the start of combustion (SOC) and the end of

combustion (EOC), top-dead center (TDC) and Bottom-dead center (BDC):

Figure 3.9 – Generic case of the sequence of processes of a spark-ignition engine cycle. Green:
air admission; orange: combustion gas exhaust; blue: compression; red: combus-
tion; yellow: expansion. Adapted from (Rufino, 2020).

The closed phase involves the period when both valves (inlet and exhaust) are

closed, so it is between the inlet valve closure (IVC) and the exhaust valve opening (EVO).

Therefore, it is composed by the compression (blue), combustion (red), and expansion (yellow)

strokes. Neglecting possible blow-by effects, the only mass flow that cross the control surface

is the fuel injection for direct-injection engines (it depends on the injection timing). During
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this phase, the composition of the air-fuel gas mixture changes due to the combustion process,

which in this case is described in terms of unburned and burned zones.

A complete description of the closed-phase model is presented in Appendix B, while

the final forms of the applied equations are presented next.

3.4.3.1 Unburned zone equations

The unburned zone is composed initially by fresh air obtained from the engine in-

take stroke and by residual gases (i.e., EGR) remaining from the last engine cycle which were

not expelled during the exhaust stroke. The initial mass of fresh air is defined by the thermo-

dynamic conditions during IVC, with a discount of the amount of EGR present at this crank

angle.

The conservation laws for this zone are described in details in Appendix B, therefore

only their final forms are shown here. The mass conservation for this zone is presented by Eq.

3.55:

dmUBZ

dt
=

Nclasses∑
k=1

Ndroplet,kṁd,k − ṁcomb, (3.55)

where the mass transfers which involve UBZ are related to the spray evaporation (first term)

and with combustion (second term). The chemical species conservation has the following form:

dmUBZ,j

dt
=

Nclasses∑
k=1

Ndroplet,kyj,k,evapṁd,k − yj,UBZṁcomb, (3.56)

where yj,k,evap is the mass fraction of the jth fuel vapor component from the kth droplet class of

the spray, whereas yj,UBZ is the mass fraction of the jth component in the unburned gas zone.

The start point is the classical energy conservation equation for ICEs in its differential form Eq.

3.57:

dUUBZ

dt
= Q̇wall,UBZ − Pg

dVUBZ

dt
+
∑

ṁinlethinlet −
∑

ṁoutlethoutlet (3.57)

This equation is usually originated from the Reynolds Transport Theorem and has

its assumptions detailed in Appendix B. The final form of the unburned zone energy conserva-

tion equation is described by Eq. 3.58:
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dTUBZ

dt
=

1

mUBZcp,UBZ


Nclasses∑
k=1

Ndroplet,kṁd,k(hevap,k − hUBZ)−mUBZ

Nspecies∑
j=1

(
hj,UBZ

dyj,UBZ

dt

)

−
Nclasses∑
k=1

Ndroplet,kQ̇conv,k + Q̇UBZ,wall + Pg

Nclasses∑
k=1

Ndroplet,k
dVd,k

dt
+ VUBZ

dPg

dt

}
(3.58)

The evaporation process is taken into account in the first, second, third and fifth

terms of RHS, while the forth represents the cylinder wall heat transfer from/to UBZ and the

sixth is the energy variation due to the gas pressure change. The entropy generation is given by

Eq 3.59:

˙σUBZ =

Nclasses∑
k=1

Ndroplet,kṁd,k(sUBZ − sevap,k) +mUBZ
dsUBZ

dt

+

Nclasses∑
k=1

Ndroplet,k
Q̇conv,k

Td,k

− Q̇UBZ,wall

Twall

(3.59)

3.4.3.2 Burned zone equations

Just as it was done on Sec. 3.4.3.1, this section covers only the final forms for the

conservation equations of the burned zone. Its mass conservation is given by Eq. 3.60:

dmBZ

dt
= ṁcomb, (3.60)

where the only mass source for BZ is combustion. The burned zone composition is

obtained by the mass fraction of the combustion process from the ethanol-air mixture derived

from the unburned zone at each specific time step.

Equation 3.61 describes the energy balance in this new zone:

dTBZ

dt
=

ṁcomb(hUBZ − hBZ) + V– BZ
dPg

dt
+ Q̇BZ,wall +∆Hfuel

mBZcp,BZ

, (3.61)

where the first term refers to the mass inlet and outlet related to the combustion process, whereas

the second term is the energy change due to pressure variation, the third is the cylinder wall heat

transfer to/from this zone and the last represents the energy variation due to combustion reaction

(∆Hfuel = ηcombω(dyBZ/ dt)mfuelQLHV,fuel). The cylinder gas pressure rate involves terms

from the liquid phase, unburned and burned zones and is described by Eq. 3.62:
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dPg

dt
=

1

V– cyl −RBZ V– BZ

cp,BZ
− RUBZVUBZ

cp,UBZ
− V– spray

{
RUBZTUBZ

dmUBZ

dt
+RBZTBZ

dmBZ

dt

+
RUBZ

cp,UBZ

Nclasses∑
k=1

Ndroplet,kṁd,k(hevap,k − hUBZ)−mUBZ

Nspecies∑
j=1

(
hj,UBZ

dyj,UBZ

dt

)

+P

Nclasses∑
k=1

Ndroplet,k
dV– d,k

dt
−

Nclasses∑
k=1

Ndroplet,kQ̇conv,k + Q̇UBZ,wall

]

+
RBZ

cp,BZ

[
ṁcomb(hUBZ − hBZ) + Q̇BZ,wall +∆Hfuel

]
− Pg

(
dV– cyl

dt
− dV– spray

dt

)}
(3.62)

3.4.3.3 Combustion

The combustion process which occurs in this DISI model is initially simulated by

the application of Wiebe’s function (Rufino, 2020). This function tries to reproduce the behavior

of combustion by adjusting some parameters associated with ignition delay, start of combustion

(SOC), combustion duration and end of combustion in terms of experimental measurements.

Thus, this equation encompasses several influences on the chemical kinetics of combustion in a

single semi-empirical equation. A Wiebe function usually has the following form:

yb(θ) = 1− exp

[
ln (1− ηcomb)

(
θ − θ0
∆θb

)n+1
]
, (3.63)

where yb is the mass fraction burned ηcomb is a parameter associated with the combustion effi-

ciency (i.e., maximum value of mass fraction burned (MFB)), θ0 is the SOC (in rad), ∆θb is the

combustion duration, and n is the form factor. All these parameters were obtained as described

in Rufino (2020). Moreover, the mass fraction derivative is:

dyb
dθ

= − ln (1− ηcomb)

∆θb
(n+ 1)

(
θ − θ0
∆θb

)n

exp

[
ln (1− ηcomb)

(
θ − θ0
∆θb

)n+1
]
, (3.64)

3.4.4 Open phase

Based on Fig. 3.9, the open phase is the period when at least one valve is open, thus

it initiates at EVO and finalizes at IVC. It covers the exhaust (orange) and admission strokes

(green). One observation is made to this phase, since the inlet and exhaust valves periods can

overlap, therefore both colors may be present depending on the command valve strategy. In

terms of mass flow, there are flows from a possible fuel injection defined during this period and
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also from the valves to the engine cylinder and vice-versa, depending on the thermodynamic

conditions of the in-cylinder gases (i.e., pressure). Therefore, the gas composition is a mixture

of fresh air, vapor fuel, and residual gases from past engine cycles. A complete description

of the model is presented in Appendix B, while the final forms of the applied equations are

presented in the next section.

3.4.4.1 Gas-phase equations

The gas-phase is composed initially by residual gases originated from the combus-

tion process of air-fuel mixture. Between EVO and IVO, gases flow from the cylinder into

the exhaust valve as long as the gas pressure overcomes the exhaust pressure. Additionally,

the composition does not change during this period. When the inlet valve opens, the admis-

sion process can start immediately or not, depending on the pressure gradient between the inlet

system and the cylinder gases. Some backflow can occur depending on this pressure gradient.

When the admission pressure overcomes the cylinder gas pressure, fresh air starts entering the

cylinder and mixing with the remaining residual gas from the latest engine cycle. Another point

to take into consideration is if the fuel injection strategy actuates during the open-phase, so

there is some liquid during the open phase, thus some vapor fuel mixing in with air-residual gas

mixture.

The conservation laws for this zone are described in details in Appendix B, therefore

only their final forms are shown here. The mass conservation for the gases is presented by Eq.

3.65:

dmg

dt
=

Nclasses∑
k=1

Ndroplet,kṁd,k + (δadm,i − δadm,o)ṁadm + (δexh,i − δexh,o)ṁexh, (3.65)

where the mass transfers are related to the spray evaporation (first term) and with valve mass

flows (second and third terms). Moreover, δadm,i, δadm,o, δexh,i, δexh,o are Kronecker deltas indi-

cating the flow direction from the valves. The mass flow rate modeling related to the valves is

properly detailed by Rufino (2020). The chemical species conservation has the following form:

dmg,j

dt
=

Nclasses∑
k=1

Ndroplet,kyj,k,evapṁd,k + (δadm,iyj,air − δadm,oyj,g)ṁadm

+ (δexh,iyj,EGR − δexh,oyj,g)ṁexh, (3.66)
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where yj,k,evap is the mass fraction of the jth fuel vapor component from the kth droplet class of

the spray, whereas yj,gas is the mass fraction of the jth component in the gas-phase. The final

form of the energy conservation equation is described by Eq. 3.67:

dTg

dt
=

1

mgcp,g


Nclasses∑
k=1

Ndroplet,kṁd,k(hevap,k − hg)−mg

Nspecies∑
j=1

(
hj,g

dyj,g
dt

)
+δadm,iṁadm(hadm − hg) + δexh,iṁexh(hexh − hg)

−
Nclasses∑
k=1

Ndroplet,kQ̇conv,k + Q̇g,wall + Pg

Nclasses∑
k=1

Ndroplet,k
dVd,k

dt
+ V– g

dPg

dt

}
(3.67)

The evaporation process is taken into account by first, second, and seventh terms of

RHS, while the forth and fifth represent the inlet and exhaust valves, the sixth is the cylinder

wall heat transfer from/to the gases and the eighth term is the energy variation due to the gas

pressure change. The entropy generation is given by Eq 3.68:

σ̇g =

Nclasses∑
k=1

Ndroplet,kṁd,k(sg − sevap,k) +mg
dsg
dt

+ δadm,iṁadm(sg − sadm)

+ δexh,iṁexh(sg − sexh) +

Nclasses∑
k=1

Ndroplet,k
Q̇conv,k

Td,k

− Q̇g,wall

Twall

(3.68)

3.4.5 Algorithm procedure

The set of differential equations is solved by the application of an implicit trape-

zoidal method, in order to avoid stiffness in our equations, as well as to guarantee a fast and

reliable ODE solver procedure. Numerical derivatives were used to obtain the Jacobian matrix

required by this method. The reliability of this numerical procedure was tested by comparisons

with a fourth order Runge-Kutta solver and the final results for both solvers were equivalent

within a tolerance value of TOL = 1x10−2. Also, reductions on the time-step were applied

to the implicit method until the same results were obtained for successive time-step reductions.

The time-step limit value found for this type of simulation ∆t = 1x10−6s and thus, this value

was the one adopted in the simulations.

3.4.6 Validation of the model

In order to corroborate the validity of the presented model, some comparisons with

experimental measurements from Lanzanova et al. (2016), Brewster et al. (2007) are devel-
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oped. Several ethanol-water mixtures were analyzed by these comparisons. Both partial and

full load conditions were also taken into account to a proper direct injection evaluation. The

cylinder engine pressure curves, engine thermal efficiency, torque, pressure and temperature

peaks, and indicated specific fuel consumption (SFC) were used to compare the model results

to the experiment ones. More details about the validation are presented by Chapter 6.

3.5 Thermodynamic optimization of a DISI engine fueled with wet ethanol

The fundamentals related to the thermodynamic optimization involve the same ideas

as presented in Sec. 3.4 plus the exergetic analysis presented in Appendix B. The idea is to apply

the optimization toolbox of MATLAB by the fgoalattain function to find the optimal state. The

details are presented in Chapter 7.

3.5.1 Exergetic analysis

Only the main equations for the exergetic analysis will be presented in this Section.

The development of all equations and their respective descriptions are available in Appendix B.

The closed-phase unburned zone equation is therefore:

Ḃd,UBZ =

Nclasses∑
k=1

Ndroplet,kṁd,k(bf,evap,k − bUBZ)− ṁcomb(bf,UBZ − bUBZ)−mUBZ
dbUBZ

dt

+ ḂQspray +

(
1− T0

Twall

)
Q̇UBZ,walls

−

(
Ẇspray − P0

Nclasses∑
k=1

Ndroplet,k

(
−dVd,k

dt

))
− (P − P0)

dV– BZ

dt
(3.69)

The flow terms are equivalent to the ones of 3.58, but in terms of exergy. Addi-

tionally, there is the destroyed exergy/irreversibility rate term ˙Bd,UBZ . The burned zone exergy

balance is represented by Eq. 3.70:

Ḃd,BZ = ṁcomb(bf,UBZ−bBZ)−mBZ
dbBZ

dt
−(P − P0)

dVBZ

dt
+

(
1− T0

Twall

)
Q̇BZ,walls (3.70)

The open-phase exergy balance is presented by Eq. 3.71:
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Ḃd,g =

Nclasses∑
k=1

Ndroplet,kṁd,k(bf,evap,k−bg)+δadm,iṁadm(bf,adm−bg)+δexh,iṁexh(bf,exh−bg)

+ δadm,oṁadm(bg − bf,g) + δexh,oṁexh(bg − bf,g)−mg
dbg
dt

+ ḂQspray +

(
1− T0

Twall

)
Q̇g,walls

−

(
Ẇspray − P0

Nclasses∑
k=1

Ndroplet,k

(
−dVd,k

dt

))
− (P − P0)

dVg

dt
(3.71)

These equations are solved in a subroutine after the simulator convergence for the

engine cycle. The algorithm procedure is equivalent to the aforementioned models, but with

the gases and liquid phases thermodynamic states already known, thus resulting in computer

acceleration.
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4 WET ETHANOL DROPLET EVAPORATION PROCESS IN A FI-

NITE VARIABLE TEMPERATURE ENVIRONMENT

This chapter encompasses some analyses related to the Lagrangian modeling of a

single droplet in terms of its injection and evaporation in a similar environment as of the gases in

a compression stroke of a SI engine. The idea is to understand how the fuel evaporation occurs

in such conditions, besides to present this phenomenon under the eyes of the second law of

thermodynamics. First, the chapter addresses a parametric analysis of some droplet properties

for a pure ethanol evaporation under two different conditions. Later, this phenomenology is

analyzed in terms of the four different evaporation models presented in Section 3.1.5. At last,

the study is extended to wet ethanol and how the water content in the fuel blend influences the

evaporation process and the entropy generation.

4.1 Parametric analysis through the second law of thermodynamics of a pure ethanol

droplet injection and evaporation processes in a variable temperature environment

4.1.1 Simulation cases for a parametric analysis of a droplet model evaporation

Initially, a base case simulation was performed to demonstrate the phenomenolog-

ical behavior of an ethanol droplet evaporating. This case consists of a droplet composed by

ethanol at 288.15K moving inside a cylinder at 500K and 1 atm. The droplet mass was calcu-

lated based on the knowledge of its diameter and the liquid density (i.e., correlations). Then, the

mass of the surrounding gases was obtained from the relative air-fuel ratio λ. Next, a paramet-

ric investigation was performed to investigate the effects of different initial conditions on the

droplet evaporation. The simulation assumed two different thermodynamic states to represent

two different moments of the compression stroke (i.e., beginning and end) while some droplet

properties were varied. The initial conditions for the compression beginning were T∞ = 500K

and Pg = 1atm, while for the compression end were T∞ = 900K and Pg = 18atm.

The total number of simulated cases was 250 and all cases are expressed in Tab.

4.1. Relevant parameters for the engine such as cooling charge effect, droplet penetration and

evaporation time were also evaluated.
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Table 4.1 – Simulated conditions of the injected droplet and in-cylinder gases

Parameter
Droplet In-cylinder gases

Range Step Range Step
T(K) 300-340 10 500-900 400

D(µm) 20-100 20 - -
u(m/s) 0-40 10 0 0
P(atm) - - 1-18 17

4.1.2 Base case phenomenological analysis

The main goal in an phenomenological analysis of a droplet evaporation dynamics is

to evaluate how this particle’s parameters evolve over time, i.e., mass, diameter, temperature and

velocity in a surrounding environment which is also changing. Still, most droplet studies related

to evaporation (Turns, 2012; Kuo, 2005) take into account an infinite gas environment involving

the droplet, with specific conditions regarding this assumption. This section addresses this

situation by considering a gas whose physical dimensions (mass and volume) are proportional to

the surrounded droplet. It is expected that this change on the gases causes a different evaporation

behavior (droplet and gas) which is more similar to the direct injection in the engine cylinder.

Therefore, based on the conditions presented in Section 4.1.1, the mass transfer

Spalding number (left, Eq. 4.1) and evaporation mass flow rate (right, Eq. 4.2) profiles are pre-

sented by Fig. 4.1 for the base case of an ethanol droplet evaporating. It is noted that the Spald-

ing number do not stay constant throughout the phenomenon, as both droplet and environment

thermodynamic conditions are changing all the time. If the surrounding gas were considered in-

finitely greater than the droplet, then this Spalding number would reach an asymptotic value, as

both gas temperature and pressure would be constant and after the heat-up process, the droplet

temperature would also be constant (wet-bulb temperature). Figure 4.1 right also indicates that

the droplet mass flow rate reaches a peak near the maximum droplet temperature (see Fig. 4.3,

left), as it depends of the droplet conditions. Later, it decays softly until evaporation ends.

BM = (yfs − yfg)/(1− yfg) (4.1)

ṁd = πDd(ρD)vSh ln(1 +BM) (4.2)

The droplet squared diameter and its diameter rate over time are shown on the left

of Fig. 4.2. The classic D-squared law (Williams, 1973) for droplet evaporation/combustion

processes is not completely followed during the beginning of evaporation process, as the droplet
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Figure 4.1 – Mass transfer Spalding number (left) and mass flow rate (right) versus evapora-
tion time - Base Case (Td,i = 288.15K,Dd,i = 100µm,ud,i = 10m/s,T∞ =
500K,Pg,i = 1atm).

temperature is variable during the evaporation process. Its slope reaches a constant value after

0.1s. Then it stays nearly constant until 0.2s, when it starts decreasing rapidly, indicating that the

droplet almost disappeared. On the right in Fig. 4.2, it is presented the droplet dynamics over

evaporation time. The droplet decelerates completely near 0.1s after its injection on the chamber

due to the drag caused by the surrounding air. Hence, the droplet dynamics concentrates the

convection effects (mass and heat transfer) during the initial evaporation period.

Figure 4.2 – Droplet squared diameter, diameter rate (left), speed and acceleration (right) versus
evaporation time - Base Case (Td,i = 288.15K,Dd,i = 100µm,ud,i = 10m/s,T∞ =
500K,Pg,i = 1atm).

The droplet temperature profile is presented in Fig. 4.3. The droplet heats up rapidly

until 0.02s and then it starts cooling down after this peak. This behavior is completely different

than presented in other analyses regarding droplet evaporation, as the amount of gases is finite

here, thus its temperature and pressure vary constantly over time (as are indicated by Figs. 4.4

and 4.5). What justifies this cooling process is that the amount of energy related to vaporization
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overcomes the convective heat transfer from the surrounding gas to the droplet, as presented on

the right of Fig. 4.3. After the peak, these energy sources balance each other, which justifies

the asymptotic trend of the droplet temperature. Meanwhile, the kinetic energy presented no

significant weight on droplet energy balance.

Figure 4.3 – Droplet temperature, temperature rate (left) and its energy sources (right) versus
evaporation time - Base Case (Td,i = 288.15K,Dd,i = 100µm,ud,i = 10m/s,T∞ =
500K,Pg,i = 1atm).

The surrounding gas behavior during evaporation is presented on Figs. 4.4 and 4.5.

The former focus on the gas temperature and its rate over time and shows that the cooling pro-

cess on the gas was evident, reducing from 500K to almost 360K during evaporation. This cool-

ing process is commonly highlighted for ethanol as fuel, as it requires a considerably higher en-

ergy amount (i.e. heat of vaporization) than other commercial fuels for spark-ignition engines,

such as gasoline. This temperature reduction is relatively high here as the air amount involving

the ethanol droplet is following the stoichiometric air-fuel ratio (A/Fstoichiometric ≊ 9.0). Ad-

ditionally, the cooled gas affects directly the evaporation behavior, as it is visible on Figs 4.1

and 4.2. Lastly, a comparison between the evaporative cooling effect (i.e., the gas temperature

reduction) obtained from this simulation and a simple estimation without taking into account

the property variation over time indicates that the simple model was able to qualitatively predict

the temperature reduction (139.9K versus 137.8K). Some questions may arise about this simple

approach for more extreme cases, such as the low gas temperature variation and consequently its

low property change. Still, the entropy generation will be somewhat overrated (5.3x10−7J/K

versus 9.110−7J/K), which does emphasize the necessity for proper modeling and second law

application in this phenomenon.

The gas pressure and its rate throughout evaporation are presented on the left in
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Figure 4.4 – Medium temperature and its rate versus evaporation time - Base Case (Td,i =
288.15K,Dd,i = 100µm,ud,i = 10m/s,T∞ = 500K,Pg,i = 1atm).

Figure 4.5 – Medium pressure, pressure rate (left), density and density rate (right) versus evap-
oration time - Base Case (Td,i = 288.15K,Dd,i = 100µm,ud,i = 10m/s,T∞ =
500K,Pg,i = 1atm).

Fig. 4.5. The gas pressure reduces during evaporation owing to two different aspects: first,

the volume occupied by the gas is growing during the process, as the droplet is reducing its

own volume. Second, despite the additional ethanol mass entering the gas during evaporation,

the temperature reduction clearly overcomes this effect, causing at the end a pressure reduction

from 100 kPa to less than 80 kPa.

4.1.3 Parametric analysis

This parametric analysis aims to identify the behavior of relevant liquid fuel and in-

cylinder gas properties on different initial conditions in DISI engines. The parameters of interest

are droplet penetration, evaporation time, gas entropy generation and final gas temperature. All

simulated conditions are described in Tab. 4.1.

First, the qualitative effect of the investigated properties at different initial droplet
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temperatures are illustrated by Figs. 4.6 and 4.7. Figure 4.6 indicates that the droplet penetration

trends appears to change for one regime to another. At the beginning of compression, its trend

accelerates at greater temperatures, while at the end of compression it is observed an almost

linear profile. Meanwhile, the evaporation time maintains its qualitative tendencies for both

regimes. However, the time necessary to evaporate the droplet is almost a order of magnitude

smaller at the end of compression.

Both entropy generation and final medium temperature do not present any signif-

icant qualitative and quantitative variation for both regimes, as informed by Fig. 4.7. In fact,

the charge cooling effect, estimated by the reduction of in-cylinder gas temperature, is almost

the same (between 125 and 135K, depending on the compression case). This indicates that

the cylinder pressure has almost no impact on the charge cooling effect under these conditions.

As expected, the generated entropy decreases with the increase in droplet temperature as the

temperature difference between droplet and medium reduce, besides the temperature difference

between the initial and final (”wet bulb”) temperatures is reduced as higher degrees of droplet

pre-heating occur.

Figure 4.6 – Effects of initial droplet temperature on droplet penetration (left) and evaporation
(right).

Figure 4.7 – Effects of initial droplet temperature on entropy generation (left) and final medium
temperature (right).



133

The initial droplet velocity is a parameter that can be controlled by the pressure dif-

ference between the cylinder and the injector. The simulated influence of the velocity is shown

by Figs. 4.8 and 4.9. Higher velocities barely change the tendencies for all four studied param-

eters, however, the droplet velocity has almost no influence on the final medium temperature

with around one-degree difference (770 to 769K) for all simulated cases. Both droplet penetra-

tion and evaporation time reduce one order of magnitude between the beginning and the end of

compression. Also, it is interesting to observe lower evaporation times from a stationary droplet

to one with 10 m/s (convective heat transfer effect), however, the further increase in velocity

only mildly influenced the evaporation time. Even though the entropy generated hardly alters

for different in-cylinder regimes, it increases with initial droplet velocity.

Figure 4.8 – Effects of initial droplet velocity on penetration (left) and evaporation (right).

Figure 4.9 – Effects of initial droplet velocity on entropy generation (left) and final medium
temperature (right).

Finally, the effects of initial droplet diameter are elucidated by Fig. 4.10 and 4.11.

The droplet penetration and evaporation time exhibit a parabolic increase with the droplet initial

diameter, which is expected as these parameters are proportional to the surface area of the

droplet. Regarding the final medium temperature, the increase in droplet diameter slightly

affects the temperature, although the profile changed with cylinder condition. At last, the rise
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in entropy generation is the highest among all initial properties. This is probably because more

fuel has to evaporate owing to the increase of droplet’s diameter.

Figure 4.10 – Effects of initial droplet diameter on penetration (left) and evaporation (right).

Figure 4.11 – Effects of initial droplet diameter on entropy generation (left) and final medium
temperature (right).

Overall, this parametric study reveals some important characteristics regarding the

evaporation of liquid ethanol. It is interesting to notice that greater droplet velocities increase

penetration and reduces evaporation time, which are important parameters to investigate unde-

sired events in a spark-ignition engine operation, such as fuel spray impingement and knock.

These phenomena limit engine thermal efficiency improvement; besides, they affect pollutant

gas emission. Moreover, the charge cooling effect appeared to be dominated by the tempera-

ture difference between the droplet and the in-cylinder gas, with medium pressure having little

influence on this effect. In addition, the variation of droplet’s velocity and diameter had only

a slightly impact on the final medium temperature. As the initial droplet properties increased,

temperature was the only studied property that decreased the generated entropy of the system.

Additionally, entropy generation do not suffer a significant effect as the gas condition varies

from the beginning to the end of compression.
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4.2 Comparison of four different droplet evaporation models for a pure Ethanol droplet

injection and evaporation

4.2.1 Base-case analysis

This study extended the droplet evaporation analysis presented previously by devel-

oping a comparison between four evaporation models presented in Section 3.1.5. This study

was also based on similar conditions presented in Section 4.1.1. First, a base-case was defined

to present some characteristics about the classical droplet evaporation model involved by a fi-

nite gas environment. The initial conditions are Dd = 25µm, Td = 288.15K, ud = 10m/s,

Tg = 900K, Pg = 1823.85kPa (18 atmospheres).

Figure 4.12 shows the droplet and surrounding gas temperatures over time. The

classical approach was selected with a stoichiometric air-fuel ratio. The droplet temperature

increases rapidly and near 0.3ms reaches a peak value. Additionally, the classical model predicts

a slight cooling of droplet temperature after its peak. Moreover, the final temperature is near

the wet-bulb temperature for ethanol under the final gas condition (≊ 410K). On the other

hand, the gas temperature monotonically decreases during the process (almost 125K). Under

conditions of a finite environment, the evaporation time increases when compared to an infinite

environment, since the gas cooling over time affects negatively the convection phenomenon,

hence it slows down the evaporation process on more realistic conditions.

Figure 4.12 – Droplet and surrounding gas temperatures over time. (base-case + classical
model)(Dd = 25µm, Td = 288.15K, ud = 10m/s, Tg = 900K, Pg =
1823.85kPa)

Another result that corroborates the different behavior of this analysis is presented

by Fig. 4.13, where the gas pressure profile is presented over time. The pressure notably
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reduces from 1800 to near 1600 kPa, therefore it interferes with the evaporation process by

the vapor mass fractions over the droplet surface and the average mass fractions in the gas.

Another piece of information available in the figure is the partial pressure of ethanol over time,

in which its behavior is similar to the droplet temperature, but with a more intense reduction

after its peak. In order to check the ideal gas validity near the final conditions of pressure and

temperature found in this simulation, it was calculated the compressibility factor for ethanol,

which provides Z ≊ 0.9. Thus, the ideal gas model for ethanol is at its limit of validity at

this point. Meanwhile, during earlier moments of evaporation, the gas pressure is higher and

ethanol partial pressure is lower and both collaborate to a lower reduced pressure, therefore to

an ideal gas condition (Z → 1.0).

Figure 4.13 – Surrounding gas pressure over time. (base-case + classical model)(Dd = 25µm,
Td = 288.15K, ud = 10m/s, Tg = 900K, Pg = 1823.85kPa)

After understanding the temperature and pressure behaviors for the base-case con-

dition, the author compared the previously mentioned four evaporation models in terms of the

droplet and surrounding gas temperature profiles over time (Fig. 4.14). The time is normalized

to compare the temperatures on the same basis. In the sub-figure 4.14 (a), it is evident that the

classical model indicates the highest temperatures after the initial phase of evaporation. More-

over, it does not decelerate near 0.05, as it happens with the other three models. Therefore, the

classical model overestimates the amount of energy transferred from the gases to the droplet.

Another interesting characteristic of the left figure is that the temperatures of modified classical

and non-equilibrium models do not tend asymptotically after the early moments of evapora-

tion. These two models reach almost the same value during the whole simulation and reach the

same value as the Abramzon model in the end. The latter model temperature profile presents an

intermediate behavior, among the overestimated classical and the other two models. In the sub-
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figure 4.14 (b), the classical model underestimates the gas temperature cooling effect, although

the difference among its result and the other three models is not significant (near 4K) at the end.

Additionally, the other three models present the same profile for the gas temperature.

Figure 4.14 – Left (a): Droplet temperature profile; right (b): the surrounding gas temperature
profile for different evaporation models - base-case (Dd = 25µm, Td = 288.15K,
ud = 10m/s, Tg = 900K, Pg = 1823.85kPa).

The droplet diameter variation is shown by Fig. 4.15 for all droplet models. On

the same time basis, the classical model overestimates the diameter during the whole process,

instead of the other three models, which follow similar profiles. Moreover, the relative differ-

ence between the diameters may reach the maximum value of 10% in 0.35 dimensionless time,

therefore they directly yield different results regarding the droplet surface for heat transfer, for

instance.

Figure 4.15 – Droplet diameter profiles for different evaporation models - base-case (Dd =
25µm, Td = 288.15K, ud = 10m/s, Tg = 900K, Pg = 1823.85kPa).
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4.2.2 Relative air-fuel ratio effects on droplet evaporation

Now a comparison between the models is developed for different air-fuel ratios

(A/F ) on the evaporation process of a fuel droplet during the compression stroke of a SI engine.

The results are presented in terms of droplet lifetime and penetration, as well as the evaporative

cooling effect and the entropy generation for the gases. Additionally, these results highlight the

main differences found for the four mentioned models in terms of these four variables.

First, droplet evaporation time and air-fuel ratio are shown in Fig. 4.16 during the

final moments of compression. Evaporation time decreases as air-fuel ratio increases for all

four models. The reduction is near 20% from the richest to the leanest mixture. The amount of

surrounding gas over the droplet affects the evaporation process, since the higher the amount of

mass the lower is the evaporative cooling effect over the gas temperature. Therefore, the time

required to evaporate completely the droplet increases at richer air-fuel ratios. Furthermore, the

classical evaporation model clearly underestimates the droplet lifetime, while the three others

estimate higher times. The modified classical and non-equilibrium models predicted similar

results in almost all cases presented here. Finally, the consolidated Abramzon model predicted

an intermediate result, although more closely to the modified classical and non-equilibrium than

to the classical.

Figure 4.16 – Evaporation time versus ethanol air-fuel ratio for different evaporation models.

The droplet lifetime value indicates how long it would take for a droplet to evaporate

inside the cylinder under these conditions. So, the aforementioned results show that indepen-

dently of the chosen model, the order of magnitude of time shown for this condition is approx-

imately 10° of crank angle (for an engine with 1000 RPM engine speed), which corresponds to

a realistic condition for a droplet fuel in DISI engines.
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Figure 4.17 presents the droplet penetration for all four models. The penetration

is slightly reduced at higher relative air-fuel ratios since the droplet lifetime and pressure drop

reduces on leaner mixtures. Moreover, the model which deviates clearly from all results is

the classical model, underestimating the droplet displacement. This behavior is related to the

underestimation of evaporation time. Meanwhile, the other three models agree well on all

conditions.

Figure 4.17 – Droplet penetration versus ethanol air-fuel ratio for different evaporation models.

The utility of droplet penetration is to identify a possible occurrence of fuel im-

pingement on cylinder walls, which cause unburned fuel emissions in ICEs. Thus, based on the

presented results, there is a possibility to occur such phenomenon on the conditions presented

here, especially for fuel injections during the end of compression, when the distance between

the piston head and the fuel injector is close to 5mm.

The evaporative cooling effect caused by droplet evaporation in the surrounding

gases is shown by Fig. 4.18. Richer relative air-fuel ratios cause higher temperature reductions

in the surrounding gas, as the amount of air available to provide enough energy to cause evap-

oration is reduced. The difference between the extremes (λ = 0.8 and λ = 1.2) reaches almost

50K for all mentioned models. Furthermore, the four evaporation models did not present great

differences in this result, although the classical model underestimates a little the gas cooling in

all cases.

The benefit of evaporation cooling in DISI engines is to reduce the gas temperature

before fuel combustion starts, which may avoid the occurrence of knock phenomenon under

specific conditions in the engine. Therefore, this extra cooling effect obtained from fuel direct

injection during the compression stroke offers a possible perspective of a compression ratio

increase and extra power per engine cycle.
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Figure 4.18 – Gas evaporative cooling versus ethanol air-fuel ratio for different evaporation
models.

At last, Fig. 4.19 shows the entropy generation occurred in the surrounding gas

control volume for all evaporation models. The classical evaporation model indicates the low-

est entropy generation for all cases, independently of the air-fuel ratio. This result connects

directly with underestimated droplet evaporation times and overestimated convection effects on

the droplet surface. Therefore, the classical model reflects a more idealistic condition in which

evaporation occurs. The other models present a higher entropy generation, which indicates

more realistic calculations in terms of time evaporation and second law effects. The Abramzon

model, which takes into account the film theory, yields an intermediate result both in terms of

evaporation time and entropy generation among the four models. Another point to be consid-

ered is the main source of irreversibility on this process, which is the convective heat transfer,

with minor contributions from the fuel-gas mixture. Furthermore, the leaner conditions showed

the lowest specific entropy generation, followed by the stoichiometric and at last the richer con-

ditions. This behavior is connected with lower gas temperature reduction and droplet lifetime

found in leaner conditions, which suggests a more efficient evaporation process.

These results for entropy generation offer the possibility of a thermodynamic opti-

mization together with the main common evaporation variables such as those presented in this

study, i.e., droplet lifetime and penetration. A connection between these variables is evident.

Thus, lower entropy generation presents a possibility to offer optimal conditions to fuel direct

injection in engines during the compression phase.
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Figure 4.19 – Surrounding gas entropy generation versus ethanol air-fuel ratio for different
evaporation models.

4.3 Second law analysis of wet ethanol droplet evaporation during a direct-injection

spark-ignition engine compression stroke

4.3.1 Simulation cases

The simulation initiates at the bottom dead center (BDC) of the compression stroke

(θ = 180°) for all cases. The fuel is injected at different moments to verify the difference in the

droplet evaporation process and on the gases entropy generation, in order to evaluate possible

opportunities for a thermodynamic optimization. First, a base-case is presented to establish

reference values for important droplet injection and evaporation parameters in our analysis,

such as droplet lifetime, evaporative cooling and entropy generation on the gas control volume.

The Abramzon-Sirignano model was selected to simulate the droplet evaporation. Thereafter, a

parametric analysis is developed on droplet composition effects, as well as on initial conditions

of the fuel injector, the droplet, and air-fuel ratio on the evaporation process in a piston-cylinder

system. The initial ethanol-water liquid volumetric fraction is changed to identify possible

effects of droplet composition on output model variables, such as droplet lifetime, evaporative

cooling, and entropy generation on the gases. The obtained trends for all cases are presented as

functions of the studied inputs described in Tab. 4.2. These inputs try to cover realistic values

for these variables. For example, vH2O covers possible volumetric water contents in wet ethanol,

whereas Td, Dd, and θinj cover some conditions for the fuel injector operation. Finally, λ, r,

Nengine act on different engine operation conditions and how they affect the fuel evaporation

process.
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Table 4.2 – Initial conditions.

Base-case Par. analysis

vH2O (%v.) 10 [0, 5, 10, ..., 40, 45, 50]
λ 1.0 [0.9, 1.0, 1.1, 1.2]
Td (K) 300 [300, 330]
Dd (µm) 45 [15, 30, 45, 60]
θinj (°) 270 [240, 270, 300]
r (−) 12 [12, 14, 16, 18]
Nengine (RPM ) 1000 [1000, 4000]

4.3.2 Base-case analysis

A base-case analysis is presented in order to demonstrate the thermodynamic be-

havior of the studied system and how the droplet evaporation process influences in the gas

evolution throughout the compression stroke. Figure 4.20 presents the droplet and gas tem-

peratures, besides the gas pressure during compression. The wet ethanol droplet is injected

in the in-cylinder gases and it is heated by the convection while it evaporates over time. The

heat-up process is completely variable under these conditions, since the environment conditions

(i.e. temperature, pressure, and ethanol/water mass fractions) change during the whole droplet

lifetime. Therefore, there is no asymptotic tendency for the droplet temperature.

Meanwhile, the gas temperature increases until fuel injection takes place. This in-

jection causes an evaporative cooling effect on the gases, as noticed by the sudden reduction on

the gas temperature, in spite of the presence of some additive energy sources (e.g., cylinder heat

transfer and compression work). Later, the temperature rises back until the end of compression,

where the evaporation effects overcomes the aforementioned gas energy sources. The gas pres-

sure follows a similar trend as in SI engines, with a little ”bump” right next to fuel injection in

the system.

The gas composition over time (Fig. 4.21 a) changes as the droplet evaporates. The

higher ethanol volatility dominates the evaporation over water, thus causing a predominance on

the gas mass fraction during evaporation. Also, the ethanol rapid increase in the gas compo-

sition during the early stage contains its subsequent evaporation (due to Raoult law and BM,i

expression), as noticed by its fractional evaporation rate in Fig. 4.21. Meanwhile, water evap-

oration rate reaches an almost constant value near 270° until the end of the droplet lifetime,

because of its relative increase on liquid mass fraction over ethanol and its low gas mass frac-

tion during the process. Moreover, the droplet diameter profile does not follow the widespread
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Figure 4.20 – Droplet and gas behaviors (left: temperature, right: pressure) versus crank angle
- base case.

D2 law due to the commented evaporation profile. Also, the droplet swelling effect is clearly

noticeable during the first crank angle degrees, as highlighted by the box in Fig. 4.21 a.

a)

270 270.5 271 271.5 272
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Figure 4.21 – a) Droplet size and gas composition versus crank angle; b) droplet, gas mass, and
fractional evaporation rates versus crank angle - base case.

After understanding the main effects of evaporation on the studied system, the focus

was presenting these effects under the view of the second law of thermodynamics. As Fig.

4.22 shows, there are two moments where the entropy generation increases: first, before fuel

injection takes place and later, when the fuel is injected and the gases starts providing energy

to the droplet for its heating and evaporation. This gas-droplet convection process is the main
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positive entropy transfer on the system, overcoming the final gas entropy reduction. Moreover,

the cylinder wall heat transfer collaborates positively at the end of the process, although its

influence varies throughout the simulation, mainly because of the evaporative cooling process

in the middle of compression. On the other hand, the chemical mixture entropy component does

not contribute as much as the other components to the entropy generation.

Figure 4.22 – Entropy transfer sources and entropy generation versus crank angle - base case.

In order to highlight the influence of the droplet evaporation process on our stud-

ied system, Fig. 4.23 indicates the suggested first (left) and second law (right) efficiencies

for this process and their energy/exergy sources. Both first and second law efficiencies grows

rapidly as convection predominates both droplet heating (sensible energy) and evaporation (la-

tent energy). Additionally, they reach out almost asymptotic values after most of the cumulative

droplet sensible energy stabilizes, which indicates that almost 100% of convection causes the

fuel evaporation. An interesting point is that the exergetic efficiency is always higher than its

first law equivalent, reaching out a cumulative value of 90% exergy conversion in the end.

4.3.3 Parametric analysis

A parametric analysis is developed for this study for different water contents of wet

ethanol (up to 50% v/v) and air-fuel ratios (from rich to lean conditions). The purpose is to eval-

uate the main tendencies of certain observed parameters (i.e., droplet evaporation efficiencies,

entropy generation, evaporative cooling effect, Top-dead center gas temperature, knock integral

value, complete evaporation angle/time) as functions of the input parameters presented in Tab.
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a) b)

Figure 4.23 – Evaporation efficiencies and their respective energy/exergy sources (left: first
law; right: second law) versus crank angle - base case.

4.2. These tendencies provide important information to find optimal conditions for the evapo-

ration process in DISI engines. All results from this section are indicated in terms of contour

curves. It was filtered the most interesting results for each input from this analysis to present in

the text, in order to avoid an excessive amount of figures for all parameters.

4.3.3.1 Fuel pre-heating effects

The focus of this section is in showing how fuel pre-heating affects the droplet

evaporation process. It was assumed that the flash boiling phenomenon is negligible under the

conditions studied. Figures 4.24 and 4.25 indicate how pre-heating wet ethanol affects droplet

evaporation first and second law efficiencies. These are the best result that features how fuel pre-

heating affects droplet evaporation in our analysis. Higher efficiencies are obtained for leaner

and less humid fuels. Moreover, increasing water content cause more intense reductions in

both efficiencies for richer mixtures than for leaner ones. Another featured point is that droplet

pre-heating increases both energetic and exergetic efficiencies, besides it reduces the difference

between these two parameters. Basically, droplet pre-heating adds up sensible energy to the

droplet, thus it collaborates to an easier evaporation inside the engine.

4.3.3.2 Droplet atomization level

The featured results for droplet atomization are presented by Figs. 4.26-4.27. which

involve TDC temperature and knock integral value. Top-dead center gas temperature varies
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Figure 4.24 – First (a)) and second (b)) law efficiencies contour curves for wet ethanol droplet
evaporation in terms of λ and vH2O at Td,i = 300K.
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Figure 4.25 – First (a)) and second (b)) law efficiencies contour curves for wet ethanol droplet
evaporation in terms of λ and vH2O at Td,i = 330K.

significantly with initial droplet diameter, with a displacement to lower water content regions as

the droplet gets bigger. The reason is the ratio between specific heats of vapor water and air, as

the amount of both substances increases with droplet size. Also, higher water contents contains

higher peak compression temperatures to be reached in our presented system. Then, there is

a balance between these two parameters, especially for 15µ m. Following a similar trend, the

knock integral value presents a clear gradient with water content for all cases.
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Figure 4.26 – Top-dead center gas temperature (a)) and knock integral value (b)) contour curves
for wet ethanol droplet evaporation in terms of λ and vH2O at Dd,i = 15µm.
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Figure 4.27 – Top-dead center gas temperature (a)) and knock integral value (b)) contour curves
for wet ethanol droplet evaporation in terms of λ and vH2O at Dd,i = 45µm.

4.3.3.3 Injection timing

Fuel injection timing in DISI engines is essential for the desired combustion mode

for the engine cycle, thus how start of injection (SoI) affects the observed variables is investi-

gated sub-sequentially. Figures 4.28-4.29 show that late injection dislocated the final evapora-

tion angle/time regions to after 440°, which indicates that complete evaporation is not achieved

for many cases of high water volumetric contents. It is worth remembering that the engine sim-

ulations represent motoring condition, i.e., there is no combustion stroke for this engine cycle.
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Since complete evaporation takes a certain amount of time, the fuel injection angle must be an-

ticipated to guarantee either a more homogeneous combustion mode or an efficient combustion

during the engine cycle.
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Figure 4.28 – Final evaporation angle (a)) and time (b)) contour curves for wet ethanol droplet
evaporation in terms of λ and vH2O at θinj = 240° ATDCi.

360

370

380

390

400

410

420

430

440

30

32

34

36

38

40

42

44

Figure 4.29 – Final evaporation angle (a)) and time (b)) contour curves for wet ethanol droplet
evaporation in terms of λ and vH2O at θinj = 270° ATDCi.

4.3.3.4 Compression ratio and Engine speed

After presenting parametric analyses about variables associated to fuel injection,

focus is given now to some engine parameters such as compression ratio and engine speed.



149

The presented model was not able to perceive any effects of compression ratio neither on the

evaporation process nor on the knock index number, even though there is a clear relationship

between these features. One possible reason for this is the environment dimension variation for

each case, since the surrounding gases mass and its volume are obtained from the relative air-

fuel ratio and the fuel droplet diameter and composition, which therefore modifies the amount

of heat that directs from the cylinder walls to heat up the gases. A realistic dimension of the

engine cylinder would cover this misperception obtained from the presented model.

On the other hand, the engine speed showed its importance for all the studied pa-

rameters. The droplet evaporation first and second law efficiencies reduced as the engine speed

increased from 1000 to 4000 RPM, as indicate Figs. 4.30-4.31. Faster engine cycles do not give

the droplet enough time to completely evaporate during the compression stroke. In addition,

water only further complicates this process. Faster gas temperature and pressure variations at

higher engine speeds cause rapid variations in the droplet’s properties, collaborating to more

energy being directed to sensible energy, rather than evaporation. Thus, only partial evapo-

ration happens until the middle of expansion stroke for most cases. This behavior shows the

direct dependency between droplet lifetime, engine speed and fuel injection timing for a proper

engine operation with an adequate combustion. Contextualizing for real engines operation,

complete evaporation would still happen due to extra heat transfer from the (less efficient) com-

bustion process. Still, the combustion most probably yielded some undesired products such

as unburned hydrocarbons and would not be as efficient as expected for a completely gaseous

combustion, independently if it was homogeneous or stratified.

Another interesting point to highlight is the effect of higher turbulent kinetic energy

and average gas velocity in the droplet evaporation. It is expected that evaporation accelerates at

a higher engine speed due to the previously mentioned features.However, both turbulent kinetic

energy and average gas velocity effects are (partially) included on the heat and mass transfer

coefficients, since their correlations were experimentally obtained under several different con-

ditions (laminar and turbulent). So, the author believes that these effects are already partially

included in the results. In addition, the effects of average gas velocity affect more directly the

calculations by its inclusion on the droplet Reynolds number, but this model assumed that the

relative velocity between the droplet and the surrounding gases could be exclusively approxi-

mated by the droplet velocity (i.e., |ud − ug| ≈ ud).

The entropy generation peak region is displaced to lower water content regions
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Figure 4.30 – First (a)) and second (b)) law efficiencies contour curves for wet ethanol droplet
evaporation in terms of λ and vH2O at 1000RPM.
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Figure 4.31 – First (a) and second (b) law efficiencies contour curves for wet ethanol droplet
evaporation in terms of λ and vH2O at 4000RPM.

at a higher speed, as presented by Figs. 4.32-4.33. Engine speed also increase the entropy

production by 15%, as faster engine cycles enhance the heat transfer coefficients, therefore

the entropy production rate. Meanwhile, the charge cooling effect is also displaced from the

southeast region to the northwest at higher speeds. Moreover, the 4-fold reduction in engine

cycle period collaborates to double the evaporative cooling obtained.

The Top-dead center gas temperature is considerably reduced at higher engine speeds,

as the peak values reduce from 515K to 416K in Figs. 4.34-4.35. Additionally, the temperature

gradient is more clear at 4000 than at 1000 RPM. Meanwhile, the cumulative knock integral
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Figure 4.32 – Entropy generation (a)) and evaporative cooling effect (b)) contour curves for wet
ethanol droplet evaporation in terms of λ and at 1000 RPM.
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Figure 4.33 – Entropy generation (a)) and evaporative cooling effect (b)) contour curves for wet
ethanol droplet evaporation in terms of λ and at 4000 RPM.

value is strongly reduced at 4000 RPM (more than 2-fold reduction at peak conditions), since a

faster engine cycle does not give enough time to auto-ignition to occur.

One observation is that the 4000 RPM simulations did not provide any case where

complete evaporation occurs until 450° CA. Since the simulations did not take into account

energy from combustion, so the available energy sources were not capable of completely evap-

orate the fuel droplet under presented conditions. Hence, the authors decided not to present the

results for final evaporation angle/complete evaporation time for 4000 RPM.
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Figure 4.35 – Top-dead center gas temperature (a)) and knock integral value (b)) contour curves
for wet ethanol droplet evaporation in terms of λ and vH2O at 4000 RPM.

4.3.3.5 Remaining results and discussion

This section compiles all minor results that the parametric analysis provided, yet

they were not highlighted in previous sections. All tendencies presented in this section are

secondary effects when compared to the ones presented in previous section, however they can

still be applied to optimize the droplet evaporation process for the system in study. Thereafter,

Tab. 4.3 overviews the qualitative tendencies of each observed parameter for each studied input.

Increasing the droplet size lowered the efficiencies for all cases. This size increase
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enhanced the energy directed towards the liquid phase sensible energy/exergy instead of latent

energy/exergy. Meanwhile, delaying fuel injection reduced energetic and exergetic efficiencies

for all conditions and avoided complete evaporation to occur before 450° CA (during expan-

sion).

Pre-heating the fuel caused a reduction on entropy production for all lambda/water

combinations. Meanwhile, the entropy generation increased as bigger droplets were injected

and evaporated. There was a balance between the entropy sources mentioned in Eq. 3.35 (e.g.,

fuel-air mixture, droplet and wall heat transfer, and gas state variation) which collaborated to

such change of entropy generation peak between droplet sizes. Additionally, neither delayed

fuel injection nor higher compression ratios contributed to any significant entropy changes in

the studied conditions.

In the case of evaporative cooling effect, pre-heating reduced this parameter and

the highest values are encountered in the richest and high-water fraction regions (i.e., less air

and higher latent heat of evaporation). In addition, the evaporative cooling reduced as droplet

size increased, due to the environment dimension variation, as explained for the compression

ratio case. Additionally, higher charge cooling values were obtained for late injections. Only

slightly increases were found for both entropy generation and evaporative cooling effect at

higher compression ratios.

The connection between top-dead center gas temperature and knock is clear, still

only very mild differences were obtained with fuel pre-heating, which indicates that this level of

pre-heating does not significantly affect both temperature and cumulative knock integral value.

On the other hand, higher water contents decreased the gas temperature at TDC and increased

knock occurrence (due to a higher in-cylinder mass prior to combustion), whereas leaning the

mixture did not affect significantly both variables under simulated conditions. Also, gas TDC

temperatures drastically reduced as fuel injection delayed from 240 to 300°.

Finally, final evaporation angle and total evaporation time associated directly with

homogeneous combustion for DISI homogeneous mode, but only slight reductions (approxi-

mately 10°) were obtained for a hotter droplet. Moreover, their maximum were found for high

water mixtures, with leaner mixtures only collaborating softly in reducing both the final evap-

oration angle and time. Additionally, these two variables have a clear dependency on droplet

atomization, with results showing that the bigger the droplet size, the slower is the evaporation

process. The main reason is the decrease of droplet surface area-volume ratio, thus there are
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more fuel to be evaporated even though the heat transfer rates also increase. This result connects

directly with the evaporation efficiencies, as previously commented. Finally, no response was

found of higher compression ratios on the final evaporation angle.

A table which encompasses all qualitative tendencies of the simulation input and

output parameters is presented by Tab. 4.3. This table also presents the directions of some

figures which were not presented in the text, whose tendencies are not significantly interest-

ing. Some dependencies are not completely clear, as commented earlier, still this table gives a

qualitative direction of how each one of these variables influence on droplet evaporation, com-

pression stroke and on the engine cycle.

Table 4.3 – Parametric analysis overview.

η1st η2nd σg ∆Tθinj−θTmin
TTDC KIn,TDC θevap tevap

vH2O (↑) ↓ ↓ ↑ ↑ ↓ ↑ ↑ ↑
λ (↑) ↑ ↑ ↑ ↓ ↑ - ↓ ↓
Td (↑) ↑ ↑ ↓ ↓ - - ↓ ↓
Dd (↑) ↓ ↓ ↑ ↓ ↑↓ ↑ ↑ ↑
θinj (↑) ↓ ↓ ↓ ↑ ↓ ↓ - -
r (↑) - - - - - ↑ - -

Nengine (↑) ↓ ↓ ↑ ↑ ↓ ↓ - -
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5 WET ETHANOL SPRAY INJECTION DURING THE COMPRES-

SION STROKE OF A DISI ENGINE

This chapter extended the wet ethanol direct injection study by taking into account

the fuel spray injection and evaporation processes in a compression stroke of a DISI engine.

The main objective was to evaluate how droplet size distribution in a spray affects the gas

thermodynamic behavior at this engine moment. Then, it was developed a thermodynamic

parametric analysis of the wet ethanol direct injection during the compression stroke of an DISI

engine. The authors tested several volumetric compositions of wet ethanol with the objective

of obtaining the best proportion for the compression stroke in terms of evaporative cooling

and knock suppression. The droplet spray classes introduced in Chapter 3 were applied to

represent the fuel spray behavior in terms of droplet size, with Nclasses = 11 for each spray

layer. Results were presented in terms of suggested spray evaporation efficiencies (first and

second law). The output parameters represented these two efficiencies, besides the in-cylinder

gases entropy generation.

5.1 Simulation cases

The selected inputs of our optimization were the initial volumetric fraction of water

in wet ethanol v (from 0 to 0.2 with steps of 0.05), the relative air-fuel ratio λ (from 0.9 to 1.2

with steps of 0.05) (Tab. 5.1). These variables varied within certain spectra with the objective

of searching for optimum operational states in terms of the objective functions, which was

previously unknown for this case of study.

Table 5.1 – Initial conditions.

Base-case Par. analysis

vH2O (%v.) 10 [0, 5, 10, 15, 20]
λ 1.0 [0.9, 0.95, 1.0, 1.05, 1.10, 1.15, 1.2]
Td (K) 300 300
θinj 270° 270°
Nengine (RPM ) 1000 1000

The investigated candidates for the best objective function of this process were the

in-cylinder gas entropy generation, the first and the second law spray evaporation efficiencies.

The engine was simulated at 1000 RPM. The engine specifications are presented by Table 5.2:
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Table 5.2 – Engine specifications

Parameter Value
Bore x Stroke (80 x 80) mm

Connecting rod 128.0 mm
Compression ratio 12.0
Cylinder volume 400 cm3

Engine speed 1000 RPM
Nozzle diameter 0.5 mm

Number of injection nozzle holes 10
Nozzle injection pressure 200 MPa

5.2 Analyzing the thermodynamic behavior

This section initiates the analysis of direct injection of wet ethanol during the com-

pression stroke of an engine by analyzing the main effects on the temperature and pressure

curves when compared to a port-fuel injection (PFI) case. The engine operated in motoring op-

eration. Figure 5.1 (a) shows these differences for a full load case, 10% water v/v, θinj = 270°

and 1000 RPM. The first interesting point to highlight is the temperature profile change due to

the evaporative cooling effect, with a reduction of almost 190K in the peak cylinder tempera-

ture (360°CA), thereby suppressing the chance of auto-ignition (knock) by the air-fuel mixture.

Moreover, the cycle peak temperature during combustion would be lower than the PFI case,

which also collaborates to less pollutant gases production through the combustion process (e.g,

NOx). The pressure peak reduces approximately 6 bar, enhancing previously described ten-

dencies. Therefore, the direct fuel injection would allow the application of higher compression

ratios without compromising the engine structure (with knock damage), improve the engine

cycle thermal efficiency and reduce the pollutant gases production.

Figure 5.1 (b) presents the entropy transfer sources for the direct fuel injection pro-

cess during the compression stroke. The main entropy transfer source was the heat transfer from

the hot gases to the liquid droplets. On the other hand, the gas entropy reduced after the fuel in-

jection, due to the evaporative cooling effect. The entropy transfers associated to the mass flows

(i.e., mixture) and wall heat transfer contributed in a minor way to the DI entropy generation.

Another highlight was the higher entropy production from the DI case when compared to the

PFI one, since the evaporation and vapor mixing processes happen outside the engine cylinder.

Also, the irreversible droplet heat transfer required to evaporate the fuel spray are present inside

the cylinder. Hence, this model indicates that there is a number of benefits from the fuel direct
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a) b)

Figure 5.1 – Comparison between PFI and DI of wet ethanol: a) temperature and pressure pro-
files, b) entropy transfer sources (v = 10% v/v, 1000 RPM and θinj,i = 270°).

injection, but these may come with an increase in the process irreversibility. Thus, there is a

need to proper compare the irreversibilities for evaporation and mixing for PFI and DI cases, in

order to confirm this higher irreversibility tendency.

The suggested first and second law efficiencies for the droplet spray evaporation

process are presented by Fig. 5.2. Both efficiencies increased rapidly after the beginning of the

injection and subsequently evaporation. Later, the efficiencies stabilized near 90% when most

droplets from different classes (i.e., the droplets with different sizes generated from jet spray

breakup and indicated by the PDF distribution) reached a near steady-state surface temperature.

The slightly decrease in its value occurred due to an increase on a major part of the convection

heat transfer being directed to cause sensible heating on the droplet classes, rather than causing

direct evaporation. Also, the second law efficiency was higher than the first during the whole

evaporation process. In terms of energy and exergy sources, there is a considerable difference

between them, because of the low droplet surface temperatures during convection, which affect

directly the Carnot efficiency of the evaporation process.

5.3 Investigation of the output candidates

The authors then decided to investigate the behavior of the first and second law ef-

ficiencies, besides the entropy generation to present three objective output candidates for the
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a) b)

Figure 5.2 – Spray evaporation efficiencies and their sources for wet ethanol direct injection: a)
first law, b) second law (v = 10% v/v, 1000 RPM and θinj = 270°).

optimal spray evaporation process in the cycle. Thus, contour curves for these candidates are

presented for different actual air-fuel ratios and water contents in wet ethanol for 1000 RPM,

θinj = 240° and Td = 300K. Figure 5.3 (a) and (b) show the behavior of the spray efficiencies

and highlights the similarity between the two graphs. The evaporation process became less effi-

cient at higher water contents, whereas higher efficiencies were found under leaner conditions.

This behavior was expected because water is less volatile than ethanol, thus its addition to the

liquid phase causes an increase on the amount of sensible energy/exergy required from the spray

droplets to evaporate, therefore reducing the phenomenon efficiency. Moreover, the values of

both efficiencies were very similar, due to the low Carnot efficiency associated with the exergy

flows.

On the other hand, the contour curves of entropy generation in Fig. 5.4 (a) indicate

a peak rather than a valley at higher water contents and richer mixtures. Thus, more water

on wet ethanol caused an increase in the irreversibility during the compression stroke. Also,

leaner mixtures yielded less irreversibility in the in-cylinder gases. In resume, the three chosen

variables presented a similar behavior when it comes to an optimal operation condition for

the spray evaporation process. In order to connect wet ethanol with the main effect of a DISI

engine, contour curves of the evaporative cooling effect are presented on Fig. 5.4 (b). There was

an inverse association between the evaporative cooling effect and the efficiencies, since higher

values of charge cooling are found on the lowest efficiency points.
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Figure 5.3 – Wet ethanol direct injection contour curves: a) first law efficiency b) second law
efficiency (1000 RPM and θinj = 240°).
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Figure 5.4 – Wet ethanol direct injection contour curves: a) entropy generation b) evaporative
cooling (1000 RPM and θinj = 240°).

Although these results indicate that the use of wet ethanol reduces the spray evap-

oration efficiency when compared to anhydrous ethanol, which already causes an acceptable

evaporative cooling effect, three aspects need to be highlighted in order to see the whole figure

of the problem. The additional mass of water in wet ethanol enhanced the gas mass, thus en-

hanced the work rate on the expansion process, such as it occurs through water injection systems

in some engines. Also, the evaporative cooling effect is amplified in almost 50% on mixtures
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of 20% v/v water, therefore improving the knock suppression and allow the use of even higher

compression ratios by the engine cycle. Lastly, the application of wet ethanol with higher con-

tents of water (i.e., higher than 20% v/v) would avoid the exponential growth of energy required

by the ethanol production process (Martins et al., 2015), therefore turning the ethanol life cycle

more efficient. But, in order to take into account these aspects in a more in-depth/optimization

analysis, a multiobjective optimization in a DISI engine cycle would be more adequate, since

the knock suppression would only appear with the participation of the combustion process.

0.02 0.04 0.06 0.08 0.1 0.12 0.14 4 6 8 10 12 14 16

10
-3

Figure 5.5 – Contour curve of the knock integral value for PFI of wet ethanol at the end of
the compression stroke (θ = 360°) compared to DI conditions (1000 RPM and
θinj,i = 240°).

In order to corroborate the previous argument about wet ethanol application, Fig.

5.5 presents the values of the cumulative knock integral value (M.; P., 1978) for PFI and DI

engine motoring simulations. There was a 10-fold reduction on the values of the knock variable

from the DI value to the PFI one, where the ethanol/water mixture needs to be vaporized in the

former, while it is completely in vapor form for the latter. Therefore, the higher amount of vapor

increased the gas pressure and temperature, thus the knock integral value. An interesting point

is that there is a peak region for the DI knock integral value on leaner mixtures between 5 and

10 % v/v, which is clearly different than the maximum of entropy generation/minimum of both

evaporation efficiencies. Nevertheless, the knock suppression caused by the fuel direct injection

is quite valuable, since it corroborates the potential for higher compression ratio applications,

thus increasing the engine cycle first and second law efficiencies.
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6 VALIDATION OF THE DEVELOPED DISI ENGINE MODEL

This chapter utilized the mathematical modeling and knowledge previously pre-

sented in this thesis to show the results of the direct injection of wet ethanol in a spark-ignition

engine simulation. These results were suitable to validate the developed DISI engine model by

comparing them with experimental results found in literature. The objective was to show that

the developed model is consistent with reality and robust enough to be able to accomplish the

main objective of this thesis: the thermodynamic optimization of a DISI engine fueled with

wet ethanol with the application of diverse technologies to improve the engine efficiency, such

as turbocharging and downsizing, all combined with higher compression ratios and adequate

knock suppression, in order to achieve a near state-of-the-art engine operating condition.

In order to corroborate the validity of the presented model, some comparisons with

experimental measurements from Lanzanova et al. (2016) and Brewster et al. (2007) were de-

veloped and properly detailed in the next sections.

6.1 Model validation versus experimental data from Lanzanova et al. (2016)

A validation of the DISI engine simulator was necessary in order to check the its

capacities of predicting engine outputs adequately. The experimental data and results available

in Lanzanova et al. (2016) contained information related to wet ethanol in DISI engines, which

were used on this validation to compare the simulation outputs with them. For example, the

water volumetric content in wet ethanol was varied from zero to 20%v/v, therefore these data

provided the development of a more trustworthy simulator which offers more details about wet

ethanol usage in engines.

Unfortunately, some experimental data was not available, such as the cylinder wall

temperature, admission and exhaust pressures. Thus it was necessary to develop a look-up (or

iterative) method on the simulations in order to reach the same fuel mass flow rate as obtained in

each case of the experiment. A series of simulations guessed some initial values for Padm, Pexh,

and Twall for this validation. After a series of tests, the best compromise between simulation and

experiments was found for Pexh ≊ 1.2bar, and Twall = 373K. The engine load (i.e., Padm for

this study) is the input variable iterated to guarantee the same fuel mass rate between experiment

and simulation. Another important detail to the model validation was the modification from a
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classical/near-parabolic valve opening/closure profiles to a trapezoidal one. This modification

was necessary since the experimental procedure occurred based on such a valve profile.

6.1.1 Engine specifications

The engine specifications provided by this paper encompasses the cylinder geome-

try, the valve command, as well as the direct fuel injection system (without the injector diame-

ter). The net indicated mean effective pressure (NIMEP) was always adjusted to 3.1 or 6.1 bar,

while the engine speed was set to 1500 RPM. One interesting set of data provided by Lanzanova

et al. (2016) is the efficiencies related to the engine cycle; the net thermal, the gas exchange and

combustion efficiencies are available for each case and all of them assisted on the simulation-

experiment comparison. In addition, in-cylinder pressure profiles are plotted for 3.1 bar NIMEP

during the closed-phase. Finally, the pressure and temperature maximum values/peaks are also

used for the validation. Information regarding the fuel injector is also provided, although the

nozzle diameter is not, thus some investigation was necessary to discover usual nozzle diame-

ters based on the injector type. Based on this search, the inner diameter of spray G 28 (Duke et

al., 2017) (Dinj ≈ 0.173 mm) was adopted as a reference for the value of Dinj = 0.18mm used

in this validation. In short, Tab. 6.1.1 compiles all input data available in the paper about the

engine.

6.1.2 Look-up method description

In order to make a proper comparison between the engine simulation and the ex-

perimental results from Lanzanova et al. (2016), some information about the thermodynamic

conditions on the admission and the exhaust systems are necessary. Unfortunately, the paper

does not provide all required data so that this validation can simply simulate under the same

conditions as the engine experimental procedure. For example, there is no information on the

paper about inlet and exhaust temperatures and pressures, as well as about the cylinder wall

temperatures. Therefore, in order to overcome these difficulties, a look-up method was applied

to make some proper estimates about these information gaps. The method basically consists of

a series of simulations with all available information about the engine and some initial guesses

about the values of Tadm, Padm (related to the engine partial load), Texh, Pexh, and Twall. Re-

alistic values for the admission and exhaust temperatures Tadm, Texh, as well as the exhaust

pressure Pexh are assumed in order to simplify the comparison. Next, the variables which af-
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Table 6.1 – Engine specifications (Lanzanova et al., 2016)

Parameter Value
Displaced volume 350 cm3

Stroke x Bore (66.9 x 81.6) mm
Compression ratio 11.8:1
Number of valves 4 (2 inlet and 2 exhaust)

Inlet valve diameter 28.0 mm
Exhaust valve diameter 30.0 mm

Valve lift 2mm (3.1 bar NIMEP) and 6mm (6.1 bar NIMEP)
Cam duration (Exhaust, intake) 220° CA

IVO (intake valve opening) 7° BTDCintake

IVC (intake valve closure) 189° ATDCintake

EVO (exhaust valve opening) 179° BTDCintake

EVC (exhaust valve closure) 3° ATDCintake

Injection timing 90° CA BTDCintake

Engine coolant temperature 90°C
NIMEP 3.1 and 6.1 bar

Engine speed 1500 RPM
Connecting rod 144.5 mm
Nozzle diameter 0.18 mm

Number of injection nozzle holes 6
Nozzle injection pressure 145 bar

Nozzle injection temperature 293 K
Spark advance timing (SAT) max. indicated efficiency −40 to −16° BTDC

Internal EGR (%) 10− 20%

fect directly the cylinder mass and pressure profile (Padm and Twall) are investigated in order to

discover which set of values provide a similar cylinder pressure curve with the same amount of

air flow rate and air-fuel ratio provided by the paper. Also, the 3.1 bar NIMEP was taken into

consideration as when simulating the cases. The obtained values were previously presented in

Sec. 6.1.1.

6.1.3 Combustion phasing

The combustion phasing is obtained through experimental data for DISI engines

with wet ethanol (up to 6%v/v water). The Wiebe function presented in Eq. 3.63 is used to

represent numerically the combustion process and it is adjusted by the usage of the instants

where 10, 50, and 90% (θ10, θ50, and θ90) of the mass fraction burned (MFB) are calculated for

the experimental procedure. Equations 6.1-6.4 represent the system of equations that must be

solved to obtain the parameters θ0, n, and ∆θb (Yeliana et al., 2008; Rufino, 2020):
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L =
ln
(
ln 0.9
ln 0.1

)
ln
(
ln 0.5
ln 0.1

) (6.1)

θ10 − θ0
θ90 − θ0

=

(
θ50 − θ0
θ90 − θ0

)L

(6.2)

n =
ln
(
ln 0.9
ln 0.1

)
ln
(

θ10−θ0
θ90−θ0

) − 1 (6.3)

∆θb =
θ50−θ0(
ln 0.5
−a

) 1
n+1

(6.4)

The combustion phasing data is completely available (i.e., flame development phase,

spark timing, combustion duration, etc.) with all the combustion efficiency values for each ex-

periment presented by Lanzanova et al. (2016).

6.1.4 Simulated cases

The data from Lanzanova et al. (2016) involved only fuel injection during the ad-

mission stroke, thus only the homogeneous case simulation is presented here. Table 6.2 com-

piles all cases analyzed on this section. The idea was to cover different engine conditions based

on the wet fuel composition for both stoichiometric and very lean combustion conditions, as

well as two different engine loads. Thus, 7 cases were evaluated by the engine simulator in

order to validate it with the experiments. Case 1 acted like a base-case reference, whereas the

other six basically change the other variables.

Table 6.2 – Studied engine operation cases with data from Lanzanova et al. (2016)

Case Conditions
1 E100W0, 1500 RPM, λ = 1.0, 3.1 NIMEP
2 E100W0, 1500 RPM, λ = 1.0, 6.1 NIMEP
3 E100W0, 1500 RPM, λ = 1.3, 3.1 NIMEP
4 E95W5, 1500 RPM, λ = 1.0, 3.1 NIMEP
5 E90W10, 1500 RPM, λ = 1.0, 3.1 NIMEP
6 E80W20, 1500 RPM, λ = 1.0, 3.1 NIMEP
7 E80W20, 1500 RPM, λ = 1.3, 3.1 NIMEP
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6.1.5 Engine in-cylinder pressure

Some experimental in-cylinder gas pressure profiles were adopted to validate the

DISI engine simulator. This comparison involved cases 1, 4, 5, and 6 (the ones with pressure

curves available) and showed the effect of increasing water content on wet ethanol on the engine

cycle under stoichiometric conditions and 3.1 bar NIMEP. A chemical kinetic model was cou-

pled on the simulator for these comparisons, so that the engine performance was more related

to reality (i.e., the experiments).

Figures 6.1-6.4 present how accurate the DISI engine simulator is capable of re-

producing the closed-phase pressure profiles of Lanzanova et al. (2016). By comparing the

figures, it is noticeable that the simulation was able to predict the pressure profiles for cases 1,

4, and 5. In addition, both the pressure peak and its value were also predicted coherently. Thus,

the simulator is clearly capable of predicting realistic DISI engine performance and therefore

it can be adopted to perform a thermodynamic optimization of a DISI engine fueled with wet

ethanol, such as proposed by this research. It must be clarified, however, that there was a clear

difference between the simulated and experimental curves for E80W20, with a peak difference

of 2 bar. This difference was attributed to the requirement of adjusting the Hohenberg’s heat

transfer coefficient hconv to conditions where higher water contents on the fuel composition ex-

ists. Nevertheless, this discrepancy did not affect significantly the other output variables, as it

will be commented in the next section, so does not invalidate the simulator on its main goal of

optimization.

6.1.6 Comparison of remaining engine outputs

This section shows the comparison between the remaining outputs available in Lan-

zanova et al. (2016) with the ones obtained by the simulations. The comparison involved the

following outputs: NIMEP, SFC, net thermal engine efficiency, gas exchange efficiency, max-

imum cycle pressure and angle, besides maximum cycle temperature. These seven variables

provide information regarding the engine cycle during both closed and open phases, which al-

low a proper analysis about the engine performance as well as the direct injection effect of

wet ethanol. All results involving the previously described cases were studied, so that the en-

gine simulator capacity could be evaluated in terms of water content and specific characteristics

related to DISI engines operation (e.g., engine load and relative air-fuel ratio λ).

Table 6.3 presents the comparison for the case 1. The specific fuel consumption
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Figure 6.1 – In-cylinder gas pressure profile (simulation versus experimental data from Lan-
zanova et al. (2016)) - E100W0, 1500 RPM, λ = 1.0, 3.1 NIMEP.

Figure 6.2 – In-cylinder gas pressure profile (simulation versus experimental data from Lan-
zanova et al. (2016)) - E95W5, 1500 RPM, λ = 1.0, 3.1 NIMEP.

and engine thermal efficiency are quite similar in values for both experiment and simulation,

with relative differences of 0.91 and 0.39%, respectively. The obtained NIMEP related to the

simulation is superior to the experiment (6.49%), but nevertheless it is realistically representa-

tive and its differences can be attributed to the engine open-phase calculation, since the already

commented Fig. 6.1 showed very similar pressure curves during the closed-phase. In addition,

the absence of information regarding the admission and exhaust manifold pressures, and the
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Figure 6.3 – In-cylinder gas pressure profile (simulation versus experimental data from Lan-
zanova et al. (2016)) - E90W10, 1500 RPM, λ = 1.0, 3.1 NIMEP.

Figure 6.4 – In-cylinder gas pressure profile (simulation versus experimental data from Lan-
zanova et al. (2016)) - E80W20, 1500 RPM, λ = 1.0, 3.1 NIMEP.

cylinder wall temperature most likely contributed to this difference between the simulation and

the experiment case, and thus affected the gas exchange efficiency (4.87%). Finally, the simu-

lated maximum pressure and temperature values are similar to the experimental ones (3.72 and

3.87%, respectively). Thus, these results indicate that the engine combustion phasing operated

by a Wiebe function coupled with experimental data from the paper was capable of reproducing

the combustion behavior throughout the engine cycle, as it is noticed by the maximum pressure
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angle (0.06%).

Table 6.3 – Engine simulation outputs for case 1 versus Lanzanova et al. (2016)

Parameter Simulation Exp. Rel. Diff.

NIMEP (bar) 3.293 3.10 6.49 %
SFC (gfuel/kWh) 454.6 458.7 0.91 %

Thermal efficiency (%) 29.29 29.17 0.39 %
Gas exchange efficiency (%) 79.83 83.92 4.87 %

Max. P (bar) 20.71 21.51 3.72 %
Max. P angle (deg) 377.6 377.4 0.06 %

Max. T (K) 1853 1784 3.87 %

Table 6.4 presents the comparison between simulation and experiment in order to

evaluate the main differences of increasing the engine load (from 3.1 to 6.1 bar NIMEP) on the

engine outputs. The simulation was capable of predicting correctly the changes of all outputs.

The highest relative difference was found for the NIMEP (7.28%), whereas most other variables

stayed near 4 and 5%. These results corroborate the model ability of predicting changes on

the engine load, which is a very important characteristic to be taken into account, since the

optimization process adopts the engine load as an input for its calculations.

Table 6.4 – Engine simulation outputs for case 2 versus Lanzanova et al. (2016)

Parameter Simulation Exp. Rel. Diff.

NIMEP (bar) 6.544 6.1 7.28 %
SFC (gfuel/kWh) 393.3 413.3 4.85 %

Thermal efficiency (%) 33.97 32.38 4.92 %
Gas exchange efficiency (%) 91.53 95.63 4.29 %

Max. P (bar) 34.98 36.62 4.47 %
Max. P angle (deg) 377.8 374.7 0.82 %

Max. T (K) 1898 1805 5.15 %

Case 6 covers the comparison related to a change of fuel blends from E100W0 to

E80W20 (Tab. 6.5). The increase in water content on the ethanol-water mixture increased the

average relative differences between the simulation and the experiment. For example, most

values increased to up than 6%. In addition, the maximum pressure and temperature were the

highest differences on this comparison (15.26 and 12.89%, respectively). This behavior is justi-

fied based on the combination of a higher coefficient of variability (COV) on combustion on the

experiments (Lanzanova et al., 2016) with the simulator somewhat underestimating the water

on the combustion process. The aforementioned requirement to adjust the Hohenberg’s heat
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transfer coefficient is also valid here. Nevertheless, the simulation was capable of accurately

predict two important outputs for the optimization process, such as SFC and thermal efficiency.

Table 6.5 – Engine simulation outputs for case 6 versus Lanzanova et al. (2016)

Parameter Simulation Exp. Rel. Diff.

NIMEP (bar) 3.33 3.1 7.37 %
SFC (gfuel/kWh) 601.5 640.2 6.05 %

Thermal efficiency (%) 29.2 27.5 6.20 %
Gas exchange efficiency (%) 80.04 83.13 3.73 %

Max. P (bar) 21.48 18.63 15.26 %
Max. P angle (deg) 376.4 377.5 0.29 %

Max. T (K) 1755 1555 12.89 %

The final comparison involves the usage of E80W20 in a very lean mixture (λ =

1.3), whose results are presented by Tab. 6.6. The simulator presented very interesting results

almost all outputs; the exceptions involve the maximum pressure and temperature. The most

probable reason for this behavior is similar to the one presented for case 6, i.e., higher water

content + higher COV. An interesting highlight is that leaning the mixture did not restrict the

simulation in terms of the remaining variables. Actually, it has approximated them further

quantitatively. Thus, this comparison corroborates the validity of the engine simulator for the

proposed optimization process of this work, which is presented in the next chapter.

Table 6.6 – Engine simulation outputs for case 7 versus Lanzanova et al. (2016)

Parameter Simulation Exp. Rel. Diff.

NIMEP (bar) 3.136 3.1 1.16 %
SFC (gfuel/kWh) 583.3 597.8 2.44 %

Thermal efficiency (%) 29.95 29.44 1.74 %
Gas exchange efficiency (%) 80.23 84.58 5.15 %

Max. P (bar) 29.00 22.37 29.62 %
Max. P angle (deg) 369.3 372.4 0.83 %

Max. T (K) 1684 1417 18.81 %

6.2 Model validation versus experimental data from Brewster et al. (2007)

A second validation of the DISI engine simulator was applied to check the simulator

capacity to predict the engine behavior under more intense engine load conditions. The results

from (Lanzanova et al., 2016) only covered partial load cases. Also, the optimization process

requires the application of a turbocharging system, so the simulator must be able to indicate
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(in a certain degree) the engine outputs (e.g., torque, MEP, efficiencies, emissions, etc.) under

higher in-cylinder pressure profiles obtained for such a system. Thus, experimental data and

results available in Brewster (2007), Brewster et al. (2007) contained information related to wet

ethanol in turbocharged DISI engines and therefore were used to validate the engine for these

operation conditions.

Some experimental data was not available either, such as the admission and exhaust

valve diameters, as well as the cylinder wall temperature, and the exhaust manifold pressure.

Thus, it was necessary to develop a similar look-up/iterative method as the one previously de-

scribed in Sec. 6.1.2) on the simulations in order to reach the same air mass flow rate as obtained

in each case of the experiment. A series of simulations guessed some initial values for Dadm,

Dexh and Twall for this validation. After a series of tests, the best compromise between simula-

tion and experiments provided Dadm = 32.0mm, Dexh = 30.0mm and Twall = 450K. These

features are highlighted with asterisks on Tab. 6.7. The exhaust pressure was the input variable

iterated to guarantee the same air mass rate between the experiment and the simulation.

6.2.1 Engine specifications

The engine specifications provided by this paper encompasses the cylinder geome-

try, the valve command angles, as well as the direct fuel injection system (without the injector

diameter). The injector diameter was previously unknown, but (Brewster, 2007) indicated that

the SMD diameter was equivalent to 10 µm and from this it is estimated an injector diameter of

Dinj = 0.25mm. The engine speed was 2000 RPM. The combustion efficiency was assumed as

0.99, which is an realistic value to a stoichiometric homogeneous combustion, which is the case

of this comparison. In addition, in-cylinder pressure profiles are plotted for MBT conditions for

each ethanol-water mixture at stoichiometric conditions. The brake torque, thermal efficiency

and mean effective pressure are also available in the papers. Finally, the pressure maximum val-

ues/peaks are also used for the validation. In short, Table 6.7 compiles all input data available

in the paper about the engine.

6.2.2 Look-up method

The look-up method for the unavailable engine features involving this validation

was similar to the one presented previously on this chapter. However, the object of focus here

was the exhaust manifold pressure (Pexh), since any direct information about this feature was
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Table 6.7 – Engine specifications (Brewster, 2007; Brewster et al., 2007)

Parameter Value
Displaced volume 500 cm3

Stroke x Bore (86.0 x 86.0) mm
Compression ratio 10.4:1
Number of valves 4 (2 inlet and 2 exhaust)

Inlet valve diameter* 32.0 mm
Exhaust valve diameter* 30.0 mm
Valve lift/diameter ratio 0.3

IVO (intake valve opening) 9° BTDCintake

IVC (intake valve closure) 222° ATDCintake

EVO (exhaust valve opening) 221° BTDCintake

EVC (exhaust valve closure) 15° ATDCintake

Injection timing 40° CA BTDCintake

Engine wall temperature* 137°C
Engine speed 2000 RPM

Connecting rod 144 mm
Nozzle diameter 0.25 mm (based on DSMD ≈ 10 mm)

Number of injection nozzle holes 8
Nozzle injection pressure 140 bar

Nozzle injection temperature 293 K

available on the papers. On the other hand, the admission manifold pressure (Padm) was clearly

expressed due to its relationship with engine load, thus the iterative method did not need to

focus on its search. Therefore, Pexh was iterated to guarantee the same amount of air mass flow

rate between the experiment and the simulation.

6.2.3 Combustion phasing data

The procedure of obtaining the combustion phasing data to fit the Wiebe curve was

also very similar to the one adopted to the validation based on data of (Lanzanova et al., 2016).

Fortunately, the paper provided the complete mass fraction burned (MFB) curve therefore it was

simpler to obtain and confirm the combustion behavior on the simulations.

6.2.4 Simulated cases

Brewster et al. (2007) provided four cases where the pressure curves were readily

highlighted. The cases differ on the amount of water content on the fuel. This paper adopted

the acronym E100 to refer to an ethanol-water fuel mixture in a mass basis, while this thesis

adopted the symbol E100W0 to represent the same fuel, although in a volumetric basis. Tab. 6.8
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shows the values between mass and volume-basis for these ethanol-water mixtures, as well as

the engine conditions of each experiment. Like on the first validation, the pressure information

was only available for the closed-phase scenario during combustion, so the comparison occurred

only on this period.

Table 6.8 – Studied engine operation cases with data from Brewster et al. (2007)

Case Conditions
1 E100 <=> E100W0, MBT, 2000 RPM, λ = 1.0, Padm = 100kPa, Pexh = 222kPa.
2 E93 <=> E94.3W5.7, MBT, 2000 RPM, λ = 1.0, Padm = 100kPa, Pexh = 220kPa.
3 E87 <=> E89.4W10.6, MBT, 2000 RPM, λ = 1.0, Padm = 100kPa, Pexh = 222kPa.
4 E80 <=> E83.5W16.5, MBT, 2000 RPM, λ = 1.0, Padm = 100kPa, Pexh = 261kPa.

The exhaust manifold pressure value converged after applying a numerical secant

method (look-up method) on the available data from each of the cases above. The air mass flow

rate was the variable adopted to converge with the experimental data in order to guarantee the

simulations are representative of the experiments.

6.2.5 Engine in-cylinder pressure

Figures 6.5-6.8 present the in-cylinder pressure profiles obtained from the simula-

tions and from the experimental results of Brewster et al. (2007). It is clear that similar pressure

curves exist on all four presented figures. The simulation predicted not only the pressure peak

but also the angle where it occurred on the experiments. This validation shows therefore that

the simulator was capable of reproducing the average in-cylinder pressure obtained on the ex-

periments, regardless of the water content. Also, this validation indicated that the DISI engine

simulator can handle the optimization process involving turbocharging and higher admission

pressures as the ones presented on Lanzanova et al. (2016) in a way that is coherent with real-

istic engine operations.

6.2.6 Comparison of remaining engine outputs

Tables 6.9-6.12 show the remaining results obtained from the simulator that were

compared with the experiments. It was noticeable the similarity of all values for all cases.

The evaluated gross torque, thermal efficiency and mean effective pressure were very close to

the experimental brake torque, thermal efficiency and mean effective pressure. The simulated

net values are lower, yet very close as well. As Heywood (2018) mentioned, the mechanical
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Figure 6.5 – In-cylinder gas pressure profile (simulation versus experimental data from Brew-
ster et al. (2007)) - E100W0, MBT, 2000 RPM, λ = 1.0, Padm = 100kPa.

Figure 6.6 – In-cylinder gas pressure profile (simulation versus experimental data from Brew-
ster et al. (2007)) - E94.3W5.7, MBT, 2000 RPM, λ = 1.0, Padm = 100kPa.

efficiency is usually near 90% for modern vehicles at speeds below 2400 RPM, so the evaluated

features are close to the real experimental results even for brake conditions. In conclusion,

6.2.7 Summary

The validation procedure covered comparisons with two different engine sources

under different engine load conditions. While (Lanzanova et al., 2016) presented partial load
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Figure 6.7 – In-cylinder gas pressure profile (simulation versus experimental data from Brew-
ster et al. (2007)) - E89.4W10.6, MBT, 2000 RPM, λ = 1.0, Padm = 100kPa.

Figure 6.8 – In-cylinder gas pressure profile (simulation versus experimental data from Brew-
ster et al. (2007)) - E83.5W16.5, MBT, 2000 RPM, λ = 1.0, Padm = 100kPa.

Table 6.9 – Engine simulation outputs for case 1 versus Brewster et al. (2007)

MEP (bar) η1st(%) T (N.m) Airflow (g/s) Ppeak (bar) θPpeak

Simulation (Net) 9.392 31.85 37.37 8.300 68.64 371.3
Simulation (Gross) 10.49 35.58 41.75 8.300 68.64 371.3
Brewster et al. (2007) (Brake) 10.60 35.98 42.21 8.297 66.69 369.8
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Table 6.10 – Engine simulation outputs for case 2 versus Brewster et al. (2007)

MEP (bar) η1st(%) T (N.m) Airflow (g/s) Ppeak (bar) θPpeak

Simulation (Net) 9.476 31.83 37.30 8.378 69.91 370.7
Simulation (Gross) 10.56 35.46 42.00 8.378 69.91 370.7
Brewster et al. (2007) (Brake) 10.51 35.13 41.73 8.380 68.76 370.1

Table 6.11 – Engine simulation outputs for case 3 versus Brewster et al. (2007)

MEP (bar) η1st(%) T (N.m) Airflow (g/s) Ppeak (bar) θPpeak

Simulation (Net) 9.390 31.50 37.36 8.384 72.48 369.2
Simulation (Gross) 10.49 35.21 41.75 8.384 72.48 369.2
Brewster et al. (2007) (Brake) 10.34 34.88 41.15 8.385 72.01 367.9

Table 6.12 – Engine simulation outputs for case 4 versus Brewster et al. (2007)

MEP (bar) η1st(%) T (N.m) Airflow (g/s) Ppeak (bar) θPpeak

Simulation (Net) 8.719 30.02 34.69 8.168 70.19 369.4
Simulation (Gross) 10.22 35.18 40.66 8.168 70.19 369.4
Brewster et al. (2007) (Brake) 10.13 35.18 40.36 8.167 69.35 368.9

results (Brewster et al., 2007) used a turbocharger, thus conditions more closely related to an

engine full load operation. The simulation outputs were compared with the experiments and

good agreement was found for both validations. Next chapter will focus on the thermodynamic

optimization of a DISI engine fueled with wet ethanol.
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7 THERMODYNAMIC OPTIMIZATION TOWARDS A STATE-OF-

THE-ART DISI ENGINE FUELED WITH WET ETHANOL

The final chapter of this thesis involves a mathematical optimization of a steady-

state direct-injection spark-ignition engine fueled with wet ethanol. This optimization was de-

veloped as a function of the threshold knock index number, which represent the limit condition

the engine operates without detonation/knock phenomenon. The engine operation conditions

must represent some current requirements of a real engine operation (e.g., pollutant formation).

Based on these requirements, the optimization process must take into account the knock index

number (KIn ≊ 0.99) on its algorithm, so that an optimal engine efficiency can be found under

conditions which avoid considerable engine wear. In addition, pollutant emissions must be con-

trolled in order to operate the optimized engine in a real sustainable mode. Therefore, it is not

only the requirement of achieving the highest possible efficiency, but also obtaining an optimal

state coherent with human society needs, that is, sustainability, usage of renewable fuels, CO2

mitigation, etc.

7.1 Optimization conditions

The engine parameters (inputs) taken into account in this optimization process are

the ones usually associated with recent engine performance, for example compression ratio (r),

engine speed (Nengine), supercharging/turbocharging (Padm > Patm), downsizing (i.e., cylinder

volume reduction), and relative air-fuel ratio (λ). In addition, water volumetric content is also

assumed as variable and it respects its limitations, that is, how much water content wet ethanol

can hold in order to be used as a fuel in DISI engines. This information is obtained based on pre-

vious analyses available on the literature (Lanzanova et al., 2016; Brewster et al., 2007). Thus,

Tab. 7.1 presents the inferior and superior threshold values of the previously mentioned inputs

which are modified on the optimization process. Other variables related to the studied DISI en-

gine are assumed as constants on this study. The crank angle reference value (i.e, 0° CA) is the

top-dead center (TDC) occurred during the open-phase (i.e., involving the admission/exhaust

strokes).

The admission pressure is set free on its maximum value so that the optimum engine

operation state can be as close as possible to the knock threshold condition, and therefore be
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Table 7.1 – Engine parameter inputs to the optimization process

Parameter Values

Padm (bar) [0.5, ∞)
Vcyl (10−6m3) [300, 400]

r [12,15,18]
Nengine (RPM ) [1000, 1250, 1500, 1750, 2000]

λ [1.0, 1,3]
vH2O [0.0, 0.05, 0.1, 0.2]

Patm (bar) 1
Tatm (K) 300
Pexh (bar) 1.2
Texh (K) 950

Number of valves 2 admission and 2 exhaust
Inlet valve diameter 30.94 mm

Exhaust valve diameter 28.27 mm
Valve lift/diameter ratio 0.3

IVO (intake valve opening) (° BTDCintake) 0
IVC (intake valve closure) (° ATDCintake) 180

EVO (exhaust valve opening) (° BTDCintake) 180
EVC (exhaust valve closure) (° ATDCintake) 0

Injection timing (° CA ATDCintake) 90
Twall (K) 500K
D/L ratio 1

Connecting rod 128 mm
Nozzle diameter 0.50 mm

Number of injection nozzle holes 10
Nozzle injection pressure 200 bar

Nozzle injection temperature 293 K
Internal EGR (%) ≊ 5%

near to optimal efficiencies (in terms of first and second laws of thermodynamics). So, each

of these input variables was combined to find an engine optimal operation condition for four

different fuel blends of wet ethanol (E100W0, E95W5, E90W10, E80W20). The combination

of these input variables provide 144 different optimal states which are analyzed in terms of the

outputs presented in Tab. 7.2. Each of this optimal states is presented as a case in Tabs. E.1-

E.5. Besides the previously mentioned knock index value, other outputs are also analyzed on

the discovered optimal states found by the algorithm, for example the engine efficiencies (η1st

and η2nd), the nitric oxide emission (ppmNOx), and the exergy available on the engine exhaust

(Ḃexhaust).

The direct proportionality of η1st with KIn is adopted to simplify the problem in

this optimization process. Instead of solving this problem by searching for optimal values of
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Table 7.2 – Optimization function objectives or outputs

Parameter Values

KIn < 1.0
η1st and η2nd -
ppmNOx -
ppmCO2 -
Ḃexhaust -

SFC (gfuel/kW.h) -

two (or more) objective functions, the algorithm focuses on finding the state where KIn ≊ 0.99,

therefore guaranteeing an optimal and secure engine operation without detonation. Thus, Eq.

7.1 represents the function objective for the case in study:

f = f(Padm) = KIn(Padm) (7.1)

The fgoalattain function on MATLAB® was adopted to develop this optimization

process. The details of this algorithm are presented in Matlab (2018). Some modifications were

required on the function configuration in order to accelerate the algorithm search process, and

these are presented by Tab. 7.3.

Table 7.3 – MATLAB fgoalattain function configuration

Parameter Value

Constraint tolerance 0.001
Finite difference step-size 0.01

Finite difference type central-difference second-order
Function tolerance 0.1

Maximum number of iterations 5
Maximum number of function evaluations 20

Step tolerance 0.001

7.2 Machine learning for wet ethanol combustion phasing

In order to apply realistic values of wet ethanol combustion phasing in the planned

optimization process, a multivariate polynomial regression algorithm was adopted on the exper-

imental data presented on Lanzanova et al. (2016). The multivariate polynomial regression is

a supervised machine learning algorithm in which experimental data is provided to a computer

code and based on previous knowledge about the output behavior (in this case, combustion
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phasing parameters), an analytical expression is obtained which best represents the experimen-

tal data. It is a least-squared method in which the cost function (i.e., the total sum of the mean of

the squares of the differences between the predicted value by the method and its actual value) is

minimized. Depending on the adopted hypothesis function (e.g., linear, parabolic, mixed poly-

nomial regressions, etc.), a series of parameters/coefficients is obtained that provide a curve that

best fits this experimental data. The cost function has the following form:

J(Θ) =
1

2m

m∑
i=1

(hΘ(X)− yi)
2 (7.2)

where J is the cost function, m is number of training examples, h(Θ) is the hypoth-

esis function based on the parameters in the Θ vector, and yi is the ith actual/original value. A

standard feature scaling as well as a mean normalization were applied to the inputs in order to

adjust all these variables into the same range (usually between -1 and 1), thus speeding up the

process without oscillations. The normalized input vector X therefore has the following form:

X =
x− µ

σ
(7.3)

where x is the original input, µ = [1.23, 0.08, 4.43] is the average of each input,

whereas σ = [0.167, 0.073, 1.507] represents each input standard deviation. The values pre-

sented here are valid for the experimental data obtained from Lanzanova et al. (2016). In the

current problem, the inputs adopted to the regression algorithm are λ, vH2O and IMEP, thus the

original input vector:

x = [λ, vH2O, IMEP ] (7.4)

The hypothesis function adopted to this problem is cubic for each of these inputs,

thus the normalized input vector X are:

X = [1, λ, vH2O, IMEP, λ2, v2H2O
, IMEP 2, λ3, v3H2O

, IMEP 3] (7.5)

After applying both feature scaling and normalization to the vector X , the hypoth-

esis function has the following form:

h(Θ) = XΘt (7.6)
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where Θ = [θ0, θ1,1, θ1,2, θ1,3, θ2,1, θ2,2, θ2,3, θ3,1, θ3,2, θ3,3]. The first index indicates

the order of the polynomial associated with theta whereas the second index indicates the original

input associated with θ. The minimization procedure applied a gradient descent algorithm to

find the best set of Θ to represent each output of interest (in this case, ηcomb, ∆θ0−10, ∆θ10−90,

and spark timing θ0). Table 7.4 presents all optimized theta parameters obtained for all four

output variables:

Table 7.4 – Multivariate polynomial parameters for the combustion phasing based on Lan-
zanova et al. (2016)

Parameter θ0 θ1,1 θ1,2 θ1,3 θ2,1 θ2,2 θ2,3 θ3,1 θ3,2 θ3,3

ηcomb 49.476 -1.404 -1.019 -10.499 -1.471 0.225 46.055 0.382 -0.120 -0.083
∆θ0−10 14.219 3.058 0.541 -2.083 -0.268 0.047 13.442 -0.158 0.336 0.935
∆θ10−90 9.766 4.005 0.556 -1.923 0.941 -0.275 9.124 -0.145 0.413 0.137

θ0 -11.970 -7.062 -4.417 1.527 -1.502 -0.487 -11.366 0.193 1.172 -1.020

After applying this algorithm, Figs. 7.1-7.4 present comparisons between the re-

gression and experimental values for each one of the combustion phasing parameters. As can

be noticed on all four figures, the predicted values were capable of mostly reproducing the

original values with average relative differences lower than 5%. Thus, these expressions were

adopted to simulate the combustion phasing during the optimization on the engine simulator.
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Figure 7.1 – Combustion efficiency multivariate nonlinear regression (based on experimental
data from Lanzanova et al. (2016)
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Figure 7.2 – Flame development angle (∆θcomb,0−10) multivariate nonlinear regression (based
on experimental data from Lanzanova et al. (2016)
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Figure 7.3 – Combustion duration (∆θcomb,10−90) multivariate nonlinear regression (based on
experimental data from Lanzanova et al. (2016)

7.3 Super/turbocharging & intercooler effects

The thermodynamic optimization process of the described DISI engine adopted the

supercharging and/or turbocharging techniques in order to increase the admission pressure, thus

elevating the volumetric efficiency and the mass inside the engine cycle, consequently increas-
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Figure 7.4 – Spark timing (θcomb,0) multivariate nonlinear regression (based on experimental
data from Lanzanova et al. (2016)

ing the engine power and possibly the engine efficiencies as well.

In order to evaluate the intercooler demand for the super/turbocharging process, a

comparison between two optimal engine states for two different admission temperatures is pre-

sented here. First, an optimization process was evaluated assuming the admission air tempera-

ture (just before the engine cycle) is 300K. Next, another optimization was developed, however

it assumed the temperature as 373K. Since the air admission conditions depend directly on the

intercooler cooling capacity (Q̇intercooler) and indirectly on the vehicle cooling water temper-

ature (which ranges from 90 to 95 ° C)), it is prudent to analyze how this capacity affect the

optimization process. Therefore, this comparison involves the cases 1 and 13 indicated at Tab.

E.5 to illustrate the intercooler requirements and cases conditions are presented by Tab. 7.5.

Table 7.5 – Comparison cases to evaluate the intercooler demand effect on the optimization
process

Parameter Value

Engine speed 2000 RPM
Compression ratio 12 (both cases)

vH2O 0 and 0.2
λ 1.0
vcyl 300 cm3 (both cases)

Tables 7.6-7.7 present the engine performance for Tadm = 300K and Tadm = 373K
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for the cooler and hotter admission states, respectively. The first noticeable point in Tab. 7.6

is that the higher air temperatures reduced the engine load (19.5% reduction), and therefore its

power (clearly) and efficiencies (slightly). The super/turbocharger was not applicable for the

hotter case, since the pressure associated with the threshold knock index was below the adopted

environment pressure. On the other hand, the cooler case could operate the turbocharger, thus

slightly increasing the final engine power from 8.47 to 8.60 kW. When wet ethanol is used

(Tab. 7.7), the engine load reduced 23.2%, but both efficiencies were equivalent. In addition,

the obtained engine power values were quite different (11.8 versus 7.80 kW). This behavior is

justified based on the drastic admission pressure reduction, thus reducing the cylinder mass and

increasing the pumping work during the open-cycle. Lastly, there is room for improvement in

the turbocharger operation, where adjustments on the admission/exhaust valve commands and

consequently on the exhaust pressure (i.e., higher values with earlier EVO) and residual gases

of the engine cycle may improve the turbocharger efficiency and net power, and therefore the

overall engine efficiencies.

Table 7.6 – Optimized results for vH2O = 0.0 (anhydrous ethanol).

Parameter Tadm = 300K Tadm = 373K

Ppost−comp (kPa) 122.7 98.8
η1st 0.4185 0.4039
η2nd 0.3811 0.3678

Ẇengine (kW) 8.6 5.7

Table 7.7 – Optimized results for vH2O = 0.2 (wet ethanol).

Parameter Tadm = 300K Tadm = 373K

Ppost−comp (kPa) 174.1 133.7
η1st 0.3994 0.3999
η2nd 0.3637 0.3642

Ẇengine (kW) 11.8 7.8

In conclusion, a high intercooler capacity is very interesting towards an optimal

engine state operation, and therefore it is assumed as true for the following results.

7.4 Optimization results

After contextualizing the conditions of the optimization, this section is dedicated to

the main results related with this thesis. Most of them are presented based on the cases of Tabs.
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E.1-E.5, where the case number identifies the combination of each input variables evaluated

in the search process. The following figures have their x-axis representing the case number

indicated on the tables of Appendix E, while their y-axis show the studied parameter (engine

power, efficiency, etc.). This approach was chosen since it yields more compact graphs with

several parameter effects possible to be analyzed in the same figure. For example, cases 1 and 2

present the differences between two cylinder volumes while the remaining inputs are constant.

Other sets of comparisons involve cases 1 and 3, which evaluate relative air-fuel ratio effects,

whereas cases 1, 5, 9, and 13 relate different water-in-ethanol volumetric fractions, 1, 17, and

33 different compression ratios, and so on.

7.4.1 Engine load

Figure 7.5 presents the optimal engine loads on threshold knock conditions encoun-

tered for the inputs indicated by Tab. 7.1. Cases 1 to 4 refer to E100W0, cases 5 to 8 to E95W05,

cases 9 to 13 to E90W10, etc. This same pattern repeats for the remaining compression ratios.

The engine load is assumed in this work as a function of the atmospheric pressure (Patm = 1

bar). The horizontal dashed line indicates the transition between partial load (Padm < Patm) and

turbocharging operation/overload (Padm > Patm). Also, the figure is divided into three rectan-

gles by two vertical dashed lines, whose regions indicate the respective compression ratios for

the cases involved in each of these areas.

Some characteristics about the engine optimization process involving engine load

are worth mentioning. First, higher degrees of water in wet ethanol increased the optimal loads,

as noticed for example by comparing cases 1, 5, 9, and 13, where a transition between partial

load (case 1) to turbocharging operation (case 13) occurs for most speeds. Second, leaning the

air-fuel mixture (cases 1 and 3) decreased the maximum engine load for all speeds. Third, in-

creasing the compression ratio (cases 1, 17 and 33) reduced the engine load on all cases. Also,

another interesting point is the reduction on the engine load amplitude for different engine

speeds at higher compression ratios. These two characteristics are due to the existence of an

upper limit unburned gas pressure the air-fuel-residual gas mixture reaches without detonating.

Thus, it is reasonable to expect that higher compression ratios accept lower levels of turbocharg-

ing (and therefore engine load) in order to avoid detonation. Another point to highlight is the

reduction of maximum work the compressor can develop at higher compression ratios, which is

a characteristic that can be further explored in a future optimization such as this one. At last, an
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Figure 7.5 – Optimal engine loads at knock threshold conditions. The horizontal dashed line
indicates the transition between partial load (Padm < Patm) and turbocharging
operation/overload (Padm > Patm), while the vertical dashed lines separate the
regions of different compression ratios.

important detail is that the results did not identify clear benefits on downsizing for the engine

load; this is justified by the combustion phasing correlations that do not take into account the

engine size as one of their parameters, thus they do not consider the cylinder volume effect on

the variation of spark timing (θcomb,0), flame development (θ0−10), combustion duration (θ10−90),

and combustion efficiency (ηcomb).

In order to complement this section, Fig. 7.6 presents the volumetric efficiency. As

expected, this variable shows the same trends as the engine load, however there is an important

detail about the wet ethanol evaporative cooling capacity that is evident from this figure. Inde-

pendently if there is the compressor actuation on the system, the ethanol-water evaporative cool-

ing effect collaborates to enhance the volumetric efficiency. For example, this efficiency reaches

values near 1 from cases 1 to 4 at 1250 RPM without any help of the supercharger/turbocharger

system, as noticed in Fig. 7.5. In addition, at r = 12, E80W20 allows all engine speeds to reach

an efficiency over 1, thus allowing the engine to operate in a more intense and efficient way

without knock occurrence.
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Figure 7.6 – Optimal engine volumetric efficiency at knock threshold conditions.

7.4.2 Engine power and NIMEP

Figure 7.7 presents the engine power characteristics for each optimized case. These

values take into account the extra power that the turbocharger offers to the engine system when

turbocharging is possible (Fig. 7.5); otherwise, the figure presents only the engine cycle output.

Due to the higher engine loads, the cases 1 to 16, when compared to the ones at different

compression ratios, but under the same conditions, offered higher values of engine power. These

loads are directly associated with higher trapped in-cylinder masses, as Fig. 7.8 shows. Thus, it

is expected higher power outputs for lower compression ratios. However, it is worth mentioning

that this behavior does not indicate that cases 1 to 16 are more efficient than the others, since

the total mass affects directly the total energy output the engine system develops.

Another point to highlight in Fig. 7.7 is the peak engine power obtained from

E80W20 (cases 13 to 16 for r = 12, cases 29 to 32 for r = 15, and cases 45 to 48 for

r = 18). For example, case 14 reached a value of almost 15.5 kW (20.8 HP or 75 N.m/cylinder

of torque) at 2000 RPM without an optimal valve configuration. At last, the combination of

leaner mixtures, higher compression ratios and water content can replace the engine operation

for current ICE conditions of operation in Brazil (i.e., E95W05 rich/stoichiometric at r = 12)

without losing power. For example, cases 32 and 48 yield the same 4 kW obtained from case 6

at 1000 RPM by operating at 1250 and 1500 RPM, respectively. So, the usage of wet ethanol
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can provide enough power if its characteristics as a fuel are properly taken into account and

therefore optimized to the engine operation.

Figure 7.7 – Optimal engine power at knock threshold conditions. For cases where the engine
load is greater than 1 bar, the power takes into account the turbocharger contribu-
tion; otherwise, it is only the DISI engine output.

Figure 7.8 – Total trapped in-cylinder masses for the optimal states.

The net indicated mean effective pressure (NIMEP) is a characteristic parameter of
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ICEs that represents their capacity to develop work for different engine volume values. Figure

7.9 shows the NIMEP values for all optimized cases. As noticed by the engine power in Fig. 7.7,

higher water volumetric fractions indicate higher values of NIMEP, especially with the combi-

nation of evaporative cooling, turbocharging, higher in-cylinder mass, and knock suppression.

On the other hand, the downsizing effect is not noticeable, for the reason previously explained

in Sec. 7.4.1. Thus, for a raw capacity analysis, cases 13 and 14 are very interesting options,

whereas to obtain the lowest NIMEP fluctuation with engine speed maybe the most valid cases

are 47 and 48.

Figure 7.9 – Optimal net indicated engine mean effective pressures (NIMEP) at knock threshold
conditions.

7.4.3 Engine efficiencies

After contextualizing the engine operation, Figs. 7.10-7.11 show how efficient the

engine operates in terms of the first (energy) and second (exergy) laws of thermodynamics. The

engine operation is simulated near the threshold knock condition, where the secure engine load

is at its maximum and thus is the engine efficiency, since they are directly proportional.

First, the engine energetic (or thermal) efficiency is discussed, where the left sub-

figure refers to the standalone engine efficiency or with supercharger when knock suppression

allows it, whereas the right sub-figure refers to turbocharged-engine efficiencies. Figure 7.10

indicates that all calculated efficiencies are above 35%, even for 1000 RPM. Also, most engine



189

speeds present efficiencies higher than 40%, with exception of 1000 RPM. The maximum effi-

ciencies for standalone or supercharged cases are found for 2000 RPM with r = 18, with values

higher than 42.5% for most cases. Another point to highlight is the efficiency increment due

to turbocharging operation, as noticed on the right sub-figure. For example, case 28 (at 2000

RPM) increased almost 2% with turbocharging when compared to supercharging conditions.

The highest efficiencies are obtained on cases 23, 24 and 28 at 2000 RPM and r = 15, which

is justified based on a balance between compression ratio and engine load. Still, cases 45 and

46 are good alternatives as well, presenting efficiencies near 43% for a non-optimized valve

command and without adoption of special EGR techniques.

Figure 7.10 – Optimal first law engine efficiency at knock threshold conditions. The left sub-
figure refers to the standalone engine efficiency or with supercharger when knock
suppression allows it. The right sub-figure refers to turbocharged-engine efficien-
cies.

Speaking in terms of exergy, Fig. 7.11 indicates the second law efficiencies for the

optimized cases. As expected, these efficiencies are always lower than its first-law parents, due

to the ratio between the fuel chemical exergy and its lower heat value be always greater than one

(Bch,wet/LHVwet > 1). Thus, the values for standalone or supercharged engine cases (left sub-

figure) are below 40%, while the turbocharged ones are at maximum near 41%. The remaining

exergy is transferred on the cylinder wall heat transfer, on the exhaust flow, or destroyed on

internal irreversibilities (Gallo, 1990; Rufino et al., 2019).
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Figure 7.11 – Optimal second law engine efficiency at knock threshold conditions. The left
sub-figure refers to the standalone engine efficiency or with supercharger when
knock suppression allows it. The right sub-figure refers to turbocharged-engine
efficiencies.

Even though the engine load presented a reduction on its variability at higher com-

pression ratios as previously discussed, both efficiencies vary differently: they are more stable

at lower compression ratios, whereas more dispersed under r = 18, for example. Thus, this

behavior indicates that engine load affects more intensely the engine efficiency for higher com-

pression ratios, and therefore it must be more carefully optimized in order to reach the optimal

engine operation state. At last, the compression ratio also increases both efficiencies for higher

water contents, such as visible for E80W20. Thus, a more efficient engine operation with higher

vH2O require also higher r in order to explore properly the wet ethanol fuel characteristics.

7.4.4 Engine irreversibility

The total engine cycle irreversibility was also studied in this optimization process

and Fig. 7.12 represents their values obtained on the knock threshold at all analyzed engine

speeds. The values are presented in a specific/intensive form (i.e., per gram of in-cylinder gas)

in order to properly compare the different engine operations. It is noticed that the engine speed

slightly decreases the specific irreversibility for all cases. The amount of water increases the

irreversibility of the engine cycle, mainly due to allow a more intense engine operation (i.e.,
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higher admission pressure and in-cylinder mass). Other important point is that leaner mixtures

decreased the irreversibility for most cases. On the other hand, the compression ratio appears

to not affect significantly the specific irreversibility, as noticed by the same trends visible inside

the three rectangular areas. In short, a final highlight is that the results of this figure may be

better enriched by combining them with the ones from Figs. E.6-E.10, 7.8, and 7.11, in order

to indicate how well each engine case operates in terms of exergy.

Figure 7.12 – Optimal engine cycle irreversibility at knock threshold conditions. All values are
presented in a specific/intensive form in order to properly compare the different
engine operations.

7.4.5 Pollutant emissions

This section focuses on presenting the emissions of nitric oxide and carbon dioxide

of each case obtained from the optimization. The results for carbon monoxide and aldehydes

obtained from the adopted chemical kinetics model (Marinov, 1999) were not proportionally

significant, therefore their simulations require a rework. Thus, their analyses are not presented

in this text.

Figure 7.13 shows the results for NO and Fig. 7.14 refers to CO2. The results

from NOx indicate that the lowest values are found on cases 25, 26, 41 and 42 (vH2O = 0.1

with η1st ≈ 0.4 and η2nd ≈ 0.36) with approximately 9 gNO/(kW.h) at 1000 and 1250 RPM.

On the other hand, the highest ones happen on cases 13 and 14 (vH2O = 0.2). The cases
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with the highest energetic and exergetic efficiencies (23 and 24) have emissions of near 14

gNO/(kW.h), a moderate value relative to the values presented on the figure. Additionally,

in a case with turbocharger operation (cases 45 and 46), there is a combination of very high

efficiencies (approximately 43.5 and 40.0%) at 1750 and 2000 RPM with moderate-to-high

value of nitric oxide (gNO/(kW.h)).

Figure 7.13 – NOx emissions for the optimal states at knock threshold conditions.

In terms of carbon dioxide, it is clear that the influence of wet ethanol water volu-

metric fraction on the quantity of CO2, as Fig. 7.14 shows. The lowest values are found for

cases 45 and 46 at 2000 RPM (lower than 500 gCO2/(kW.h)), whereas the highest involves

lower contents of water. Additionally, the results indicate no clear influence of compression

ratio on the amount of carbon dioxide. Some of the highest efficiency cases (e.g., 24 and 45) in-

volve two very different value ranges of CO2, with the latter case providing lower productions,

and therefore emissions of this gas.

7.4.6 Fuel consumption

Specific fuel consumption (SFC) deserves special attention on this text since it is

a very usual parameter for engine performance as well as there are different fuel compositions

under evaluation on the optimization process. An interesting characteristic involving this pa-

rameter is highlighted by Figs. 7.15-7.16, which involve the wet ethanol composition and its
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Figure 7.14 – CO2 emissions for the optimal states at knock threshold conditions.

ethanol part on the calculations, respectively. A noticeable point is that these two different

SFCs indicate different trends towards increasing water content on the fuel: although Fig. 7.15

indicates a significant increase on SFC (345 versus 445 gfuel/kW.h for cases 1 and 16 at 1000

RPM), Fig. 7.16 contrasts this result with different values (345 versus 335 gEOH/kW.h) for the

same cases. This behavior happens because the first result refers to the total amount of mass

involved in the fuel (i.e., ethanol + water), even though the water part does not collaborate with

chemical energy for the fuel combustion. Actually, water affects the amount of mass inserted in

the engine cycle as well as on the evaporative cooling effect. Thus, the optimal results basically

indicate that similar SFCs can be found for both anhydrous and wet ethanol on the proportions

studied here and no negative effect was highlighted by the simulations.

Another point to be highlighted is the range variation between SFC at different

engine speeds as the compression ratio increases. Both the lowest and the highest SFC values

increases as well (Fig. 7.16). For example, cases 15 and 47 have ethanol SFCs of 323 and

315g/(kW.h), respectively. This behavior opens an opportunity to operate with lower fuel

consumption values depending on the chosen engine speed.
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Figure 7.15 – Specific fuel consumption for the optimal states at knock threshold conditions.

Figure 7.16 – Ethanol specific fuel consumption for the optimal states at knock threshold con-
ditions.

7.4.7 Valve command & residual gases effects

This section presents a final analysis regarding the optimization process by apply-

ing a slightly different valve command on the engine operation system. The objective was to

present a simple comparison between the adopted valve command (indicated in Tab. 7.1) and
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the negative valve opening (NVO) with values of Lanzanova et al. (2016) to check for possible

alterations on the main outputs and on internal EGR. Both valve profiles were modeled as nearly

parabolic (Rufino, 2020). Thus, Tab. 7.8 presents some optimization conditions as well as the

valve command strategies. All other variables are equal to the ones of the first optimization.

Table 7.8 – Engine parameter inputs to the optimization process with a negative valve opening.

Parameter Values

Padm (bar) [0.5, ∞)
Vcyl (cm3) 400

r [12,18]
Nengine (RPM ) [1000, 2000]

λ [1.0, 1,3]
vH2O [0.2]

IVO (intake valve opening) (° BTDC) 7
IVC (intake valve closure) (° ATDC) 189

EVO (exhaust valve opening) (° BTDC) 179
EVC (exhaust valve closure) (° ATDC) 3

A total of sixteen cases were analyzed for this section: eight from the first optimiza-

tion and eight based on the new valve command. Cases A, B, C, D, E, F, G, and H are from the

first optimization whereas cases I, J, K, L, M, N, O, and P are the new ones. For example, the

input values refer to the cases 14, 16, 46, and 48 of the original optimization at 1000 (A, B, C,

D) and 2000 RPM (E, F, G, H). Table 7.9 encompasses the comparison with the values of the

main outputs studied on this text.

Cases G and O present the highest efficiencies among all cases for each valve com-

mand, with values near 43.0% and 42.0%, respectively. However in terms of emissions, the

nitric oxide is significantly higher (5420 and 5220 ppm, respectively). The remaining variables

stay under their expected ranges. The connection between total irreversibility and engine power

is clear, especially due to the amount of fuel burned on each engine cycle. Thus, this table shows

that the slight modification on the valve command did not improve some output parameters of

the engine; it is necessary a further analysis on the valve angles towards increasing internal

EGR as well as fresh new air to reduce the amount of fuel, and therefore increase the efficiency.

7.4.8 Discussion

This section focuses on discussing the results of the output parameters obtained

from the optimization process. This process highlighted the main conditions on which the DISI
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Table 7.9 – Comparison between two different valve command angles - optimization

Case η1st η2nd I(J) Ẇ (kW ) SFC(g/kW.h) yInt,EGR (%) ppmNO ppmCO2

A 0.399 0.363 721.3 5.4 450.2 7.16 3500 10300
B 0.409 0.373 508.7 3.8 445.5 7.88 2200 8500
C 0.401 0.365 414.7 3.1 440.6 8.20 2880 10600
D 0.389 0.354 283.3 2.0 454.6 9.07 2150 8690
E 0.395 0.360 991.5 15.6 437.0 5.63 6490 8780
F 0.403 0.367 726.8 11.2 429.4 6.15 3140 7320
G 0.438 0.399 574.7 9.9 414.3 6.48 5420 9290
H 0.424 0.386 398.9 6.4 416.6 7.21 3000 7660
I 0.398 0.362 704.6 5.3 453.3 7.15 3430 10300
J 0.409 0.372 499.1 3.7 448.9 7.79 2210 8530
K 0.399 0.364 407.7 3.0 443.1 8.04 2890 10600
L 0.387 0.352 279.8 2.0 457.7 8.80 2180 8680
M 0.394 0.358 953.1 14.9 442.5 5.77 6040 9010
N 0.402 0.366 695.5 10.6 435.5 6.24 3040 7530
O 0.423 0.385 557.1 9.3 418.7 6.44 5220 9440
P 0.420 0.382 390.6 6.2 421.3 7.00 2980 7780

engine can operate near the threshold knock conditions, so that the efficiencies may be at their

sustainable maximum values (i.e., without engine deterioration). However, it is also necessary

to check the modifications occurred on other output parameters besides the efficiencies. The

following points require special attention:

• The adoption of wet ethanol required higher compression ratios to explore properly its

characteristics as a fuel in the DISI engine. The volumetric efficiency was greatly en-

hanced by wet ethanol evaporative cooling effect. This allowed more in-cylinder mass

and it increased the power output;

• The optimal results basically indicated that similar ethanol SFCs can be found between

anhydrous and wet ethanol mixture cases while reducing CO2 emissions. Therefore, no

negative effects were highlighted by the simulations. The engine load capacity to affect

the engine efficiency at higher compression ratios requires careful optimization to avoid

efficiency losses, instead of gains;

• The inverse relation between compression ratio and turbocharging affected directly the

threshold engine load on all conditions. The possibility to contain the compression ratio

increase to allow for higher levels of engine load and therefore turbocharging may be ben-

eficial for the engine efficiency as a whole. On the other hand, higher compression ratios
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allow the reduction of work required by the compressor on supercharger/turbocharger

systems. Thus, future optimizations may cover more directly this relationship in order

to find the best conditions to operate the engine-compressor-turbine integrated system in

terms of energetic and exergetic global efficiencies;

• The combination of lean combustion, higher compression ratios and water content al-

lowed the DISI engine to operate more efficiently than more conventional engine states

(i.e., E95W05 rich/stoichiometric at r = 12). For example, case 48 at 2000 RPM is more

efficient than all cases at r = 12 and it yields a sufficient power and lower irreversibility

to overcome most of the remaining cases. Also, the NIMEP trends also corroborate for

this affirmation;

• Case 14 presented the highest engine power value found in the optimization (near 15.7

kW/cylinder at 2000 RPM). In spite of that, it presented the lowest efficiencies among

the ones operating with the same compression ratio (39 and 35% for energy and exergy,

respectively). Another curiosity is the pollutant emission profile: the highest nitric oxide

emissions (25g/(kW.h)) and the lowest CO2 (495g/(kW.h));

• Even though they are not the best efficiency scenarios, cases 45 and 46 demonstrated to be

interesting alternatives due to its combination of high energetic and exergetic efficiencies

(approximately 43% and 40%), engine power (7.8 and 10.0kW , respectively), and low

CO2 production (approximately 490g/(kW.h)). This result may be further enhanced

with a optimized valve command (with a Miller/Atkinson cycle) and additional EGR

techniques;

• The engine speed may be lowered in some cases (4 and 16 from 1500 to 1250 RPM)

without significant power loss;

• The E80W20 cases at r = 18 (cases 45 to 48) presented the lowest NIMEP variation

among different engine speeds;

• Even though the irreversibility increased with high-water fuel mixtures, lean air-fuel mix-

tures can overcome this problem when compared to stoichiometric cases;

• The downsizing effect was not capable of affecting directly the simulations, as explained

in Sec. 7.4.1;
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In short, cases 14, 24, 25, besides 45 to 48 presented interesting combinations of

input parameters, thus offering optimal efficiencies or optimal engine power outputs. The cases

with E80W20 offered the lowest CO2 emissions while usually moderate NOx values were

found for them. The possibility of downspeeding was highlighted for some specific cases by

increasing water content. Also, a balance between compression ratio and engine load seems

to offer an optimal condition for efficiency, depending on the turbocharger configuration. At

last, further improvements towards a state-of-the-art DISI engine are available, such as internal

and external EGR technology implementations, optimal valve control through Miller cycle, and

turbocompounding, which all collaborate into a more sustainable and efficient engine operation,

with applications both standalone as a pure ICE or in a hybrid engine operating in one specific

engine speed at optimal conditions for wet ethanol.
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8 CONCLUSION

This thesis had the objective of developing a thermodynamic optimization of a

direct-injection spark-ignition engine fueled with different wet ethanol compositions. This en-

gine concept was developed to specific regions in the world and utilizes some of the most recent

technologies adopted to enhance direct fuel injection, such as turbocharging and higher com-

pression ratios, and combine them with a renewable fuel mixture with great thermodynamic and

environmental potentials, therefore enhancing ethanol life cycle efficiency. The idea is to op-

erate this specific engine by taking into consideration the full potential of different wet ethanol

mixtures in terms of optimal engine operation parameters related to thermal and exergetic effi-

ciencies.

In order to develop this engine concept, a proper contextualization of the current

energetic and environmental issues related to vehicle transportation via ICEs was developed,

that together with the literature review, highlighted the gaps that this thesis contributed in their

solution. The development of mathematical models from micro- (Lagrangian single droplet),

intermediate- (spray droplet evaporation), and macro-scales (DISI engine simulation) was nec-

essary to analyze how the fuel evaporation phenomenon would behave and affect the engine

performance.

The micro-scale study involved first a parametric analysis based on second law of

thermodynamics to evaluate how some fuel injector parameters affect the ethanol droplet evap-

oration inside a closed variable temperature environment. Then, a second analysis highlighted

the main differences between four droplet evaporation models that are presented for an ethanol

droplet with different air-fuel ratios. The second analysis indicates a higher specific entropy

generation in the surrounding gas for richer air-fuel ratio conditions, which shows that droplet

evaporation is better on lean conditions for specific injection moments. Furthermore, the anal-

ysis was expanded to a wet ethanol (bi-component) droplet evaporation injected in a piston-

cylinder system during the compression stroke of a DISI engine. The main entropy transfers

and the suggested droplet evaporation efficiencies provide interesting information about the set

of phenomena occurring in the engine cylinder. The parametric contour curves indicated qual-

itative optimal conditions for several fuel injector parameters, such as fuel pre-heating, droplet

size and injection timing.
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The intermediate-scale model applied a study of a fuel spray injection and evap-

oration in a piston-cylinder system during the compression stroke of a DISI engine. Some

equations for the droplet spray evaporation efficiencies were presented and suggested. The in-

fluence of the water volumetric content in wet ethanol and relative air-fuel ratio in the objective

functions emphasize how direct injection can benefit the engine cycle and its efficiency. The

knock integral index values obtained from the search analysis highlights the possibility of a

compression ratio increase for wet ethanol without causing any significant harm to the engine

and therefore obtaining higher thermal efficiencies from the engine cycle.

The engine model validation involved a comparison of some engine simulations

with experimental data available in the literature (Lanzanova et al., 2016; Brewster et al., 2007).

The simulated engine pressure curves representative of partial and full load conditions showed

similarities with the experimental ones, thus indicating the code potentiality and limitations.

Comparisons involving several engine outputs, such as engine fuel conversion efficiency and

indicated specific fuel consumption, were also developed with good agreement found for most

conditions.

The final work of this thesis involved the thermodynamic optimization of a direct-

injection spark-ignition engine fueled with different wet ethanol mixtures for several different

conditions. The threshold knock condition was adopted to find the highest efficiency possi-

ble under sustainable operation. The fuel mixture E80W20 was capable of overcoming the

performance of both anhydrous ethanol (E100W0) and commercial ethanol (E95W5) on many

conditions. The highest engine power was obtained for E80W20 on stoichiometric conditions at

r = 12 and 2000 RPM, whereas the highest energetic and exergetic efficiencies were obtained

for E95W05 at lean conditions, r = 15 and 2000 RPM. Still, E80W20 was also capable of

reaching very similar values at both stoichiometric and lean conditions at r = 18. Addition-

ally, the simulations showed that the ethanol specific fuel consumption of high water-in-ethanol

mixtures is very similar to the ones of more conventional ethanol mixtures. Actually, at higher

compression ratios, it can even be reduced if operated under the best conditions (i.e., engine

speed, relative air-fuel ratio, etc.).

In conclusion, this research showed that wet ethanol is a very interesting alternative

fuel for DISI engines if their characteristics as a fuel are respected and put into consideration

on the engine concept design. This type of engine can be adopted either to operate alone as a

steady-state engine in industries or especially in hybrid vehicles under configurations where the
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ICE operates at an optimal engine speed while the electric engine usage is adjusted depending

on the vehicle necessity.

8.1 Suggestions for future work

Future works related to this topic may cover the construction of a spray evaporation

efficiency or an engine exergetic efficiency map for different engine speeds. Also, the expansion

of the optimization analysis seeking for the compression rate limit value for DISI engines based

on the evaporative cooling effect and the spray efficiencies presented here would be interesting.

The application of such an engine integrated with a hybrid system would highlight its potential

towards a sustainable engine operation especially for vehicles in countries where the electric

ones are not currently feasible throughout all their regions (e.g., Brazil).

In terms of modeling, turbulence and droplet break-up models can be coupled with

the engine simulator in order to approximate further the developed code from an actual engine.

Adjustments on the chemical kinetic/combustion model are also interesting, in order to better

predict some pollutants formation and the temperature/pressure profiles. In addition, an im-

provement in the knock index number correlation for wet ethanol would greatly benefit the sim-

ulator on discovering the threshold knock condition and thus optimizing the engine operation.

Finally, internal and external EGR technology implementations, optimal valve control through

Miller cycle, and turbocompounding enable the engine concept to go towards a state-of-the-art

sustainable engine.

Novel results can be obtained if a real-gas equation of state would be used to repre-

sent the gas model, instead of the adopted ideal gas model. Finally, other ideas would possibly

involve multi-injection strategies, proper downsizing and downspeeding, wet ethanol effects

on engine corrosion/wear, and an exergoenvironmental analysis of the vehicle transport pro-

cess (engine component and wet ethanol production, emissions, etc.), which can also evolve

even further the developed work by providing more information with quality to comprehend the

impact and importance of ICEs from 2022 ahead in this century.
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APPENDIX A – LAGRANGIAN DROPLET EQUATIONS

The conservation equations (i.e. mass, momentum, energy) and the entropy equa-

tion are applied in the Lagrangian form to each droplet present in the system. These equations

are valid to all droplets included in the same spray layer, therefore reducing massively the num-

ber of ODEs to be solved. Meanwhile, with exception of the momentum, the same properties

are solved to the unburned and burned gases, but in the Eulerian form.

The fuel droplets are assumed to be injected in the unburned gas zone, therefore

not interacting with the burned zone. Hence, the differential equation deductions which are

presented in this appendix are the following:

• Mass conservation - droplet;

• Species conservation - droplet;

• Momentum conservation - droplet;

• Energy conservation - droplet;

• Entropy equation - droplet;

A.1 Mass conservation - droplet

The main model takes into consideration that each fuel droplet present in the system

is represented by a control volume on their own. This control volume is variable in volume

(i.e. not rigid in its control surfaces) and follows the droplets based on their dynamics (i.e.

Lagrangian approach). Also, each droplet control volume exists inside the main system (i.e.

in-cylinder gases) as long as the droplet exists.

The deduction begins at the mass conservation of a droplet:

dmd

dt

∣∣∣∣
Sist.

= 0

The Reynolds Transport Theorem (RTT) is applied to this expression, which gives:

∂

∂t

∫
CV

ρd dV– +

∫
CS

ρs(wini) dA = 0
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The mass conservation for a droplet is divided in the transient term and an outlet

mass flow due to evaporation. The transient term is presented below:

∂

∂t

∫
V C

ρd dV– =
d(ρd V– )

dt
=

dmd

dt

where the liquid specific mass is homogeneous in space, although it changes over

time due to temperature variation.

As said before, the outlet flow is associated with the evaporation process, therefore:

∫
SC

ρs(wini) dA = πD2
dρsVr,s = ṁd

Grouping these two terms provides the mass conservation for a droplet:

dmd

dt
= −ṁd (A.1)

Although the previous equation is correct, is more common to express it in terms

of droplet diameter in literature. So, expanding the droplet mass term md in terms of its liquid

specific mass and volume, we obtain:

ρd
π

2
D2

d

dDd

dt
+

π

6
D3

d

dρd
dt

= −ṁd

Isolating the diameter derivative provides the sought equation:

dDd

dt
= − 2ṁd

πρdD2
d

− πDd

3ρd

dρd
dt

, (A.2)

where the first term represents the mass variation due to evaporation, whereas the

second refers to liquid specific mass variation due to temperature variation, which is usually

known as the droplet swelling effect.

A.2 Species conservation - droplet

The demonstration here follows similar steps as presented in (Kuo, 2005). Also, the

species conservation for the liquid phase (i.e. droplet) is obtained through the application of the

RTT as the approach presented in (Crowe et al., 2012) and some additional assumptions:

D

Dt

∫
V C

ρyA dV– =
∂

∂t

∫
V C

ρyA dV– +

∫
SC

[
(ρyAw⃗i − ρ

WA

W̄
D′

AB∇xA) · n⃗
]
dA =

∫
V C

rAWA dV–
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Noticing that there are no chemical reactions in this control volume (rA = 0), we

have:

∂

∂t

∫
V C

ρyA dV– +

∫
SC

ρyAwini dA = −
∫
SC

j⃗A · n⃗ dA

where j⃗A = −ρWA

W̄
D′

AB∇xA. For the transient term, the control volume varies the

mass of species A and the species is assumed homogeneous throughout the volume, then:

∂

∂t

∫
V C

ρdyA dV– =
dmd,A

dt

The second term represents the mass flow rate from species A through the control

surface of the droplet, thus:

∫
SC

ρyAwini dA = 4πr2dρsyAVr,s

The third term is the diffusive term of A, therefore:

−
∫
SC

j⃗A · n⃗ dA = −
∫
SC

[
−ρ

WA

W̄
D′

AB∇xA

]
· n⃗ dA

Since WA

W̄
∇xA = ∇yA, this modification yields:

−
∫
SC

j⃗A · n⃗ dA =

∫
SC

[
ρsD

′

AB∇yA

]
· n⃗ dA =

∫
SC

[
ρsD

′

AB

∂yA
∂r

]
dA = 4πr2dρsD

′

AB

dyA
dr

∣∣∣∣
r=rd

Thus, the species conservation for A on the droplet is:

dmd,A

dt
+ 4πr2dρsyAVr,s = 4πr2dρsD

′

AB

dyA
dr

∣∣∣∣
s

For species B (i.e. gases involving the droplet), the insolubility assumption indicates

that there is no gas components inside the droplet control volume, so:

∂

∂t

∫
V C

ρdyB dV– =
dmB

dt

∣∣∣∣
V C

= 0

Therefore the convective and diffusive terms equal each other:

4πr2dρsyBVr,s = 4πr2dρsD
′

AB

dyB
dr

∣∣∣∣
s

(Insolubility of B in A)

Summing up both equations, we have:
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dmd,A

dt
+ ρsyAVr,s +

dmd,B

dt
+ ρsyAVr,s = ρsD

′

AB

dyA
dr

∣∣∣∣
s

+ ρsD
′

AB

dyB
dr

∣∣∣∣
s

The insolubility of B causes that only diffusive and convective terms of A are

present on the droplet surface. Thus substituting the mass conservation of the droplet on dmd,A

dt
:

4πr2dρsVr,s = 4πr2dρsyAVr,s − 4πr2dρsD
′

AB

dyA
dr

Hence we obtain:

ρ Vr|s = ρyA Vr|s − ρD′

AB

dyA
dr

∣∣∣∣
s

Vr|s =
D′

AB
dyA
dr

yA − 1

Applying the Spalding number b = yA
yA|s−1

:

Vr|s = D′

AB

db

dr

∣∣∣∣
s

Estimating now that the fuel evaporation rate may be approximated by a quasi-

steady approach (Kuo, 2005), it is obtained the classical mass flow rate for an evaporative

droplet:

ṁA = 4πrsρsDsln(1 +BM,A) (A.3)

The Spalding transfer number BM is:

BM,A = b∞,A − bs,A =
yA,s − yA,∞

1− yA,s

This equation was extended by (Abramzon; Sirignano, 1989) and applied to multi-

component droplets by (Brenn et al., 2003), obtaining its final form:

ṁd =

Nspecies∑
i=1

ṁi =
n∑

i=1

πDpart,i(ρD)i,vShi ln(1 +BM,i) (A.4)
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A.3 Momentum conservation - droplet

The demonstration presented here follows the equations presented in (Crowe, 1975;

Crowe, 1976; Crowe et al., 2012). It is presented here just for the sake of completeness of the

droplet model. The RTT for a droplet has the following form:

Fi =
∂

∂t

∫
V C

ρdUi dV– +

∫
CS

ρsUi,s(wini) dA

where Fi compiles body and surface forces and Ui,s is the fluid velocity on the

control surface referred to an inertial reference. Assuming that there are no internal movements

and the droplet rotation occurs around an axis which passes through its center of mass, we know

that the particle velocity is:

Ui = vi + ϵijkωjξk

where vi is the droplet center of mass velocity referred to an inertial reference, ωj

is the droplet rotation vector and ξk is the distance from the center of mass. Therefore, the

transient term turns into:

∂

∂t

∫
V C

ρdUi dV– =
∂

∂t

∫
V C

ρd (vi + ϵijkωjξk) dV–

Since vi and ωj are constants around the surface:

∂

∂t

∫
V C

ρdUi dV– =
d(mdvi)

dt
+

∂

∂t
ϵijkωj

∫
V C

ρdξk dV–

The second integral is zero, because of the definition of center of mass, thus:

∂

∂t

∫
V C

ρdUi dV– =
d(mdvi)

dt
= vi

dmd

dt
+md

dvi
dt

The velocity on the droplet surface with respect to its center is:

drd
dt

ni + ϵijkωjrk

Hence, the fluid velocity crossing the control surface becomes (for a inertial refer-

ence):

Ui,s = vi + ϵijkωjrk +

(
drd
dt

+ w

)
ni = vi + ϵijkωjrk + w

′
ni
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where w is the efflux velocity. So, the liquid momentum flux around the control

surface is:

∫
SC

ρsUi,s(wini) dA =

∫
SC

ρs(vi + ϵijkωjrk + w
′
ni)(wlnl) dA

Assuming that vi is uniform in this surface, we have:

∫
SC

ρsUi,s(wini) dA = vi

∫
SC

ρs(wlnl) dA+

∫
SC

ρs(ϵijkωjrk + w
′
ni)(wlnl) dA

∫
SC

ρsUi,s(wini) dA = −vi
dmd

dt
+

∫
SC

ρs(ϵijkωjrk + w
′
ni)(wlnl) dA

Accomplishing the transient and flow terms generates the following equation:

Fi =

[
vi
dmd

dt
+md

dvi
dt

]
+

[
−vi

dmd

dt
+

∫
SC

ρs(ϵijkωjrk + w
′
ni)(wlnl) dA

]
Therefore, we obtain the momentum equation for a droplet:

Fi = md
dvi
dt

+ ϵijkωj

∫
SC

ρsrk(wlnl) dA+

∫
SC

ρsw
′
ni(wlnl) dA (A.5)

For a evaporating droplet, the evaporation rate (i.e surface regression rate) and the

efflux velocity are normal to its surface, then:

∫
SC

ρsw
′
ni(wlnl) dA =

∫
SC

ρsw
′
(wini) dA = −Ti

where Ti is the negative impulse on the droplet due to mass efflux from the control

surface. For a spherical droplet evaporating throughout its surface, this phenomenon is uniform,

with causes this integral to be symmetric, therefore equal to zero:

∫
SC

ρsw
′
ni(wlnl) dA =

∫
SC

ρsw
′
(wini) dA = ρsw

′
w

∫
SC

ni dA = 0

Besides, the rotation integral is also zero for an uniform evaporating droplet:
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ϵijkωj

∫
SC

ρsrwnk dA = 0

Henceforth, the momentum equation for a spherical droplet with uniform evapora-

tion over its surface is:

Fi = md
dvi
dt

(A.6)

The forces Fi are usually divided in body and surface forces:

Fi = Fb,i + Fs,i

The gravity force is used as a body force:

Fi,g = mgi

while the surface forces involve usually pressure effects.

Fi,p = −
∫
SC

psni dA

This force may consider the drag between the droplet and the fluid and lift. The

shear force is also taken into account:

Fi,τ =

∫
SC

τijnj dA

Summing these equations leads to:

Fi =

∫
SC

(psni − τijnj) dA

Therefore, the final form of the droplet momentum equation is:

md
dvi
dt

= Fdrag + Fi,b (A.7)

where Fdrag =
1
2
ρlCdArep|ui − vi|(ui − vi) is obtained for a steady-state drag con-

dition, Arep = Ad

4
= π

4
D2

d is the droplet representative area. This expression is obtained for a

Stokes flow, but it is usually extrapolated for other regimes. Therefore, we obtain:

dud

dt
=

3

4

Cd

Dd

ρs
ρd

|ug − ud|(ug − ud) (A.8)
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A.4 Energy conservation - droplet

The first law of thermodynamics for a system is (Crowe et al., 2012):

dE

dt

∣∣∣∣
Sist.

= Q̇− Ẇ

where E includes the internal and kinetic energies, besides the energy associated

with surface tension, U = mu, KE = mUiUi

2
, Eσ = Aσ. Hence, the total energy is:

E = m(u+
UiUi

2
) + Aσ = me+ Aσ

Applying the Reynolds transport theorem shows that:

d(Me)

dt

∣∣∣∣
Sist.

=
∂

∂t

∫
V C

ρde dV– +

∫
CS

ρses(wini) dA+
d

dt
(Aσ)

Equaling both equations generate:

Q̇− Ẇ =
∂

∂t

∫
V C

ρde dV– +

∫
CS

ρses(wini) dA+
d

dt
(Aσ)

The energy associated with the contents inside the control volume (i.e. droplet) does

not consider neither rotation nor internal movement, so its kinetic energy turns from Ui para vi.

Therefore, the transient term becomes:

∂

∂t

∫
V C

ρde dV– +
d

dt
(Aσ) =

∂

∂t

∫
V C

ρd

(
u+

vivi
2

)
dV– + Ad

dσ

dt
+ σ

dAd

dt

Assuming that u e vi are uniform in the control volume, we obtain:

∂

∂t

∫
V C

ρde dV– +
d

dt
(Aσ) =

d(md
vivi
2
)

dt
+

d(mdu)

dt
+ Ad

dσ

dt
+ 8πrdσ

drd
dt

Also the surface tension is constant, thus:

∂

∂t

∫
V C

ρde dV– +
d

dt
(Aσ) =

d(md
vivi
2
)

dt
+

d(mdu)

dt
+

2σ

rd

drd
dt

Ad

Opening the derivatives of the kinetic energy term yield:
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d(md
vivi
2
)

dt
= mdvi

dvi
dt

+
v2

2

dmd

dt

where v is the absolute value of vi. Grouping all terms from the transient term leads

to the following equation:

∂

∂t

∫
V C

ρde dV– +
d

dt
(Aσ) = mdvi

dvi
dt

+
v2

2

dmd

dt
+

d(mdu)

dt
+

2σ

rd

drd
dt

A

For the mass flow terms (inlet and outlet), the energy which crosses the control

surface is:

es = us +
Ui,sUi,s

2

where Ui,s is the fluid velocity referred to an inertial reference and it is equal to:

Ui,s = vi + wi +
drd
dt

ni

Applying the variable w
′
i = (w + drd

dt
)ni, the kinetic energy is:

Ui,sUi,s

2
=

(vi + w
′
ni)(vi + w

′
ni)

2
=

v2

2
+

w
′2

2
+ w

′
nivi

Substituting this expression on the flux integral:

∫
CS

ρses(wjnj) dA =

∫
CS

ρsuswjnj dA+

(
v2

2
+

w
′2

2

)∫
CS

ρswjnj dA+ vi

∫
CS

ρsw
′
wni dA

∫
CS

ρses(wjnj) dA =

∫
CS

ρsuswjnj dA−

(
v2

2
+

w
′2

2

)
dmd

dt
+ vi

∫
CS

ρsw
′
wni dA

Summing up this equation with the transient term, we obtain:

∂

∂t

∫
V C

ρde dV– +

∫
CS

ρses(wini) dA+
d

dt
(Aσ) =

[
mdvi

dvi
dt

+
v2

2

dmd

dt
+

d(mdu)

dt
+

2σ

rd

drd
dt

A

]

+

∫
CS

ρsuswjnj dA−

(
v2

2
+

w
′2

2

)
dmd

dt
+ vi

∫
CS

ρsw
′
wni dA
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∂

∂t

∫
V C

ρde dV– +

∫
CS

ρses(wini) dA+
d

dt
(Aσ) = mdvi

dvi
dt

− w
′2

2

dmd

dt
+

d(mdu)

dt

+

∫
CS

ρsuswjnj dA+ vi

∫
CS

ρsw
′
wni dA+

2σ

rd

drd
dt

A

The heat transfer term Q̇ considers both conduction and radiation transfer modes:

Q̇ = Q̇rad + Q̇conv

The radiation term represents the net energy due to absorption and emission. For a

droplet with a ”gray” body:

Q̇rad = 4πr2d(αJ − ϵσT 4
d )

The conduction term only takes into account the radial term, which is connected

with convection heat transfer:

Q̇conv = −
∫
CS

qi,convni dA = 4πr2dk
dT

dr

∣∣∣∣
s

= 4πr2dh(T∞ − Td)

Q̇ = 4πr2d(αJ − ϵσT 4
d ) + 4πr2dh(T∞ − Td) (A.9)

The work rate term Ẇ is divided in terms of body and surface forces:

Ẇ = Ẇb + Ẇs

For the body forces:

Ẇb = −Fi,bvi = −ρsgVdvi

The pressure term for the surface force yields:

Ẇp =

∫
CS

(vi + w
′

i)niPs dA

The work rate associated with shear tension over the control surface is:

Ẇs = −
∫
CS

(vi + w
′

i)njτij dA
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Summing up these integral generates:

∫
CS

(vi + w
′

i)(nips − njτij) dA = vi

∫
CS

(niPs − njτij) dA+

∫
CS

w
′

iniPs dA+

∫
CS

w
′

injτij dA

The first integral represents the surface forces over the droplet. Based on the droplet

momentum conservation −Fi = vi
∫
CS

(niPs − njτji) dA, we have:

vi

∫
CS

(niPs − njτij) dA = −viFi

The second integral is:

∫
CS

w
′

iniPs dA =

∫
CS

Ps

(
wi +

drd
dt

ni

)
ni dA =

∫
CS

ρs
Ps

ρs
wini dA+

∫
CS

Ps
drd
dt

dA

The third integral is zero, since τji is on the tangent plane to the control surface:

∫
CS

w
′

iτijni dA =

∫
CS

w
′
niτijnj dA = 0

Summing up all these terms related to the work rate generates:

∫
CS

(vi + w
′

i)(niPs − njτij) dA = −viFi +

∫
CS

ρs
Ps

ρs
wini dA+

∫
CS

Ps
drd
dt

dA

Ẇ = −Fi,bvi − viFi +

∫
CS

ρs
Ps

ρs
wini dA+

∫
CS

Ps
drd
dt

dA

Grouping all the terms in the energy conservation equation yields:

[
4πr2d(αJ − ϵσT 4

d ) + 4πr2dh(T∞ − Td)
]
−
[
−Fi,bvi − viFi +

∫
CS

ρs
ps
ρs
wini dA+

∫
CS

ps
drd
dt

dA

]
=

mdvi
dvi
dt

− w
′2

2

dmd

dt
+

d(mdu)

dt
+

∫
CS

ρsuswjnj dA+ vi

∫
CS

ρsw
′
wni dA+

2σ

rd

drd
dt

Ad

Reorganizing:

d(mdu)

dt
+ vi

(
md

dvi
dt

+

∫
CS

ρsw
′
wni dA− Fi,b − Fi

)

−w
′2

2

dmd

dt
+

2σ

rd

drd
dt

Ad +

∫
CS

(
us + ρs

Ps

ρs

)
ρswini dA
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=
[
4πr2d(αJ − ϵσT 4

d ) + 4πr2dh(T∞ − Td)
]
−
∫
CS

Ps
drd
dt

dA

Recognizing the momentum conservation equation (second term) present in this

equation:

d(mdu)

dt
− w

′2

2

dmd

dt
+

2σ

rd

drd
dt

Ad +

∫
CS

(
us + ρs

Ps

ρs

)
ρswini dA

=
[
4πr2d(αJ − ϵσT 4

d ) + 4πr2dh(T∞ − Td)
]
−
∫
CS

Ps
drd
dt

dA

Assuming now that the evaporation associated with the radius reduction rate drd
dt

and

pressure Ps are uniform on the control surface:

d(mdu)

dt
− w

′2

2

dmd

dt
+

∫
CS

hsρswini dA

=
[
4πr2d(αJ − ϵσT 4

d ) + 4πr2dh(T∞ − Td)
]
− drd

dt
Ad

(
p̄s +

2σ

rd

)
Calling

(
P̄s +

2σ
rd

)
= Pd to equal internal and external pressures:

md
du

dt
+ u

dmd

dt
− w

′2

2

dmd

dt
+

∫
CS

hsρswini dA

=
[
4πr2d(αJ − ϵσT 4

d ) + 4πr2dh(T∞ − Td)
]
− ρd

Pd

ρd

drd
dt

Ad

Realizing that ρd drd
dt
Ad =

dmd

dt
, so putting together similar terms yields:

md
dud

dt
=
[
4πr2d(αJ − ϵσT 4

d ) + 4πr2dh(T∞ − Td)
]
+

[
hs −

(
ud +

Pd

ρd

)
+

w
′2

2

]
dmd

dt

Finally:

md
dud

dt
= 4πr2d(αJ − ϵσT 4

d ) + 4πr2dh(T∞ − Td) +

(
hs − hd +

w
′2

2

)
dmd

dt

mdcv,d
dTd

dt
= 4πr2d(αJ − ϵσT 4

d ) + 4πr2dh(T∞ − Td)− ṁ

(
∆hv +

w
′2

2

)

dTd

dt
=

4πr2d(αJ − ϵσT 4
d ) + 4πr2dh(T∞ − Td)− ṁ

(
∆hv +

w
′2

2

)
mdcv,d
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Neglecting the relative kinetic energy between the droplet velocity and the mass

content that leaves the control volume, we obtain the final version of the droplet energy conser-

vation:

dTd

dt
=

4πr2d(αJ − ϵσT 4
d ) + 4πr2dh(T∞ − Td)− ṁ∆hv

mdcv,d
, (A.10)

where cv,d ≡ cd, since the specific heat transfer is approximately equal for the liquid

state (cv,d ≊ cp,d ≊ cd).

A.5 Entropy balance - droplet

The droplet entropy equation is deduced here, although it is not used in the model,

since based on the assumptions considered in this deduction, it is linearly dependent with the

energy equation. Thus, the droplet entropy expression implies in an internally reversible pro-

cess.

The Reynolds transport theorem for the property entropy stays that:

∂

∂t

∫
droplet

ρsd V– +

∫
SC

ρs(wini)dA =

∫
SC

(
k∇T

T

)
· n⃗dA+

∫
droplet

(
q
′′′

T

)
dA+ σ̇d

The transient term indicates how entropy varies inside the control volume, thus:

∂

∂t

∫
droplet

ρsd V– = ρ
d(mds)

dt
= s

dmd

dt
+md

ds

dt

∣∣∣∣
d

= −ṁsl,s +md
ds

dt

∣∣∣∣
d

where the entropy variation inside the CV is (incompressible fluid):

ds

dt

∣∣∣∣
d

=
cp,d
Td

dTd

dt
(A.11)

The mass flow integral accounts for the entropy passing through the control surface:

∫
SC

ρs(wini)dA = ṁsv,s

The third term takes into account the entropy transfer due to heat transfer (only

convection assumed here):

∫
SC

(
k∇T

T

)
· n⃗dA = 4πr2d

k

TD

dT

dr

∣∣∣∣
s

= 4πr2dh
(T∞ − Td)

Td



233

Grouping all terms leads to:

−ṁsl,s +md
ds

dt

∣∣∣∣
d

+ ṁsv,s = 4πr2dh
(T∞ − Td)

Td

+ σ̇d

Therefore, the entropy generation on the droplet control volume is:

σ̇d = md
ds

dt

∣∣∣∣
d

+ ṁ∆sv − 4πr2dh
(T∞ − Td)

Td

(A.12)

This equation is linearly dependent with Eq. A.10 as can be verified by multiplying

Eq. A.10 for (1/Td) and noticing that ∆sv = ∆hv/Td for liquid-gas phase change, and cv,d ≊

cp,d, leading to ˙sigmadroplet = 0.
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APPENDIX B – DEVELOPMENT OF A MULTI-ZONE DIRECT

INJECTION SPARK-IGNITION ENGINE MODEL

The conservation equations (i.e. mass, momentum, energy) and the entropy equa-

tion were applied in the Lagrangian form to each droplet present in the system. These equations

are valid to all droplets included in the same spray layer, therefore reducing massively the num-

ber of ODEs to be solved. Meanwhile, with exception of the momentum, the same conservation

variables are applied to the unburned and burned gases (closed phase), but in the Eulerian form.

On the other hand, the open-phase considers only a single zone for the gases.

The fuel droplets are assumed to be injected either in the unburned gas zone (closed-

phase) or in the gas-phase (open-phase), therefore they do not interact with the burned zone.

Hence, the differential equation deductions which are presented in this appendix are the follow-

ing:

• Mass conservation - Unburned zone (UBZ - closed-phase);

• Species conservation - Unburned zone (UBZ - closed-phase);

• Energy conservation - Unburned zone (UBZ - closed-phase);

• Entropy balance - Unburned zone (UBZ - closed-phase);

• Exergy balance - Unburned zone (UBZ - closed-phase);

• Mass conservation - Burned zone (BZ - closed-phase);

• Species conservation - Burned zone (BZ - closed-phase);

• Energy conservation - Burned zone (BZ - closed-phase);

• Entropy balance - Burned zone (BZ - closed-phase);

• Exergy balance - Burned zone (BZ - closed-phase);

• Mass conservation - Gas (open-phase);

• Species conservation - Gas (open-phase);

• Energy conservation - Gas (open-phase);
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• Entropy balance - Gas (open-phase);

• Exergy balance - Gas (open-phase);

B.1 Closed phase

The closed phase involves the engine cycle period between the inlet valve closure

(IVC) until the exhaust valve opening (EVO). During this period, there are the processes of com-

pression, fuel injection and evaporation, combustion and expansion. All these process modeling

are presented in the subsequent sections.

B.1.1 Mass balance - unburned zone

The Reynolds Transport Theorem (RTT) is applied for mass conservation in the

unburned zone control volume (CV):

∂

∂t

∫
UBZ

ρUBZ dV– +

∫
CS

ρs(wini) dA = 0

There are inlet mass flows from the droplets evaporation to the unburned zone CV

and outlet flows for the burned zone CV. We can detail each one of these terms in a separate

form and then we regroup them to close the balance. Thus, detailing first the transient term,

which is assumed as homogeneous, we have:

∂

∂t

∫
UBZ

ρUBZ dV– =
d(ρUBZ V– BZ)

dt
=

dmUBZ

dt

To the inlet terms, it is necessary to take into account the sum of evaporation rates

from each droplet interacting with UBZ and to encompass them by size group. Thus, we can

refer to this term as:

∫
CS,inlet

ρs(wini) dA = −
Nclasses∑
k=1

Ndroplet,kṁd,k

where Ndroplet,k represents the number of droplets of the kth droplet class. The out-

let term represents the mass transfer from UBZ to BZ through a combustion process. Therefore,

this term is presented as:

∫
CS,outlet

ρs(wini) dA = ṁcomb
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Regrouping the terms, we obtain the unburned zone mass balance:

dmUBZ

dt
=

Nclasses∑
k=1

Ndroplet,kṁd,k − ṁcomb (B.1)

B.1.2 Species balance - unburned zone

The species conservation for the unburned zone follows the same initial steps as the

mass conservation. The main differences lie on the inlet species, which are only related to the

fuel components of each droplet evaporating, while the outlets are related to the combustion

process, therefore it depends on the approach assumed for this phenomenon modeling. The

general species conservation for UBZ has the following form:

∂

∂t

∫
UBZ

ρyj dV– +

∫
CS

ρyj(wini) dA = −
∫
CS

J⃗jni dA+

∫
UBZ

ṘjMj dV–

where the diffusive term
∫
CS

J⃗jni dA and the chemical reaction term
∫
UBZ

ṘjMj dV–

are neglected due to the hypotheses of homogeneity and absence of chemical reactions in UBZ,

respectively. The transient term is, therefore:

∂

∂t

∫
UBZ

ρyj dV– =
dmUBZ,j

dt

The inlet term is:

∫
CS,inlet

ρsyj(wini) dA = −
Nclasses∑
k=1

Ndroplet,kyj,k,evapṁd,k

where yj,k,s is the vapor mass fraction of the jth fuel component on the droplet

surface of the kth droplet class. Lastly, the outlet is:

∫
CS,outlet

ρsyj(wini) dA = yj,UBZṁcomb

where yj,UBZ is the mass fraction of the jth component based on the combustion

chemical reaction. Therefore, the final form of the species conservation is:

dmUBZ,j

dt
=

Nclasses∑
k=1

Ndroplet,kyj,k,evapṁd,k − yj,UBZṁcomb (B.2)
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B.1.3 Energy balance - unburned zone

The RTT for the energy conservation has the following form:

∂

∂t

∫
UBZ

ρ

(
V 2
I

2
+ gz + u

)
dV– +

∫
CS

ρ

(
V 2
I

2
+ gz + u+

p

ρ

)
(V⃗r · n⃗) dA =

∫
CS

k(∇T · n⃗) dA

−
∫
CS

p

[(
V⃗b +

dR⃗

dt
+ x⃗× r⃗

)
n⃗

]
dA+

∫
CS

(τ · n⃗) · V⃗I dA− Ẇcomp +

∫
UBZ

q
′′′
dV–

In the unburned zone, it occurs the following energetic interactions: enthalpy in-

let of the vapor fuel evaporated from the droplets, enthalpy outlet from the combustion pro-

cess (transfer to the burned zone), work due to the droplets volume variation, work due to the

compression/expansion caused by the engine volume variation, heat transfer from UBZ to the

droplets and from the engine cylinder walls to the UBZ. The transient term is initially:

∂

∂t

∫
UBZ

ρUBZu dV– =
d(ρUBZuV– UBZ)

dt
=

dUUBZ

dt

The inlet enthalpy in the UBZ is related to the mass flow rates from the droplets

evaporation:

∫
CS,inlet

ρUBZ

(
V 2
I

2
+ u+

P

ρ

)
(V⃗r · n⃗) dA = −

Nclasses∑
k=1

Ndroplet,kṁd,khevap,k

For the outlet enthalpy from the UBZ, we have the air-fuel mixture which is burned

and transported to the BZ:

∫
CS,outlet

ρUBZ

(
V 2
I

2
+ u+

P

ρ

)
(V⃗r · n⃗) dA = ṁcombhUBZ

The terms related to work of expansion/contraction are presented below:

−
∫
CS

PV⃗b · n⃗ dA = −Ẇspray − P
dV– BZ

dt

Where Ẇspray = P
∑Nclasses

k=1 Ndroplet,k

(
−dVd,k

dt

)
.

Now we convert the expansion work related to the gas control volume in order to

change the energy conservation from the internal energy form to the enthalpy one, so:
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−
∫
CS

PV⃗b · n⃗ dA = −Ẇspray − P
dV– BZ

dt
+

d(P V– BZ)

dt
− d(P V– BZ)

dt

= −Ẇspray + V– BZ
dP

dt
− d(P V– BZ)

dt

By transferring the −d(P V– BZ)
dt

to the transient term, we obtain the enthalpy form:

∂

∂t

∫
UBZ

ρUBZh dV– =
d(ρUBZhV– UBZ)

dt
=

dHUBZ

dt

In this model, the transient term takes into account that both temperature and mass

are homogeneous in space and variable in time, thus:

∂

∂t

∫
UBZ

ρUBZh dV– = mUBZ
dhUBZ

dt
+ hUBZ

dmUBZ

dt

Opening the term dhUBZ

dt
:

dhUBZ

dt
=

d
(

HUBZ

mUBZ

)
dt

=

d

(∑Nspecies
j=1 mj,UBZhj,UBZ

mUBZ

)
dt

=
d(
∑Nspecies

j=1 yj,UBZhj,UBZ)

dt
=

Nspecies∑
j=1

(
yj,UBZ

dhj,UBZ

dt

)
+

Nspecies∑
j=1

(
hj,UBZ

dyj,UBZ

dt

)
The gases are considered ideal in this model, therefore:

dhUBZ

dt
=

Nspecies∑
j=1

(
yj,UBZcp,j,UBZ

dTUBZ

dt

)
+

Nspecies∑
j=1

(
hj,UBZ

dyj,UBZ

dt

)

dhUBZ

dt
= cp,UBZ

dTUBZ

dt
+

Nspecies∑
j=1

(
hj,UBZ

dyj,UBZ

dt

)
Substituting this expression on the transient term:

∂

∂t

∫
UBZ

ρUBZh dV– = mUBZcp,UBZ
dTUBZ

dt
+mUBZ

Nspecies∑
j=1

(
hj,UBZ

dyj,UBZ

dt

)
+
dmUBZ

dt
hUBZ

The heat transfer terms take into account the thermal convection which causes the

droplets evaporation and the thermal convection associated with the interaction between the

cylinder walls and the UBZ:
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∫
CS

k(∇T · n⃗) dA = Q̇spray + Q̇UBZ,walls

where Q̇spray = −
∑Nclasses

k=1 Ndroplet,kQ̇conv,k and the negative sign is required since

the known values of Q̇conv,k were obtained for the droplet control volumes, not for the unburned

gases. After grouping all these terms, we have:

mUBZcp,UBZ
dTUBZ

dt
+mUBZ

Nspecies∑
j=1

(
hj,UBZ

dyj,UBZ

dt

)
+

dmUBZ

dt
hUBZ =

Nclasses∑
k=1

Ndroplet,kṁd,khevap,k − ṁcombhUBZ − Ẇspray+

V– BZ
dP

dt
+ Q̇spray + Q̇UBZ,walls

Applying the mass conservation to substitute the term dmUBZ

dt
provides:

mUBZcp,UBZ
dTUBZ

dt
+mUBZ

Nspecies∑
j=1

(
hj,UBZ

dyj,UBZ

dt

)
+

(
Nclasses∑
k=1

Ndroplet,kṁd,k − ṁcomb

)
hUBZ =

Nclasses∑
k=1

Ndroplet,kṁd,khevap,k − ṁcombhUBZ − Ẇspray+

V– BZ
dP

dt
+ Q̇spray + Q̇UBZ,walls

mUBZcp,UBZ
dTUBZ

dt
=

Nclasses∑
k=1

Ndroplet,kṁd,k(hevap,k − hUBZ)−mUBZ

Nspecies∑
j=1

(
hj,UBZ

dyj,UBZ

dt

)
− Ẇspray + V– BZ

dP

dt
+ Q̇spray + Q̇UBZ,walls

Finally we obtain the unburned zone temperature differential equation:

dTUBZ

dt
=

1

mUBZcp,UBZ


Nclasses∑
k=1

Ndroplet,kṁd,k(hevap,k − hUBZ)−mUBZ

Nspecies∑
j=1

(
hj,UBZ

dyj,UBZ

dt

)

+Q̇spray + Q̇UBZ,walls − Ẇspray + V– BZ
dP

dt

}
(B.3)

Before ignition, the model takes into account the internal energy form instead of the

enthalpy one, in order to simplify the energy balance in terms of work rate (i.e., −P dVu/ dt).
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Hence, the transient term takes into account that both temperature and mass are homogeneous

in space and variable in time, thus:

∂

∂t

∫
UBZ

ρUBZu dV– = mUBZ
duUBZ

dt
+ uUBZ

dmUBZ

dt

Opening the term duUBZ

dt
:

duUBZ

dt
=

d
(

UUBZ

mUBZ

)
dt

=

d

(∑Nspecies
j=1 mj,UBZuj,UBZ

mUBZ

)
dt

=
d(
∑Nspecies

j=1 yj,UBZuj,UBZ)

dt
=

Nspecies∑
j=1

(
yj,UBZ

duj,UBZ

dt

)
+

Nspecies∑
j=1

(
uj,UBZ

dyj,UBZ

dt

)
The gases are considered ideal in this model, therefore:

duUBZ

dt
=

Nspecies∑
j=1

(
yj,UBZcv,j,UBZ

dTUBZ

dt

)
+

Nspecies∑
j=1

(
uj,UBZ

dyj,UBZ

dt

)

duUBZ

dt
= cv,UBZ

dTUBZ

dt
+

Nspecies∑
j=1

(
uj,UBZ

dyj,UBZ

dt

)
Substituting this expression on the transient term:

∂

∂t

∫
UBZ

ρUBZu dV– = mUBZcv,UBZ
dTUBZ

dt
+mUBZ

Nspecies∑
j=1

(
uj,UBZ

dyj,UBZ

dt

)
+
dmUBZ

dt
uUBZ

The heat transfer terms take into account the thermal convection which causes the

droplets evaporation and the thermal convection associated with the interaction between the

cylinder walls and the UBZ:

∫
CS

k(∇T · n⃗) dA = Q̇spray + Q̇UBZ,walls

where Q̇spray = −
∑Nclasses

k=1 Ndroplet,kQ̇conv,k and the negative sign is required since

the known values of Q̇conv,k were obtained for the droplet control volumes, not for the unburned

gases. After grouping all these terms, we have:
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mUBZcv,UBZ
dTUBZ

dt
+mUBZ

Nspecies∑
j=1

(
uj,UBZ

dyj,UBZ

dt

)
+

dmUBZ

dt
uUBZ =

Nclasses∑
k=1

Ndroplet,kṁd,khevap,k − ṁcombhUBZ − Ẇspray−

P
dV– BZ

dt
+ Q̇spray + Q̇UBZ,walls

Applying the mass conservation to substitute the term dmUBZ

dt
provides:

mUBZcv,UBZ
dTUBZ

dt
+mUBZ

Nspecies∑
j=1

(
uj,UBZ

dyj,UBZ

dt

)
+

(
Nclasses∑
k=1

Ndroplet,kṁd,k − ṁcomb

)
uUBZ =

Nclasses∑
k=1

Ndroplet,kṁd,khevap,k − ṁcombhUBZ − Ẇspray−

P
dV– BZ

dt
+ Q̇spray + Q̇UBZ,walls

mUBZcv,UBZ
dTUBZ

dt
=

Nclasses∑
k=1

Ndroplet,kṁd,k(hevap,k − uUBZ)−mUBZ

Nspecies∑
j=1

(
uj,UBZ

dyj,UBZ

dt

)
− Ẇspray − P

dV– BZ

dt
+ Q̇spray + Q̇UBZ,walls

+ ṁcomb(hUBZ − uUBZ)

Finally we obtain the unburned zone temperature differential equation:

dTUBZ

dt
=

1

mUBZcv,UBZ


Nclasses∑
k=1

Ndroplet,kṁd,k(hevap,k − uUBZ)−mUBZ

Nspecies∑
j=1

(
uj,UBZ

dyj,UBZ

dt

)

−ṁcomb(hUBZ − uUBZ) + Q̇spray + Q̇UBZ,walls − Ẇspray − P
dV– BZ

dt

}
(B.4)

B.1.4 Entropy balance - unburned zone

The RTT for entropy stays that:

∂

∂t

∫
V C

ρsd V– +

∫
SC

ρs(wini)dA =

∫
SC

(
k∇T

T

)
· n⃗dA+

∫
V C

(
q
′′′

T

)
dA+ ˙σV C
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The transient term accounts for entropy variation on the unburned gases, as showed

by the following equation:

∂

∂t

∫
V C

ρsd V– = sUBZ
d(mUBZ)

dt
+mUBZ

dsUBZ

dt

The second term on RTT represents the entropy flow terms:

∫
SC

ρs(wini)dA = −
Nclasses∑
k=1

Ndroplet,kṁd,ksevap,k + ṁcombsUBZ

Finally, the entropy transfer associated with heat transfer accounts for the convec-

tion between unburned gases and the droplet classes and also for the interaction between the

gases and cylinder walls:

∫
SC

(
k∇T

T

)
· n⃗dA =

Q̇spray

Td,avg

+
Q̇UBZ,walls

Twall

where Q̇spray

Td,avg
= −

∑Nclasses

k=1 Ndroplet,k
Q̇conv,k

Td,k
. Meanwhile, σ̇UBZ is the entropy gen-

eration on the control volume. Then, grouping all terms leads to:

dmUBZ

dt
sUBZ +mUBZ

dsUBZ

dt
−

Nclasses∑
k=1

Ndroplet,kṁd,ksevap,k + ṁcombsUBZ =

Q̇spray

Td,avg

+
Q̇UBZ,walls

Twall

+ σ̇UBZ

Opening dmUBZ

dt
leads to:

(
Nclasses∑
k=1

Ndroplet,kṁd,k − ṁcomb

)
sUBZ +mUBZ

dsUBZ

dt
−

Nclasses∑
k=1

Ndroplet,kṁd,ksevap,k

+ ṁcombsUBZ =
Q̇spray

Td,avg

+
Q̇UBZ,walls

Twall

+ σ̇UBZ

The final expression for the entropy generation on the unburned zone is:

σ̇UBZ =

Nclasses∑
k=1

Ndroplet,kṁd,k(sUBZ − sevap,k) +mUBZ
dsUBZ

dt

− Q̇spray

Td,avg

− Q̇UBZ,walls

Twall

(B.5)
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B.1.5 Exergy balance - unburned zone

The exergy balance is obtained by combining the expressions for the first and second

laws of thermodynamics and it is written as it follows:

dBUBZ

dt
−
∑
i

ṁibfi +
∑
e

ṁebfe =
∑
j

(
1− T0

Tj

)
Q̇j −

(
Ẇ − P0

dV

dt

)
− Ḃd,UBZ

The transient term accounts for entropy variation on the unburned gases, as showed

by the following equation:

dBUBZ

dt
= bUBZ

dmUBZ

dt
+mUBZ

dbUBZ

dt

The second term on RTT represents the exergy flow terms:

−
∑
i

ṁibfi +
∑
e

ṁebfe = −
Nclasses∑
k=1

Ndroplet,kṁd,kbf,evap,k + ṁcombbf,UBZ

Finally, the exergy transfer associated with heat transfer accounts for the convection

between unburned gases and the droplet classes and also for the interaction between the gases

and cylinder walls:

∑
j

(
1− T0

Tj

)
Q̇j = ḂQspray +

(
1− T0

Twall

)
Q̇UBZ,walls

where ḂQspray = −
∑Nclasses

k=1 Ndroplet,k

(
1− T0

Td,k

)
Q̇conv,k. The exergy terms re-

lated to work of expansion/contraction are presented below:

−
(
Ẇ − P0

dV

dt

)
= −

(
Ẇspray − P0

Nclasses∑
k=1

Ndroplet,k

(
−dVd,k

dt

))
− P

dV– BZ

dt
+ P0

dV– BZ

dt

while Ḃd,UBZ is the exergy destruction on the control volume. Then, returning to

the main equation:

dmUBZ

dt
bUBZ +mUBZ

dbUBZ

dt
−

Nclasses∑
k=1

Ndroplet,kṁd,kbevap,k + ṁcombbf,UBZ =

ḂQspray +

(
1− T0

Twall

)
Q̇UBZ,walls

−

(
Ẇspray − P0

Nclasses∑
k=1

Ndroplet,k

(
−dVd,k

dt

))
− (P − P0)

dV– BZ

dt
− Ḃd,UBZ
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Opening dmUBZ

dt
leads to:

(
Nclasses∑
k=1

Ndroplet,kṁd,k − ṁcomb

)
bUBZ +mUBZ

dbUBZ

dt
−

Nclasses∑
k=1

Ndroplet,kṁd,kbf,evap,k

+ ṁcombbf,UBZ = ḂQspray +

(
1− T0

Twall

)
Q̇UBZ,walls

−

(
Ẇspray − P0

Nclasses∑
k=1

Ndroplet,k

(
−dVd,k

dt

))
− (P − P0)

dV– BZ

dt
− Ḃd,UBZ

mUBZ
dbUBZ

dt
=

Nclasses∑
k=1

Ndroplet,kṁd,k(bf,evap,k − bUBZ)− ṁcomb(bf,UBZ − bUBZ)

+ ḂQspray +

(
1− T0

Twall

)
Q̇UBZ,walls

−

(
Ẇspray − P0

Nclasses∑
k=1

Ndroplet,k

(
−dVd,k

dt

))
− (P − P0)

dV– BZ

dt
− Ḃd,UBZ

The final expression for the exergy destruction on the unburned zone is:

Ḃd,UBZ =

Nclasses∑
k=1

Ndroplet,kṁd,k(bf,evap,k − bUBZ)− ṁcomb(bf,UBZ − bUBZ)−mUBZ
dbUBZ

dt

+ ḂQspray +

(
1− T0

Twall

)
Q̇UBZ,walls

−

(
Ẇspray − P0

Nclasses∑
k=1

Ndroplet,k

(
−dVd,k

dt

))
− (P − P0)

dV– BZ

dt
(B.6)

B.1.6 Mass balance - burned zone

The RTT applied to the burned zone mass conservation is:

∂

∂t

∫
UBZ

ρUBZ dV– +

∫
CS

ρs(wini) dA = 0

There is only a mass inlet due to mass transfer from the unburned zone to the burned

zone from the combustion process, whereas no mass outlets exist in this model. The transient

model considers that the content inside the control volume is homogeneous, thus:

∂

∂t

∫
UBZ

ρBZ dV– =
d(ρBZVBZ)

dt
=

dmBZ

dt
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For the mass inlet, we obtain:

∫
CS,inlet

ρs(wini) dA = −ṁcomb

When these terms are put together in the main equation, the burned zone mass

conservation is obtained:

dmBZ

dt
= ṁcomb (B.7)

B.1.7 Energy balance - burned zone

The full energy conservation equation based on the RTT is presented next:

∂

∂t

∫
BZ

ρ

(
V 2
I

2
+ gz + u

)
dV– +

∫
CS

ρ

(
V 2
I

2
+ gz + u+

p

ρ

)
(V⃗r · n⃗) dA =

∫
CS

k(∇T · n⃗) dA

−
∫
CS

p

[(
V⃗b +

dR⃗

dt
+ x⃗× r⃗

)
n⃗

]
dA+

∫
CS

(τ · n⃗) · V⃗I dA− Ẇeixo +

∫
UBZ

q
′′′
dV–

For the burned zone, we need to take into account the following terms: the enthalpy

inlet from UBZ to BZ (due to combustion mass transfer), the source term referred to enthalpy

of combustion, the heat transfer from cylinder walls to BZ (or vice-versa) and the expansion

work related to system volume variation. For the transient term, both temperature and mass are

temporally variable and homogeneous in space, therefore:

∂

∂t

∫
BZ

ρBZu dV– =
d(ρBZuV– BZ)

dt
= mBZ

duBZ

dt
+ uBZ

dmBZ

dt

The enthalpy inlet expression is:

∫
CS,inlet

ρBZ

(
V 2
I

2
+ u+

p

ρ

)
(V⃗r · n⃗) dA = −ṁcombhUBZ

while there is no enthalpy outlet in this CV. The term related to expansion work is

then:

−
∫
CS

PV⃗b · n⃗ dA = −P
dVBZ

dt
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The heat transfer term is connected to the interaction between the cylinder walls

and the control volume gases:

∫
CS

k(∇T · n⃗) dA = Q̇BZ,walls

There are not source terms for this equation, thus:

∫
UBZ

q
′′′
dV– = 0

Grouping all terms in the main equation yields the following expression:

mBZ
duBZ

dt
+ uBZ

dmBZ

dt
= ṁcombhUBZ − P

dVBZ

dt
+ Q̇BZ,walls

while the transient term (i.e., duBZ

dt
) is:

duBZ

dt
= cv,BZ

dTBZ

dt
+

Nspecies∑
j=1

(
uj,BZ

dyj,BZ

dt

)
with the second term representing the chemical energy variation due to combustion

(similar to ∆Hfuel

mfuel
). Opening the volume derivative in terms of the ideal gas differential equation

produces:

mBZ
duBZ

dt
+ uBZ

dmBZ

dt
= ṁcombhUBZ−

P

{
VBZ

[
1

mBZ

dmBZ

dt
+

1

TBZ

dTBZ

dt
− 1

P

dP

dt

]}
+ Q̇BZ,walls

Since the gases are considered ideal, reorganization of this equation yields:

mBZcp,BZ
dTBZ

dt
+mBZ

Nspecies∑
j=1

(
hj,BZ

dyj,BZ

dt

)
= ṁcomb(hUBZ − hBZ) + VBZ

dP

dt
+ Q̇BZ,walls

Isolating the temperature derivative, we obtain the burned zone temperature differ-

ential equation:

dTBZ

dt
=

ṁcomb(hUBZ − hBZ) + VBZ
dP
dt

+ Q̇BZ,walls −mBZ

∑Nspecies

j=1

(
hj,BZ

dyj,BZ

dt

)
mBZcp,BZ

(B.8)
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B.1.8 Entropy balance - burned zone

The RTT for entropy stays that:

∂

∂t

∫
V C

ρsd V– +

∫
SC

ρs(wini)dA =

∫
SC

(
k∇T

T

)
· n⃗dA+

∫
V C

(
q
′′′

T

)
dA+ ˙σV C

For the burned zone, we need to take into account the following terms: the enthalpy

inlet from UBZ to BZ (due to combustion mass transfer), the source term referred to enthalpy

of combustion, the heat transfer from cylinder walls to BZ (or vice-versa).

dSBZ

dt
= mBZ

dsBZ

dt
+ sBZ

dmBZ

dt

The exergy inlet expression is:

−
∑
i

ṁisfi +
∑
e

ṁesfe = −ṁcombsUBZ

while there is no entropy outlet in this CV. The heat transfer term is connected to

the interaction between the cylinder walls and the control volume gases:

∫
SC

(
k∇T

T

)
· n⃗dA =

Q̇BZ,walls

Twall

Grouping all terms in the main equation yields the following expression:

mBZ
dsBZ

dt
+ sBZ

dmBZ

dt
= ṁcombsUBZ +

Q̇BZ,walls

Twall

+ σ̇BZ

mBZ
dsBZ

dt
= ṁcomb (sUBZ − sBZ) +

Q̇BZ,walls

Twall

+ σ̇BZ

We obtain the burned zone exergy destruction by isolating its term:

σ̇BZ = ṁcomb(sBZ − sUBZ) +mBZ
dsBZ

dt
− Q̇BZ,walls

Twall

(B.9)

B.1.9 Exergy balance - burned zone

The exergy balance is obtained by combining the expressions for the first and second

laws of thermodynamics and it is written as it follows:
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dBUBZ

dt
−
∑
i

ṁibfi +
∑
e

ṁebfe =
∑
j

(
1− T0

Tj

)
Q̇j −

∑
j

(
Ẇj − P0

dVj

dt

)
− Ḃd,UBZ

For the burned zone, we need to take into account the following terms: the enthalpy

inlet from UBZ to BZ (due to combustion mass transfer), the source term referred to enthalpy

of combustion, the heat transfer from cylinder walls to BZ (or vice-versa) and the expansion

work related to system volume variation.

dBUBZ

dt
= mBZ

dbBZ

dt
+ bBZ

dmBZ

dt

The exergy inlet expression is:

−
∑
i

ṁibfi +
∑
e

ṁebfe = −ṁcombbf,UBZ

while there is no exergy outlet in this CV. The term related to expansion work is

then:

−
∫
CS

PV⃗b · n⃗ dA = − (P − P0)
dVBZ

dt

The heat transfer term is connected to the interaction between the cylinder walls

and the control volume gases:

∑
j

(
1− T0

Tj

)
Q̇j =

(
1− T0

Twall

)
Q̇BZ,walls

Grouping all terms in the main equation yields the following expression:

mBZ
dbBZ

dt
+bBZ

dmBZ

dt
= ṁcombbf,UBZ−P

dVBZ

dt
+P0

dVBZ

dt
+

(
1− T0

Twall

)
Q̇BZ,walls−Ḃd,BZ

mBZ
dbBZ

dt
= ṁcomb (bf,UBZ − bBZ)− (P − P0)

dVBZ

dt
+

(
1− T0

Twall

)
Q̇BZ,walls − Ḃd,BZ

We obtain the burned zone exergy destruction by isolating its term:

Ḃd,BZ = ṁcomb(bf,UBZ−bBZ)−mBZ
dbBZ

dt
−(P − P0)

dVBZ

dt
+

(
1− T0

Twall

)
Q̇BZ,walls (B.10)
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B.1.10 Unburned and burned zone volume equations

The ideal gas equation in the mass form and its differential form are:

PV = mRT

1

P

dP

dt
+

1

V

dV

dt
=

1

m

dm

dt
+

1

R

dR

dt
+

1

T

dT

dt

We apply the differential form for the unburned and burned zone with the hypothesis

the cylinder pressure is the same between these zones, thus:

1

P

dP

dt
+

1

V– BZ

dV– BZ

dt
=

1

mUBZ

dmUBZ

dt
+

1

RUBZ

dRUBZ

dt
+

1

TUBZ

dTUBZ

dt

1

P

dP

dt
+

1

VBZ

dVBZ

dt
=

1

mBZ

dmBZ

dt
+

1

RBZ

dRBZ

dt
+

1

TBZ

dTBZ

dt

Neglecting the influence of composition on the ideal gas constant derivative yields:

1

P

dP

dt
+

1

V– BZ

dV– BZ

dt
=

1

mUBZ

dmUBZ

dt
+

1

TUBZ

dTUBZ

dt

1

P

dP

dt
+

1

VBZ

dVBZ

dt
=

1

mBZ

dmBZ

dt
+

1

TBZ

dTBZ

dt

Isolating the volumes, we obtain:

dV– BZ

dt
= V– BZ

[
1

mUBZ

dmUBZ

dt
+

1

TUBZ

dTUBZ

dt
− 1

P

dP

dt

]
(B.11)

dVBZ

dt
= VBZ

[
1

mBZ

dmBZ

dt
+

1

TBZ

dTBZ

dt
− 1

P

dP

dt

]
(B.12)

Isolating the pressure, we obtain:

dP

dt
= P

[
− 1

V– BZ

dV– BZ

dt
+

1

mUBZ

dmUBZ

dt
+

1

TUBZ

dTUBZ

dt

]
(B.13)

dP

dt
= P

[
− 1

VBZ

dVBZ

dt
+

1

mBZ

dmBZ

dt
+

1

TBZ

dTBZ

dt

]
(B.14)
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Equaling the equations:

P

[
− 1

V– BZ

dV– BZ

dt
+

1

mUBZ

dmUBZ

dt
+

1

TUBZ

dTUBZ

dt

]
= P

[
− 1

VBZ

dVBZ

dt
+

1

mBZ

dmBZ

dt
+

1

TBZ

dTBZ

dt

]

− 1

V– BZ

dV– BZ

dt
+

1

mUBZ

dmUBZ

dt
+

1

TUBZ

dTUBZ

dt
= − 1

VBZ

dVBZ

dt
+

1

mBZ

dmBZ

dt
+

1

TBZ

dTBZ

dt

1

TUBZ

 1

mUBZcv,UBZ


Nclasses∑
k=1

Ndroplet,kṁd,k(hevap,k − uUBZ)−mUBZ

Nspecies∑
j=1

(
uj,UBZ

dyj,UBZ

dt

)

+ṁcomb(hUBZ − uUBZ)−
Nclasses∑
k=1

Ndroplet,kQ̇conv,k + Q̇UBZ,walls − Ẇspray

−P
dV– BZ

dt

}]
− 1

V– BZ

dV– BZ

dt
+

1

mUBZ

dmUBZ

dt
= − 1

VBZ

dVBZ

dt
+

1

mBZ

dmBZ

dt

+
1

TBZ

[
ṁcomb(hUBZ − uBZ)− P dVBZ

dt
+ Q̇BZ,walls +∆Hfuel

mBZcv,BZ

]

1

TUBZ

 1

mUBZcv,UBZ


Nclasses∑
k=1

Ndroplet,kṁd,k(hevap,k − uUBZ)−mUBZ

Nspecies∑
j=1

(
uj,UBZ

dyj,UBZ

dt

)

+ṁcomb(hUBZ − uUBZ)−
Nclasses∑
k=1

Ndroplet,kQ̇conv,k + Q̇UBZ,walls − Ẇspray

}]

− P

TUBZ

dV– BZ

dt
− 1

V– BZ

dV– BZ

dt
+

1

mUBZ

dmUBZ

dt
= − 1

VBZ

dVBZ

dt
+

1

mBZ

dmBZ

dt

+
1

TBZ

[
ṁcomb(hUBZ − uBZ) + Q̇BZ,walls +∆Hfuel

mBZcv,BZ

]
− P

TBZ

dVBZ

dt

 1

mUBZcv,UBZTUBZ


Nclasses∑
k=1

Ndroplet,kṁd,k(hevap,k − uUBZ)−mUBZ

Nspecies∑
j=1

(
uj,UBZ

dyj,UBZ

dt

)

+ṁcomb(hUBZ − uUBZ)−
Nclasses∑
k=1

Ndroplet,kQ̇conv,k + Q̇UBZ,walls − Ẇspray

}]

−(mUBZRUBZ + 1)
1

V– BZ

dV– BZ

dt
+

1

mUBZ

dmUBZ

dt
= − (mBZRBZ + 1)

1

VBZ

dVBZ

dt
+

1

mBZ

dmBZ

dt

+

[
ṁcomb(hUBZ − uBZ) + Q̇BZ,walls +∆Hfuel

mBZcv,BZTBZ

]
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(mBZRBZ + 1)
1

VBZ

dVBZ

dt
−(mUBZRUBZ + 1)

1

V– BZ

dV– BZ

dt
= − 1

mUBZ

dmUBZ

dt
+

1

mBZ

dmBZ

dt

− 1

mUBZcv,UBZTUBZ


Nclasses∑
k=1

Ndroplet,kṁd,k(hevap,k − uUBZ)−mUBZ

Nspecies∑
j=1

(
uj,UBZ

dyj,UBZ

dt

)

+ṁcomb(hUBZ − uUBZ)−
Nclasses∑
k=1

Ndroplet,kQ̇conv,k + Q̇UBZ,walls − Ẇspray

}

+

[
ṁcomb(hUBZ − uBZ) + Q̇BZ,walls +∆Hfuel

mBZcv,BZTBZ

]

Where the right-hand side (RHS) is known for each time-step. This equation to-

gether with the geometric relationship between the volumes provides a system of equations for
dV– BZ

dt
and dVBZ

dt
:

dV– BZ

dt
+

dVBZ

dt
=

dV

dt
− dVspray

dt

Isolating dVBZ

dt
we have:

dVBZ

dt
=

(
dV

dt
− dVspray

dt

)
− dV– BZ

dt
(B.15)

Using this expression on the other equation:

(mBZRBZ + 1)
1

VBZ

[(
dV

dt
− dVspray

dt

)
− dV– BZ

dt

]
− (mUBZRUBZ + 1)

1

V– BZ

dV– BZ

dt
=

− 1

mUBZ

dmUBZ

dt
+

1

mBZ

dmBZ

dt
+

[
ṁcomb(hUBZ − uBZ) + Q̇BZ,walls +∆Hfuel

mBZcv,BZTBZ

]

− 1

mUBZcv,UBZTUBZ


Nclasses∑
k=1

Ndroplet,kṁd,k(hevap,k − uUBZ)−mUBZ

Nspecies∑
j=1

(
uj,UBZ

dyj,UBZ

dt

)

+ṁcomb(hUBZ − uUBZ)−
Nclasses∑
k=1

Ndroplet,kQ̇conv,k + Q̇UBZ,walls − Ẇspray

}
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mBZRBZ + 1

VBZ

(
dV

dt
− dVspray

dt

)
− mBZRBZ + 1

VBZ

dV– BZ

dt
− mUBZRUBZ + 1

V– BZ

dV– BZ

dt
=

− 1

mUBZ

dmUBZ

dt
+

1

mBZ

dmBZ

dt
+

[
ṁcomb(hUBZ − uBZ) + Q̇BZ,walls +∆Hfuel

mBZcv,BZTBZ

]

− 1

mUBZcv,UBZTUBZ


Nclasses∑
k=1

Ndroplet,kṁd,k(hevap,k − uUBZ)−mUBZ

Nspecies∑
j=1

(
uj,UBZ

dyj,UBZ

dt

)

+ṁcomb(hUBZ − uUBZ)−
Nclasses∑
k=1

Ndroplet,kQ̇conv,k + Q̇UBZ,walls − Ẇspray

}

Thus we can directly obtain dV– BZ

dt
:

−
(
mBZRBZ + 1

VBZ

+
mUBZRUBZ + 1

V– BZ

)
dV– BZ

dt
= −mBZRBZ + 1

VBZ

(
dV

dt
− dVspray

dt

)
− 1

mUBZ

dmUBZ

dt
+

1

mBZ

dmBZ

dt
+

[
ṁcomb(hUBZ − uBZ) + Q̇BZ,walls +∆Hfuel

mBZcv,BZTBZ

]

− 1

mUBZcv,UBZTUBZ


Nclasses∑
k=1

Ndroplet,kṁd,k(hevap,k − uUBZ)−mUBZ

Nspecies∑
j=1

(
uj,UBZ

dyj,UBZ

dt

)

+ṁcomb(hUBZ − uUBZ)−
Nclasses∑
k=1

Ndroplet,kQ̇conv,k + Q̇UBZ,walls − Ẇspray

}

dV– BZ

dt
=

(
mBZRBZ + 1

VBZ

+
mUBZRUBZ + 1

V– BZ

)−1{
mBZRBZ + 1

VBZ

(
dV

dt
− dVspray

dt

)
+

1

mUBZ

dmUBZ

dt
− 1

mBZ

dmBZ

dt
−

[
ṁcomb(hUBZ − uBZ) + Q̇BZ,walls +∆Hfuel

mBZcv,BZTBZ

]

+
1

mUBZcv,UBZTUBZ


Nclasses∑
k=1

Ndroplet,kṁd,k(hevap,k − uUBZ)−mUBZ

Nspecies∑
j=1

(
uj,UBZ

dyj,UBZ

dt

)

+ṁcomb(hUBZ − uUBZ)−
Nclasses∑
k=1

Ndroplet,kQ̇conv,k + Q̇UBZ,walls − Ẇspray

}}
(B.16)

And the pressure P is obtained by the ideal gas law for whichever preferably zone.

B.1.11 Volume balance and pressure rate

The total cylinder volume available in terms of crank angle is:
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V (θ) = V– BZ +VBZ + Vspray

The spray volume is usually much less than the gases volumes (Vspray ≪ V– BZ (or VBZ)),

still it is taken into account in this model development in order to evaluate its influence and

therefore corroborate the aforementioned hypothesis. Getting the time derivative of the previ-

ous equation in time yields:

dV

dt
=

dV– BZ

dt
+

dVBZ

dt
+

dVspray

dt

Applying the ideal gas equation for both zones produces:

dV

dt
= V– BZ

[
1

mUBZ

dmUBZ

dt
+

1

TUBZ

dTUBZ

dt
− 1

P

dP

dt

]
+

+ VBZ

[
1

mBZ

dmBZ

dt
+

1

TBZ

dTBZ

dt
− 1

P

dP

dt

]
+

dVspray

dt

Grouping similar terms provides the following equation:

dV

dt
=

V– BZ

mUBZ

dmUBZ

dt
+

VBZ

mBZ

dmBZ

dt
− V– BZ +VBZ

P

dP

dt
+

V– BZ

TUBZ

dTUBZ

dt
+

VBZ

TBZ

dTBZ

dt
+

dVspray

dt

Isolating the pressure derivative yields:

dP

dt
=

P

V– BZ +VBZ

[
V– BZ

mUBZ

dmUBZ

dt
+

VBZ

mBZ

dmBZ

dt
+

V– BZ

TUBZ

dTUBZ

dt
+

VBZ

TBZ

dTBZ

dt
− dV

dt
+

dVspray

dt

]
Imposing the ideal gas equation for both zones produces:

dP

dt
=

P

V − Vspray

[
RUBZTUBZ

P

dmUBZ

dt
+

RBZTBZ

P

dmBZ

dt
+

mUBZRUBZ

P

dTUBZ

dt

+
mBZRBZ

P

dTBZ

dt
− dV

dt
+

dVspray

dt

]

dP

dt
=

1

V − Vspray

[
RUBZTUBZ

dmUBZ

dt
+RBZTBZ

dmBZ

dt
+mUBZRUBZ

dTUBZ

dt

+mBZRBZ
dTBZ

dt
− P

(
dV

dt
− dVspray

dt

)]
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Expanding the temperature derivatives generates the following equation:

dP

dt
=

1

V − Vspray

[
RUBZTUBZ

dmUBZ

dt
+RBZTBZ

dmBZ

dt

+mUBZRUBZ


∑Nclasses

k=1 Ndroplet,kṁd,k(hevap,k − hUBZ)−mUBZ

∑Nspecies

j=1

(
hj,UBZ

dyj,UBZ

dt

)
mUBZcp,UBZ

+
P
∑Nclasses

k=1 Ndroplet,k
dVd,k

dt
+ V– BZ

dP
dt

−
∑Nclasses

k=1 Ndroplet,kQ̇conv,k + Q̇UBZ,walls

mUBZcp,UBZ

}

+mBZRBZ

{
ṁcomb(hUBZ − hBZ) + VBZ

dP
dt

+ Q̇BZ,walls +∆Hfuel

mBZcp,BZ

}
− P

(
dV

dt
− dVspray

dt

)]
Grouping similar terms and isolating the pressure derivative yields the final equa-

tion:

dP

dt
=

1

V − RBZVBZ

cp,BZ
− RUBZ V– BZ

cp,UBZ
− Vspray

{
RUBZTUBZ

dmUBZ

dt
+RBZTBZ

dmBZ

dt

+
RUBZ

cp,UBZ

Nclasses∑
k=1

Ndroplet,kṁd,k(hevap,k − hUBZ)−mUBZ

Nspecies∑
j=1

(
hj,UBZ

dyj,UBZ

dt

)

+P

Nclasses∑
k=1

Ndroplet,k
dVd,k

dt
−

Nclasses∑
k=1

Ndroplet,kQ̇conv,k + Q̇UBZ,walls

]

+
RBZ

cp,BZ

[
ṁcomb(hUBZ − hBZ) + Q̇BZ,walls +∆Hfuel

]
− P

(
dV

dt
− dVspray

dt

)}
(B.17)

B.2 Open phase

The open phase involves the engine cycle period between the exhaust valve opening

(EVO) until the inlet valve closure (IVC). During this period, there are the processes of exhaust

and admission of in-cylinder gases, besides fuel injection and evaporation. All these process

modeling are presented in the subsequent sections.

B.2.1 Mass balance - gas

The Reynolds Transport Theorem (RTT) is applied for mass conservation for the

gas-phase control volume:

∂

∂t

∫
g

ρg dV– +

∫
CS

ρs(wini) dA = 0
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There are inlet mass flows from the droplets evaporation to the gas-phase and outlet

flows involving the gas-phase with the admission and exhaust valves. It is detailed each one of

these terms in a separate form and then they are regrouped to close the balance. Thus, detailing

first the transient term, which is assumed as homogeneous, we have:

∂

∂t

∫
g

ρg dV– =
d(ρgVg)

dt
=

dmg

dt

To the inlet terms, it is necessary to take into account the sum of evaporation rates

from each droplet interacting with the gas-phase and to encompass them by size group. Also,

there are terms associated to the mass flow due to the admission and exhaust valves when they

are open during the open-phase. Thus, we can refer to these terms as:

∫
CS,inlet

ρs(wini) dA = −
Nclasses∑
k=1

Ndroplet,kṁd,k − δadm,iṁadm − δexh,iṁexh

where Ndroplet,k represents the number of droplets of the kth droplet class, while

δadm,i and δexh,i are the Kronecker delta indicating the flow direction related to the admission

and exhaust valves, respectively (0 or 1). The outlet term represents the mass flow terms repre-

senting the cylinder-valves interactions. Therefore, this term is presented as:

∫
CS,outlet

ρs(wini) dA = δadm,oṁadm + δexh,oṁexh

where δadm,o and δexh,o are defined as their similar terms previously presented. Re-

grouping the terms, we obtain the open-phase gas mass balance:

dmg

dt
=

Nclasses∑
k=1

Ndroplet,kṁd,k + (δadm,i − δadm,o)ṁadm + (δexh,i − δexh,o)ṁexh (B.18)

B.2.2 Species balance - gas

The species conservation for the gas-phase follows the same initial steps as the mass

conservation. The main differences lie on the inlet species, which are only related to the fuel

components of each droplet evaporating, while the outlets are related to the composition of the

admission and exhaust states. The admission state is assumed to be composed by air, whereas

the exhaust is composed by combustion products (EGR). The general species conservation for

UBZ has the following form:
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∂

∂t

∫
g

ρyj dV– +

∫
CS

ρyj(wini) dA = −
∫
CS

J⃗jni dA+

∫
g

ṘjMj dV–

where the diffusive term
∫
CS

J⃗jni dA and the chemical reaction term
∫
g
ṘjMj dV–

are neglected due to the hypotheses of homogeneity and absence of chemical reactions in this

gas-phase, respectively. The transient term is, therefore:

∂

∂t

∫
g

ρyj dV– =
dmg,j

dt

The inlet terms are:

∫
CS,inlet

ρsyj(wini) dA = −
Nclasses∑
k=1

Ndroplet,kyj,k,evapṁd,k−δadm,iyj,airṁadm−δexh,iyj,EGRṁexh

where yj,k,s is the vapor mass fraction of the jth fuel component on the droplet

surface of the kth droplet class. Lastly, the outlet terms are:

∫
CS,outlet

ρsyj(wini) dA = δadm,oyj,gṁadm + δexh,oyj,gṁexh

where yj,g is the mass fraction of the jth component in the gas-phase. Therefore, the

final form of the species conservation is:

dmgas,j

dt
=

Nclasses∑
k=1

Ndroplet,kyj,k,evapṁd,k + (δadm,iyj,air − δadm,oyj,g)ṁadm

+ (δexh,iyj,EGR − δexh,oyj,g)ṁexh (B.19)

B.2.3 Energy balance - gas

The RTT for the energy conservation has the following form:

∂

∂t

∫
g

ρ

(
V 2
I

2
+ gz + u

)
dV– +

∫
CS

ρ

(
V 2
I

2
+ gz + u+

p

ρ

)
(V⃗r · n⃗) dA =

∫
CS

k(∇T · n⃗) dA

−
∫
CS

p

[(
V⃗b +

dR⃗

dt
+ x⃗× r⃗

)
n⃗

]
dA+

∫
CS

(τ · n⃗) · V⃗I dA− Ẇcomp +

∫
g

q
′′′
dV–

In the open-phase gas CV, it occurs the following energetic interactions: enthalpy

inlet of the vapor fuel evaporated from the droplets, enthalpy inlet from the admission and
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exhaust valves, enthalpy outlet to the admission and exhaust valves, work due to the droplets

volume variation, work due to the compression/expansion caused by the engine volume varia-

tion, heat transfer from the gas to the droplets and from the engine cylinder walls to the gas.

The transient term is initially:

∂

∂t

∫
g

ρgu dV– =
d(ρguV– g)

dt
=

dUg

dt

The inlet enthalpy in the gas-phase is related to the mass flow rates from the droplets

evaporation, as well as to the mass flow from the admission and exhaust valves:

∫
CS,inlet

ρg

(
V 2
I

2
+ u+

P

ρ

)
(V⃗r · n⃗) dA = −

Nclasses∑
k=1

Ndroplet,kṁd,khevap,k

− δadm,iṁadmhadm − δexh,iṁexhhexh

For the outlet enthalpy from the gas-phase, we have:

∫
CS,outlet

ρg

(
V 2
I

2
+ u+

P

ρ

)
(V⃗r · n⃗) dA = δadm,oṁadmhg + δexh,oṁexhhg

The terms related to work of expansion/contraction are presented below:

−
∫
CS

PV⃗b · n⃗ dA = −Ẇspray − P
dVg

dt

Where Ẇspray = P
∑Nclasses

k=1 Ndroplet,k

(
−dVd,k

dt

)
.

The internal energy transient term takes into account that both temperature and mass

are homogeneous in space and variable in time, thus:

∂

∂t

∫
g

ρgu dV– = mg
dug

dt
+ ug

dmg

dt

Repeating the previously presented mathematical development, it is obtained:

∂

∂t

∫
g

ρgu dV– = mgcv,g
dTg

dt
+mg

Nspecies∑
j=1

(
uj,UBZ

dyj,UBZ

dt

)
+

dmg

dt
ug

∫
CS

k(∇T · n⃗) dA = Q̇spray + Q̇g,walls
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where Q̇spray = −
∑Nclasses

k=1 Ndroplet,kQ̇conv,k and the negative sign is required since

the known values of Q̇conv,k were obtained for the droplet control volumes, not for the gas. After

grouping all these terms, we have:

mgcv,g
dTg

dt
+mg

Nspecies∑
j=1

(
hj,g

dyj,g
dt

)
+

dmg

dt
ug =

Nclasses∑
k=1

Ndroplet,kṁd,khevap,k

+ δadm,iṁadmhadm + δexh,iṁexhhexh − δadm,oṁadmhg − δexh,oṁexhhg − Ẇspray−

P
dVg

dt
+ Q̇spray + Q̇g,walls

Applying the mass conservation to substitute the term dmg

dt
provides:

mgcv,g
dTg

dt
+mg

Nspecies∑
j=1

(
hj,g

dyj,g
dt

)

+

(
Nclasses∑
k=1

Ndroplet,kṁd,k + (δadm,i − δadm,o)ṁadm + (δexh,i − δexh,o)ṁexh

)
ug =

Nclasses∑
k=1

Ndroplet,kṁd,khevap,k + ṁadm(δadm,ihadm − δadm,ohg) + ṁexh(δexh,ihexh − δexh,ohg)

− Ẇspray − P
dVg

dt
+ Q̇spray + Q̇g,walls

mgcv,g
dTg

dt
=

Nclasses∑
k=1

Ndroplet,kṁd,k(hevap,k − ug)−mg

Nspecies∑
j=1

(
hj,g

dyj,g
dt

)
+ δadm,iṁadm(hadm − ug) + δexh,iṁexh(hexh − ug) + δadm,oṁadm(ug − hg)

+ δexh,oṁexh(ug − hg)− Ẇspray − P
dVg

dt
+ Q̇spray + Q̇g,walls

Finally we obtain the gas-phase temperature differential equation:

dTg

dt
=

1

mgcv,g


Nclasses∑
k=1

Ndroplet,kṁd,k(hevap,k − ug)−mg

Nspecies∑
j=1

(
hj,g

dyj,g
dt

)
+δadm,iṁadm(hadm − ug) + δexh,iṁexh(hexh − ug) + δadm,oṁadm(ug − hg)

+δexh,oṁexh(ug − hg) + Q̇spray + Q̇g,walls − Ẇspray − P
dVg

dt

}
(B.20)
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B.2.4 Entropy balance - gas

The RTT for entropy stays that:

∂

∂t

∫
V C

ρsd V– +

∫
SC

ρs(wini)dA =

∫
SC

(
k∇T

T

)
· n⃗dA+

∫
V C

(
q
′′′

T

)
dA+ ˙σV C

The transient term accounts for entropy variation on the unburned gases, as showed

by the following equation:

∂

∂t

∫
V C

ρsd V– = sg
dmg

dt
+mg

dsg
dt

The second term on RTT represents the entropy flow terms (inlet and outlet):

∫
SC

ρs(wini)dA = −
Nclasses∑
k=1

Ndroplet,kṁd,ksevap,k

− ṁadm(δadm,isadm − δadm,osg)− ṁexh(δexh,isexh − δexh,osg)

Finally, the entropy transfer associated with heat transfer accounts for the convec-

tion between the gases and the droplet classes and also for the interaction between the gases and

cylinder walls:

∫
SC

(
k∇T

T

)
· n⃗dA =

Q̇spray

Td,avg

+
Q̇g,walls

Twall

where Q̇spray

Td,avg
= −

∑Nclasses

k=1 Ndroplet,k
Q̇conv,k

Td,k
. Meanwhile, σ̇g is the entropy genera-

tion on the control volume. Then, grouping all terms leads to:

dmg

dt
sg +mg

dsg
dt

−
Nclasses∑
k=1

Ndroplet,kṁd,ksevap,k − ṁadm(δadm,isadm − δadm,osg)−

ṁexh(δexh,isexh − δexh,osg) =
Q̇spray

Td,avg

+
Q̇g,walls

Twall

+ σ̇g

Opening dmg

dt
leads to:
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(
Nclasses∑
k=1

Ndroplet,kṁd,k + (δadm,i − δadm,o)ṁadm + (δexh,i − δexh,o)ṁexh

)
sg+

mg
dsg
dt

− ṁadm(δadm,isadm − δadm,osg)− ṁexh(δexh,isexh − δexh,osg) =

Q̇spray

Td,avg

+
Q̇g,walls

Twall

+ σ̇g

The final expression for the entropy generation on the unburned zone is:

σ̇g =

Nclasses∑
k=1

Ndroplet,kṁd,k(sg − sevap,k) + δadm,iṁadm(sg − sadm) + δexh,iṁexh(sg − sexh)

+mg
dsg
dt

− Q̇spray

Td,avg

− Q̇g,walls

Twall

(B.21)

B.2.5 Exergy balance - gas

The exergy balance is obtained by combining the expressions for the first and second

laws of thermodynamics and it is written as it follows:

dBg

dt
−
∑
i

ṁibfi +
∑
e

ṁebfe =
∑
j

(
1− T0

Tj

)
Q̇j −

(
Ẇ − P0

dV

dt

)
− Ḃd,g

The transient term accounts for entropy variation on the unburned gases, as showed

by the following equation:

dBg

dt
= bg

dmg

dt
+mg

dbg
dt

The second term on RTT represents the exergy flow terms:

−
∑
i

ṁibfi +
∑
e

ṁebfe = −
Nclasses∑
k=1

Ndroplet,kṁd,kbf,evap,k

− ṁadm(δadm,ibf,adm − δadm,obf,g)− ṁexh(δexh,ibf,exh − δexh,obf,g)

Finally, the exergy transfer associated with heat transfer accounts for the convection

between unburned gases and the droplet classes and also for the interaction between the gases

and cylinder walls:



261

∑
j

(
1− T0

Tj

)
Q̇j = ḂQspray +

(
1− T0

Twall

)
Q̇g,walls

where ḂQspray = −
∑Nclasses

k=1 Ndroplet,k

(
1− T0

Td,k

)
Q̇conv,k. The exergy terms re-

lated to work of expansion/contraction are presented below:

−
(
Ẇ − P0

dV

dt

)
= −

(
Ẇspray − P0

Nclasses∑
k=1

Ndroplet,k

(
−dVd,k

dt

))
− P

dVg

dt
+ P0

dVg

dt

while Ḃd,g is the exergy destruction on the control volume. Then, returning to the

main equation:

dmg

dt
bg +mg

dbg
dt

−
Nclasses∑
k=1

Ndroplet,kṁd,kbf,evap,k − ṁadm(δadm,ibf,adm − δadm,obf,g)

− ṁexh(δexh,ibf,exh − δexh,obf,g) = ḂQspray +

(
1− T0

Twall

)
Q̇g,walls

−

(
Ẇspray − P0

Nclasses∑
k=1

Ndroplet,k

(
−dVd,k

dt

))
− (P − P0)

dVg

dt
− Ḃd,g

Opening dmg

dt
leads to:

(
Nclasses∑
k=1

Ndroplet,kṁd,k + (δadm,i − δadm,o)ṁadm + (δexh,i − δexh,o)ṁexh

)
bg +mg

dbg
dt

−
Nclasses∑
k=1

Ndroplet,kṁd,kbf,evap,k − ṁadm(δadm,ibf,adm − δadm,obf,g)

− ṁexh(δexh,ibf,exh − δexh,obf,g) = ḂQspray +

(
1− T0

Twall

)
Q̇g,walls

−

(
Ẇspray − P0

Nclasses∑
k=1

Ndroplet,k

(
−dVd,k

dt

))
− (P − P0)

dVg

dt
− Ḃd,g

mg
dbg
dt

=

Nclasses∑
k=1

Ndroplet,kṁd,k(bf,evap,k−bg)+δadm,iṁadm(bf,adm−bg)+δexh,iṁexh(bf,exh−bg)

+ δadm,oṁadm(bg − bf,g) + δexh,oṁexh(bg − bf,g) + ḂQspray +

(
1− T0

Twall

)
Q̇g,walls

−

(
Ẇspray − P0

Nclasses∑
k=1

Ndroplet,k

(
−dVd,k

dt

))
− (P − P0)

dVg

dt
− Ḃd,g
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The final expression for the exergy destruction on the unburned zone is:

Ḃd,g =

Nclasses∑
k=1

Ndroplet,kṁd,k(bf,evap,k−bg)+δadm,iṁadm(bf,adm−bg)+δexh,iṁexh(bf,exh−bg)

+ δadm,oṁadm(bg − bf,g) + δexh,oṁexh(bg − bf,g)−mg
dbg
dt

+ ḂQspray +

(
1− T0

Twall

)
Q̇g,walls

−

(
Ẇspray − P0

Nclasses∑
k=1

Ndroplet,k

(
−dVd,k

dt

))
− (P − P0)

dVg

dt
(B.22)

B.2.6 Volume balance and pressure rate

The total cylinder volume available in terms of crank angle is:

V (θ) = Vg + Vspray

The spray volume is usually much less than the gases volumes (Vspray ≪ Vg), still it

is taken into account in this model development in order to evaluate its influence and therefore

corroborate the aforementioned hypothesis. Getting the time derivative of the previous equation

in time yields:

dV

dt
=

dVg

dt
+

dVspray

dt

Applying the ideal gas derivative for the gas-phase produces:

dV

dt
= Vg

[
1

mg

dmg

dt
+

1

Tg

dTg

dt
− 1

P

dP

dt

]
+

dVspray

dt

Grouping similar terms provides the following equation:

dV

dt
=

Vg

mg

dmg

dt
− Vg

P

dP

dt
+

Vg

Tg

dTg

dt
+

dVspray

dt

Isolating the pressure derivative yields:

dP

dt
=

P

Vg

[
Vg

mg

dmg

dt
+

Vg

Tg

dTg

dt
− dV

dt
+

dVspray

dt

]
Imposing the ideal gas equation produces:

dP

dt
=

P

V − Vspray

[
RgTg

P

dmg

dt
+

mgRg

P

dTg

dt
− dV

dt
+

dVspray

dt

]
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dP

dt
=

1

V − Vspray

[
RgTg

dmg

dt
+mgRg

dTg

dt
− P

(
dV

dt
− dVspray

dt

)]
Expanding the temperature derivatives generates the following equation:

dP

dt
=

1

V − Vspray

[
RgTg

dmg

dt

+mgRg


∑Nclasses

k=1 Ndroplet,kṁd,k(hevap,k − hg)−mg

∑Nspecies

j=1

(
hj,g

dyj,g
dt

)
mgcp,g

+δadm,iṁadm(hadm − hg) + δexh,iṁexh(hexh − hg)

+
P
∑Nclasses

k=1 Ndroplet,k
dVd,k

dt
+ Vg

dP
dt

−
∑Nclasses

k=1 Ndroplet,kQ̇conv,k + Q̇g,walls

mgcp,g

}

−P

(
dV

dt
− dVspray

dt

)]
Grouping similar terms and isolating the pressure derivative yields the final equa-

tion:

dP

dt
=

1

V − RgVg

cp,g
− Vspray

{
RgTg

dmg

dt

+
Rg

cp,g

Nclasses∑
k=1

Ndroplet,kṁd,k(hevap,k − hg)−mg

Nspecies∑
j=1

(
hj,g

dyj,g
dt

)
+δadm,iṁadm(hadm − hg) + δexh,iṁexh(hexh − hg)

+P

Nclasses∑
k=1

Ndroplet,k
dVd,k

dt
−

Nclasses∑
k=1

Ndroplet,kQ̇conv,k + Q̇g,walls

]

−P

(
dV

dt
− dVspray

dt

)}
(B.23)
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APPENDIX C – ENERGETIC INTERNAL COMBUSTION ENGINE

EFFICIENCIES

C.1 Efficiencies definition

• ηcomb =
Q̇combustion

Q̇fuel
(Combustion efficiency - How much energy is converted from the fuel

combustion into ideal combustion products (e.g., CO2, H2O, etc.);

• ηthermodynamic =
ẆGross,Indicated

Q̇combustion
(Thermodynamic efficiency - How much energy is con-

verted from combustion in real situations (i.e., from Q̇combustion) into mechanical power

from the engine cycle (open and closed-phases);

• ηclosed−phase =
ẆGross,Indicated

Q̇fuel
= ηcombηthermodynamic (Closed-phase (gross) efficiency -

How much energy is converted into work from the total fuel combustion energy (only

compression and expansion phases);

• ηGross,thermal =
ẆGross,Indicated

Q̇fuel
(Gross thermal/indicated efficiency - How much energy

is converted into work from combustion in real situations (i.e., from Q̇combustion) into

mechanical power from the engine cycle (closed-phase);

• ηNet,thermal =
ẆNet,Indicated

Q̇fuel
(Net thermal/indicated efficiency - How much energy is con-

verted from combustion in real situations (i.e., from Q̇combustion) into mechanical power

from the engine cycle (open and closed-phases);

• ηGas,exchange =
ẆNet,Indicated

ẆGross,Indicated
(Gas exchange efficiency - How much energy is converted

into net indicated work from gross indicated work;

• ηopen−phase = ηGas,exchange (Open-phase efficiency - How much energy is required to

re-initiate the engine cycle (exhaust and admission processes);

Similarities:

ηthermal,conversion ≡ ηclosed−phase = ηGross,thermal.
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APPENDIX D – REMAINING RESULTS FROM THE VALIDATION

OF THE ADOPTED DISI ENGINE SIMULATOR

This appendix has the objective of presenting the remaining results related to the

validation of the adopted DISI engine simulator of this thesis. All available results are related

to the comparison with (Lanzanova et al., 2016).

D.1 Engine outputs comparison

D.1.1 Case 3

Table D.1 – Engine simulation outputs for case 3 versus (Lanzanova et al., 2016)

Parameter Simulation Exp. Rel. Diff.

IMEP (bar) 3.093 3.1 0.21 %
SFC (gfuel/kWh) 438.9 419.2 4.69 %

Thermal efficiency (%) 30.98 31.92 4.84 %
Gas exchange efficiency (%) 79.94 85.25 6.24 %

Max. P (bar) 25.27 21.51 17.48 %
Max. P angle (deg) 372.6 375 0.65 %

Max. T (K) 1706 1522 12.07 %

D.1.2 Case 4

Table D.2 – Engine simulation outputs for case 4 versus (Lanzanova et al., 2016)

Parameter Simulation Exp. Rel. Diff.

IMEP (bar) 3.28 3.1 5.81 %
SFC (gfuel/kWh) 485.6 501.7 3.19 %

Thermal efficiency (%) 29.24 28.45 2.80 %
Gas exchange efficiency (%) 79.68 83.8 4.92 %

Max. P (bar) 20.48 19.35 5.84 %
Max. P angle (deg) 377.7 377.2 0.1427 %

Max. T (K) 1821 1702 6.96 %
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D.1.3 Case 5

Table D.3 – Engine simulation outputs for case 5 versus (Lanzanova et al., 2016)

Parameter Simulation Exp. Rel. Diff.

IMEP (bar) 3.32 3.1 7.21 %
SFC (gfuel/kWh) 517.1 553.4 6.57 %

Thermal efficiency (%) 29.42 27.57 6.71 %
Gas exchange efficiency (%) 79.95 82.69 3.31 %

Max. P (bar) 21.70 20.79 4.39 %
Max. P angle (deg) 376.3 375.5 0.21 %

Max. T (K) 1809 1681 7.65 %
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APPENDIX E – DISI ENGINE OPTIMIZED IDENTIFICATION AND

REMAINING RESULTS

This appendix has the objective of identifying the conditions of operation for each

studied case of Chapter 7 as well as to present the remaining results that do not fit into the main

text.

E.1 Table of cases

Tables E.1-E.5 describe the cases for each studied engine speed, as described in the

main text.
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Table E.1 – Optimized cases for 1000 RPM

Case no. Engine load (%Patm) Comp. ratio vH2O λ Vcyl(cm
3)

1 0.769 12 0.00 1.0 300
2 0.785 12 0.00 1.0 400
3 0.713 12 0.00 1.3 300
4 0.725 12 0.00 1.3 400
5 0.889 12 0.05 1.0 300
6 0.919 12 0.05 1.0 400
7 0.821 12 0.05 1.3 300
8 0.836 12 0.05 1.3 400
9 0.910 12 0.10 1.0 300

10 0.930 12 0.10 1.0 400
11 0.823 12 0.10 1.3 300
12 0.837 12 0.10 1.3 400
13 1.179 12 0.20 1.0 300
14 1.204 12 0.20 1.0 400
15 1.064 12 0.20 1.3 300
16 1.085 12 0.20 1.3 400
17 0.597 15 0.00 1.0 300
18 0.610 15 0.00 1.0 400
19 0.543 15 0.00 1.3 300
20 0.550 15 0.00 1.3 400
21 0.695 15 0.05 1.0 300
22 0.710 15 0.05 1.0 400
23 0.620 15 0.05 1.3 300
24 0.631 15 0.05 1.3 400
25 0.690 15 0.10 1.0 300
26 0.704 15 0.10 1.0 400
27 0.614 15 0.10 1.3 300
28 0.625 15 0.10 1.3 400
29 0.883 15 0.20 1.0 300
30 0.899 15 0.20 1.0 400
31 0.784 15 0.20 1.3 300
32 0.797 15 0.20 1.3 400
33 0.489 18 0.00 1.0 300
34 0.498 18 0.00 1.0 400
35 0.436 18 0.00 1.3 300
36 0.441 18 0.00 1.3 400
37 0.565 18 0.05 1.0 300
38 0.577 18 0.05 1.0 400
39 0.494 18 0.05 1.3 300
40 0.502 18 0.05 1.3 400
41 0.554 18 0.10 1.0 300
42 0.565 18 0.10 1.0 400
43 0.486 18 0.10 1.3 300
44 0.493 18 0.10 1.3 400
45 0.696 18 0.20 1.0 300
46 0.711 18 0.20 1.0 400
47 0.613 18 0.20 1.3 300
48 0.622 18 0.20 1.3 400
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Table E.2 – Optimized cases for 1250 RPM

Case no. Engine load (%Patm) Comp. ratio vH2O λ Vcyl(cm
3)

1 0.896 12 0.00 1.0 300
2 0.916 12 0.00 1.0 400
3 0.846 12 0.00 1.3 300
4 0.863 12 0.00 1.3 400
5 1.049 12 0.05 1.0 300
6 1.073 12 0.05 1.0 400
7 0.957 12 0.05 1.3 300
8 0.974 12 0.05 1.3 400
9 1.074 12 0.10 1.0 300

10 1.101 12 0.10 1.0 400
11 0.964 12 0.10 1.3 300
12 0.964 12 0.10 1.3 400
13 1.380 12 0.20 1.0 300
14 1.389 12 0.20 1.0 400
15 1.234 12 0.20 1.3 300
16 1.256 12 0.20 1.3 400
17 0.695 15 0.00 1.0 300
18 0.710 15 0.00 1.0 400
19 0.629 15 0.00 1.3 300
20 0.649 15 0.00 1.3 400
21 0.810 15 0.05 1.0 300
22 0.827 15 0.05 1.0 400
23 0.721 15 0.05 1.3 300
24 0.734 15 0.05 1.3 400
25 0.809 15 0.10 1.0 300
26 0.829 15 0.10 1.0 400
27 0.717 15 0.10 1.3 300
28 0.730 15 0.10 1.3 400
29 1.017 15 0.20 1.0 300
30 1.033 15 0.20 1.0 400
31 0.903 15 0.20 1.3 300
32 0.916 15 0.20 1.3 400
33 0.568 18 0.00 1.0 300
34 0.579 18 0.00 1.0 400
35 0.504 18 0.00 1.3 300
36 0.516 18 0.00 1.3 400
37 0.657 18 0.05 1.0 300
38 0.671 18 0.05 1.0 400
39 0.574 18 0.05 1.3 300
40 0.583 18 0.05 1.3 400
41 0.645 18 0.10 1.0 300
42 0.662 18 0.10 1.0 400
43 0.564 18 0.10 1.3 300
44 0.572 18 0.10 1.3 400
45 0.800 18 0.20 1.0 300
46 0.818 18 0.20 1.0 400
47 0.704 18 0.20 1.3 300
48 0.715 18 0.20 1.3 400
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Table E.3 – Optimized cases for 1500 RPM

Case no. Engine load (%Patm) Comp. ratio vH2O λ Vcyl(cm
3)

1 1.015 12 0.00 1.0 300
2 1.038 12 0.00 1.0 400
3 0.960 12 0.00 1.3 300
4 0.975 12 0.00 1.3 400
5 1.192 12 0.05 1.0 300
6 1.221 12 0.05 1.0 400
7 1.083 12 0.05 1.3 300
8 1.116 12 0.05 1.3 400
9 1.193 12 0.10 1.0 300

10 1.219 12 0.10 1.0 400
11 1.107 12 0.10 1.3 300
12 1.116 12 0.10 1.3 400
13 1.508 12 0.20 1.0 300
14 1.549 12 0.20 1.0 400
15 1.378 12 0.20 1.3 300
16 1.388 12 0.20 1.3 400
17 0.786 15 0.00 1.0 300
18 0.804 15 0.00 1.0 400
19 0.722 15 0.00 1.3 300
20 0.733 15 0.00 1.3 400
21 0.916 15 0.05 1.0 300
22 0.938 15 0.05 1.0 400
23 0.815 15 0.05 1.3 300
24 0.830 15 0.05 1.3 400
25 0.928 15 0.10 1.0 300
26 0.951 15 0.10 1.0 400
27 0.818 15 0.10 1.3 300
28 0.834 15 0.10 1.3 400
29 1.116 15 0.20 1.0 300
30 1.150 15 0.20 1.0 400
31 1.011 15 0.20 1.3 300
32 1.031 15 0.20 1.3 400
33 0.641 18 0.00 1.0 300
34 0.655 18 0.00 1.0 400
35 0.573 18 0.00 1.3 300
36 0.582 18 0.00 1.3 400
37 0.743 18 0.05 1.0 300
38 0.760 18 0.05 1.0 400
39 0.647 18 0.05 1.3 300
40 0.658 18 0.05 1.3 400
41 0.735 18 0.10 1.0 300
42 0.753 18 0.10 1.0 400
43 0.640 18 0.10 1.3 300
44 0.652 18 0.10 1.3 400
45 0.896 18 0.20 1.0 300
46 0.912 18 0.20 1.0 400
47 0.788 18 0.20 1.3 300
48 0.799 18 0.20 1.3 400
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Table E.4 – Optimized cases for 1750 RPM

Case no. Engine load (%Patm) Comp. ratio vH2O λ Vcyl(cm
3)

1 1.130 12 0.00 1.0 300
2 1.163 12 0.00 1.0 400
3 1.063 12 0.00 1.3 300
4 1.061 12 0.00 1.3 400
5 1.329 12 0.05 1.0 300
6 1.362 12 0.05 1.0 400
7 1.216 12 0.05 1.3 300
8 1.239 12 0.05 1.3 400
9 1.319 12 0.10 1.0 300

10 1.346 12 0.10 1.0 400
11 1.249 12 0.10 1.3 300
12 1.252 12 0.10 1.3 400
13 1.633 12 0.20 1.0 300
14 1.665 12 0.20 1.0 400
15 1.491 12 0.20 1.3 300
16 1.518 12 0.20 1.3 400
17 0.872 15 0.00 1.0 300
18 0.893 15 0.00 1.0 400
19 0.799 15 0.00 1.3 300
20 0.802 15 0.00 1.3 400
21 1.019 15 0.05 1.0 300
22 1.044 15 0.05 1.0 400
23 0.905 15 0.05 1.3 300
24 0.923 15 0.05 1.3 400
25 1.000 15 0.10 1.0 300
26 1.021 15 0.10 1.0 400
27 0.918 15 0.10 1.3 300
28 0.915 15 0.10 1.3 400
29 1.213 15 0.20 1.0 300
30 1.236 15 0.20 1.0 400
31 1.098 15 0.20 1.3 300
32 1.117 15 0.20 1.3 400
33 0.710 18 0.00 1.0 300
34 0.727 18 0.00 1.0 400
35 0.634 18 0.00 1.3 300
36 0.639 18 0.00 1.3 400
37 0.824 18 0.05 1.0 300
38 0.844 18 0.05 1.0 400
39 0.717 18 0.05 1.3 300
40 0.727 18 0.05 1.3 400
41 0.829 18 0.10 1.0 300
42 0.849 18 0.10 1.0 400
43 0.719 18 0.10 1.3 300
44 0.716 18 0.10 1.3 400
45 0.976 18 0.20 1.0 300
46 1.005 18 0.20 1.0 400
47 0.863 18 0.20 1.3 300
48 0.880 18 0.20 1.3 400
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Table E.5 – Optimized cases for 2000 RPM

Case no. Engine load (%Patm) Comp. ratio vH2O λ Vcyl(cm
3)

1 1.227 12 0.00 1.0 300
2 1.289 12 0.00 1.0 400
3 1.150 12 0.00 1.3 300
4 1.176 12 0.00 1.3 400
5 1.444 12 0.05 1.0 300
6 1.491 12 0.05 1.0 400
7 1.355 12 0.05 1.3 300
8 1.357 12 0.05 1.3 400
9 1.433 12 0.10 1.0 300

10 1.462 12 0.10 1.0 400
11 1.333 12 0.10 1.3 300
12 1.342 12 0.10 1.3 400
13 1.741 12 0.20 1.0 300
14 1.775 12 0.20 1.0 400
15 1.604 12 0.20 1.3 300
16 1.640 12 0.20 1.3 400
17 0.948 15 0.00 1.0 300
18 0.988 15 0.00 1.0 400
19 0.885 15 0.00 1.3 300
20 0.887 15 0.00 1.3 400
21 1.111 15 0.05 1.0 300
22 1.139 15 0.05 1.0 400
23 1.008 15 0.05 1.3 300
24 1.027 15 0.05 1.3 400
25 1.089 15 0.10 1.0 300
26 1.112 15 0.10 1.0 400
27 0.984 15 0.10 1.3 300
28 1.001 15 0.10 1.3 400
29 1.300 15 0.20 1.0 300
30 1.328 15 0.20 1.0 400
31 1.216 15 0.20 1.3 300
32 1.210 15 0.20 1.3 400
33 0.772 18 0.00 1.0 300
34 0.798 18 0.00 1.0 400
35 0.701 18 0.00 1.3 300
36 0.706 18 0.00 1.3 400
37 0.904 18 0.05 1.0 300
38 0.927 18 0.05 1.0 400
39 0.793 18 0.05 1.3 300
40 0.808 18 0.05 1.3 400
41 0.871 18 0.10 1.0 300
42 0.891 18 0.10 1.0 400
43 0.769 18 0.10 1.3 300
44 0.784 18 0.10 1.3 400
45 1.070 18 0.20 1.0 300
46 1.056 18 0.20 1.0 400
47 0.927 18 0.20 1.3 300
48 0.931 18 0.20 1.3 400
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E.2 Remaining results

E.2.1 Optimal mean effective pressure

This section presents the results for the optimal MEPs at 1250, 1500, 1750, and

2000 RPM. Figures E.2-E.5 present these results for all studied engine speeds.

To complement the previously described figure, an alternative way to analyze the

engine behavior for all optimized cases is to adopt bar graphs to represent the mean effective

pressures (MEP) associated with the fuel, closed-phase (compression, combustion and expan-

sion), total engine cycle (closed-phase + exhaust and admission), and pumping (exhaust and

admission) energies involved in the engine cycle (FuelIMEP, GIMEP, NIMEP, and PMEP, re-

spectively). For example, Fig. E.1 represents the results for 1000 RPM adopted in the opti-

mization. It is worth remembering that the trapped in-cylinder mass in indirectly taken into

consideration in these results, as it seems clear by the different sizes of FuelIMEP bars on all

cases. The total MEP for cases 13 and 14 (i.e., vH2O = 0.2) overcomes the others for r = 12.

Another highlighted point is the reduction on IMEP on λ = 1.3 when compared to stoichiomet-

ric conditions (e.g., cases 1 and 2 versus 3 and 4) on all cases.

Figure E.1 – Optimal engine mean effective pressures at 1000 RPM at knock threshold condi-
tions.
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Figure E.2 – Optimal engine mean effective pressures at 1250 RPM at knock threshold condi-
tions.

Figure E.3 – Optimal engine mean effective pressures at 1500 RPM at knock threshold condi-
tions.
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Figure E.4 – Optimal engine mean effective pressures at 1750 RPM at knock threshold condi-
tions.

Figure E.5 – Optimal engine mean effective pressures at 2000 RPM at knock threshold condi-
tions.

E.2.2 Optimal engine work

This section presents the results for the optimal engine work values at 1000, 1250,

1500, 1750, and 2000 RPM. Figures E.6-E.10 present these results for all studied engine speeds.
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These figures indicate how much work was developed by the complete DISI engine

system under the influence of the compressor and/or turbine. It is noticed that all cases at

r = 12 operate under supercharging/turbocharging conditions. In addition, the compressor

in these cases required a higher amount of energy than the turbine can offer. The limiting

condition for the turbocharging operation is the low exhaust pressure (Pexh) assumed in the

simulation process, which constraints the level of expansion on the turbine. Still, the turbine

reduces the amount of power required by the compressor to allow the engine to operate on the

desired conditions. Another detail worth mentioning is the case 46 (20% water and r = 18),

which develops an equivalent amount of energy per cycle than case 2 (anhydrous ethanol and

r = 12), besides allowing turbocharging operation to get an extra power to the engine system.

Figure E.6 – Optimal engine work with supercharging/turbocharging at 1000 RPM at knock
threshold conditions.
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Figure E.7 – Optimal engine work with supercharging/turbocharging at 1250 RPM at knock
threshold conditions.

Figure E.8 – Optimal engine work with supercharging/turbocharging at 1500 RPM at knock
threshold conditions.
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Figure E.9 – Optimal engine work with supercharging/turbocharging at 1750 RPM at knock
threshold conditions.

Figure E.10 – Optimal engine work with supercharging/turbocharging at 2000 RPM at knock
threshold conditions.
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